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FOREWORD

This report was prepared jointly by the Lockheed-California Company,
Burbank, California and the University of Dayton Research Institute, Dayton,
Ohio for the Structural Integrity Branch, Flight Dynamics Laboratory, Air
Force Wright Aeronautical Laboratory, Wright-Patterson Air Force Base, Ohio
under contract F33615-81-C~3213, "Aerospace Structures Technology Damping
Design Guide."” Mr. V. R. Miller of the Structural Integrity Braach was the
Project Engineer. Dr. J. Soovere of the Lockheed-California Comapny was the
overall Program Manager and Mr. M. L, Drake was the Program Manager for the
University of Daytou. The authors wish to acknowledge the contribution to this
report provided by Mr. M. Bouchard, Dr. M. Soni, Mr. M. F. Kluesener,

Mr. R. Nash, Mr. R, Dominic, Mr. P. Graf, and Mr. D, M. Hopkins from the
University of Dayton, and by Mr. M. A. Gamon from Lockheed-California Company.

This report consists of three volumes. Volume I provides a summary of
the current technology in the application of viscoelastic damping, Volume II
is the design guide for viscoelastic damping applications, and Volume III

contains the damping material data for use with Volume II.

The dampin material data in Volume {II are presented in a simplified
format, suitahble for use by designers. All of the damping material data are
believed to be accurate, but no guarantee of accuracy or completeness is made.
No responsibility is assumed for changes in these data duc to batch-to-batch
variation in the commercially manufactured damping materials. The damping
material data should be verified independently under the proposed operating

conditions, for each damping material, prior to its use.
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SECTION 1

INTRODUCTION

This volume is the user-oriented damping design guice. It is intended to
he used, together with the damping material data in Volume III, for purposes
of developing viscoelastic damping applications that will reduce resonant
vibrations to acceptable levels. The design of these viscoelastic applications
requires a prior knowledge of vibration analysis. A brief introduction to
vibration and vibration analysis is given in Section 2 for completeness to-

gether with references for further reading.

Since it is very difficult in general to anticipate vibration problems, a
brief overview of circumstances which could lead to vibration problems is given
in Section 3. A brief guide to the selection of the three primary viscoelastic
damping treatments is contained in Section 4 together with the general approach
to developing a damping treatment. The design equations and computer programs,
useful in conducting preliminary analysis are given in Section 5. A discus-
sion on the use of finite ¢.oment analysis for more complex design problems is

also included in Section S.

An cxample problem, worked examples and case histories of successful appli-

cations of viscoelastic damping technology are given in Section 6. These worked

examples are intended to illustrate the use of the design equations. The case
histories are intended to indicate the broad range of application of this

technology.

Other design considerations are discussed briefly in Section 7. The data
in Scction 8 represent a summary of typical damping levels in structures.
These damping levels should be used as a guide when developing the viscoelastic
damping application, for the structure under consideration, in the absence of
measured damping data. Section 9 contains useful material and elastic proper-
ties for typical aerospace materials, including advanced composites. A list
of metric units and symbols, a U.S.-to-metric conversion table, a list of com-

mon prefixes and the Greek alphabet are also included in Secticn 9.
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SECTION 2
VIBRATION PROBLEMS AND ENVIRONMENTS

2.1 INTRODUCTION
Technological advances made over the past few decades, both in analytical
methods and in the application of new materials, have resulted in the develop-
ment of more efficient acrospace structures, as reflected in the lower weight
of these structures. These advances have often been made in the face of
increases in the level of the vibration enviromnment brought on by the quest
for higher performance. ‘The design of space structures, for example, is domi~
nated by their dynamic response to vibration environments. The net result is
that greater attention is now being focused on vibration related problems.
The c¢ven greater demands being placed on technology, especially space tech-
nology, requires that resonant vibration problems be solved during the design

phasc.

2.2 GENERAL DLSCUSSLION OF FACTORS CONTRIBUTING TO VIBRATION PROBLEMS
lL is not easy to identify all of the vibration problems during the

design phasc. Sometimes vibration problems are encountered because of inaccu-
racicr in or difficulties with model ling the structure. More often than not,
vibration problems can be attributed to parameters in the analytical process
thac arce difficult to establish during the design phase. Instead, estimates
based on prior experience arc often used that cannot be verified, until tests
are conducted on the actual hardware. Even with the testing, it may be diffi-

cult to simulate the actual vibration environments encountered in service.

An example of such a problem area is the nonlinear dynamic behavior of
many current unmanned satellites. As the excitation is progressively

increased, bolted joints, including those supporting appendages, begin to




slip at different excitation levels. The result is a progressive lowering of
the resonant frequencies accompanied by a progressive increase in the damping
of the modes, the latter due to increasing f{rictional energy loss in the joints,
as more joints begin to slip. During launch, and later at maximum dynamic
pressure, the satellite within the rocket will be subjected to multiaxial ran-
dom vibrations, superimposed on an increasing rocket acceleration force.
Solutions to this type of a problem require a lot of testing to identify all

of the potentially critical modes and the use of procedures in which the
structural model is adjusted analytically to improve the match with the mea-
sured vibration response. Even this difficult problem can be overcome as

witnessed by many successful launches. However failures do occur occasionally,

Similar nonlinear behavior has also been encountéred, to a fuch lesser
extent, in ground vibration testing of aircraft conducted as part of a flutter
study. However, flutter, or flow induced structural instability, is basically
a linear vibration problem. Another example, where similar nonlinear struc-
tural vibration response could be encountered in the future, includes the large
truss type space structures when assembled with clip-on types of joints.

The damping in these structures would be determined by the frictiom losses
generated in these joints. With rigid joints, the vibration response would
be linear but the damping would become very small, comparable to the basic
material damping, if other means of increasing the dapping are not used. Most
other vibratioa problems are confined to smaller struélures that usually do not

require such complicated analysis.

The vibration amplitudes at resonance and therefore the dynamic stresses
within the structure arc limited only by the level of the damping in cach of
the modes. Of all the parameters affecting the vibration response of struc-
tures, only damping has defied theoretical definition and must be determined
entirely by measurement. Generally, the damping in structures is duc to
energy loss from such mechanisms as material damping, acoustic radiation, gas
pumping in joints, joint friction and structureborne energy loss to the sur-
rounding structure. For space structures, the energy loss is coufined to
material damping and joint friction, and for some local modes, also Lo trans-

mission to the surrounding structure.
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The wide range of cnergy loss mechanisms, their general unpredictability,
and data reduction errors in measuring the damping are considered to be
responsible for the large scatter observed in the measured damping data. This
large scatter in the damping data is also considered to be one of the main
sources of error in vibration response prediction. Structures with low damping

are especially prone to vibration problems.

In gencral, integrally stiffened graphite/epoxy panels, integrally
stiffened metal panels and welded structures such as engine inlet guide vanes
are typical structures that may exhibit very low damping, since the damping is
duc primarily to material damping and acoustic radiation. Recently, acoustic
radiatiocu has been shown to contribute more to stiffened panel damping than
origi.sally thought. Consequently, care must be taken in selecting the dimen-
sions of the bays in multibay test pancls since.dimensions can affect the
acoustic radiation. Acoustic edge conditions are also important in these panel

tests.

The remaining parameter to be considered is the vibration enviromments.
These environments can be divided into two classes. The first involves envi-
ronments that do not produce damage but nevertheless may produce vibration
problems. For example, turbulent boundary layer excitation of fuselage struc-
ture is the main source cf interior noise prcblems in jet aircraft. Also,
cooling {low through snecial lenses represcnts another source of unwanted low
level excitation. In general, vibration problems can be expected to occur
when specifications call for either unusually low vibration levels cr extremely
high pointing accuracies. The other class of vibration environments contains
sufficient excitation erergy at one or more o:; the structural resonances to
drive the structure, or equipment attached to the structure, beycad its design
requirements or capabllity to sustain such an cuvironment. Examples of such

envirommoenls ares

e joet engine and rocket exhaust woise and assoclated structureborne
vibration

e fan blade gencerated noise in cngine intake ducts




e pressure fluctuations produced by separated ‘low on wing surfaces
during high Q maneuvers and shock wave induced flow separation

® pressure fluctuations aft of protrusions such as dive brakes and
spoiiers and due to base flow

® jet exhaust and wake impingement

o shock wave oscillation

e flow induced cavity noise

o propeller noise and propeller tip wakes

® blast pressure from armaments

Therefore, one of the more important steps in preveating vibration prob-
lems involves establishing the actual cnviromment that the structure or
equipment is exposed to. Included in the definiction of such an environmeant
are: the total excitation energy expressed in terms of the overall or root
mean square (rms) excitation level; the distribution of this cnergy over the
frequency range expressed in terms of the gpectrum or power spectral density
(PSD); the distribution of the energy over the surface of the structure or
within the structure in successive frequency bands; the directivity rvistive
to the siructure; the normalized narrowband cross correlation characteristics
which determines the degree to which the excitation couples with the vibration
modes of the structure; and the duration. With random cxcitation, the power
spectral density of the excitation at the structural resonant frequencies is
more useful for calculating the structural response than knowledge of only the
overall level, unless ¢mpirical data have been developed based on that parameterx
alone. The overall level does, however, provide an indication as to the severity

of the environment.
A lot of effort has been expended over the many deciades to develop much

of the above data for the vibration environments encountered in the acrospace

industry. In spite of all these efforts, accurate estimace of the actual
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vibration environment can only be obtained by measurement on or within the
actual structure. Since random processes are involved many measurements are
required to establish suitable confidence limits to the measured data.
Conscequently, errors in these environments are another factor contributing to
vibration problems., In the absence of test data, the vibration environments
to be used in che design and testing can be found in military standards

such as M1L-8TD~-810D.

ivaluation of the capability of any structure to withstand a particular
level of dynamic stress requires the availability of appropriate fatigue data
for such structure. These fatigue data can only be obtained by testing. 1In
sonic fatigue, these data take the form of random rms stress or strain curves
plotted as a function of average cycles to failure, for each of the critical
components in the structure. Again since random processes are involved,
the random fatigue curves must be based on sufficient data points to establish
confidence limits. Ofcten the random fatigue data are not available and must

be derived from corresponding sinusoidal reverse bending data.

Any method developed for predicting the dynamic response of structures
to the above envirommeats must take account of the scatter in all of the pre-
viously described parameters. Often, a compromise must be made between an
acceptable risk of tailure and weight penalty. Any resonant vibration prob-
lems that are encountered can, in general, be solved by beefing up the struc-
ture to increase its stiffness, changing the structural stiffness to detune
the resonant vibration mode, or by increasing the damping of the structure,
either actively or passively. Any critical equipment mounted to structure
can be vibration isolated, actively or passively, to reduce the vibration
input. On rarce occasions, it miy also be possible to reduce the vibration
cavitomment such as the Flow induced acoustic cavity modes by the use of

. spoilers or the buzz saw noise in engine intake ducts by perforated liners
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Viscoelastic (passive) add-on damping has been used to solve vibration
problems in structures where it has been difficult to change the basic design.
The reduction in the resonant vibration stresses achicved by this means has
cften exceeded that possible by increasing the stiffuwess of the structure
(Figure 2.1), for the same weight penalty. Ilutegrally designed damping offers
even greater potential for reducing the vibration stresses, with much lower
weight penalties. The cost of this technology will also be minimized if

applied at the design stage.

2.3 VIBRATION ENVIRONMENTS

This section contains a brief summary of typical vibration environments
encountered in the aerospace industry. The purpose is to provide an indication
of the nature and severity of such environments. More information abour these
environments are contained in References {2.1] to [2.5] and methods for
estimating these environments are given in References [2.6] to [2.18]. These
environments are expressed in terms of decibels (dB), rms pressure or the

dynamic pressure. The relationship between tiese prrameters are given in
Sezction 2.4.

2.3.1 Jet and Rocket Noise

Rockets in general produce much greater acoustic power than turbojet
engines because of their much higher exhaust velocities. The maximum overatl
sound pressure level (0OASPL) Lw dB produced by the rockets, turbojets and model
jets is plotted [2.1] in Figure 2.2 as a function of the modified Lighthill's
parameter La given by

2.1)
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A is the characteristic jet or rocket area (=ﬂDc/4)
V is the characteristic jet or rocket velocity
a_  is the amblent speed of sound in the surrounding air

p is the ambient density of the surrounding air

The characteristic velocity, Vc, is equal to the speed of sound, a, in the
throat of the exhaust nozzle, for sonic and supersonic flow velocities, at a
flow temperature T. The characteristic diameter, Dc’ of the rocket exhaust

flow Is given by

- 2 \y/y-1 _p_|1/2
Pe =P [(Y-H) T;] @.2)

where D i3 the diameter of the throat for rockets and the jet exhaust diameter
for turbejets, v is the ratio of specific heats for the exhaust flow, p is the

total pressure at the rocget throat and P, is the atmospheric pressure.

The maximum overall sound pressure level Lw of these jets can be expressed

by the relationship (2.1

= . -5 L] . N
L, =10 log,  § 5107 « L« F(@) (2.3)

where F(T) is a correction factor for temperature, illustrated in Figure 2.3,
that was introduced [2.1] to produce a better (it of the rocket data in

The typical spectrum shape of the rocket and turbo-
All of the

Figure 2.2 to the theory,
jetr noisce, at the maximum noise level, is illustrated in Figure 2.5,
test data coltapse onto a single curve when plotted against a Strouhal number

S given by

2-9




200‘

0.3

F(F)
0.2

o e s

e e Wl R

APt v mamenars Sty RS

LIS A PRPNPE o  WAIY A VB

W ¢ auenet A v antey $r® = Al PRSI e Saarin 45 4 R 8

Figure 2.3.

500 1000 3000
Tcn!perqtqn %

Correctior factor to overall sound pressure
level due to exhaust temperature.

2-10

g b




10

o,
'u
e
oo 0 =
?:)
(-]
o
-l
[—]
= -10 o
3
-
[}
h -]
2 -20 b~
o |
w
>
w
b
2 a0
[-
[
[ & ]
g
40 [ 1 I |4 ] i |
0.02 0.05 0.1 0.2 05 1.0 2 5 10

DIMENSIONLESS FREQUENCY - D a/(Va )

Figure 2.4. Typical spectrum shape for rocket and
turbojet noise.

(2.4)

where ' is the frequency.

The acoustic power that the structure is exposed to is usually less than
the maximum OASPL produced by the engines, especially for rockets. This
result is due to the dircctivity of the nolse radiation patterns [2.1] as
illustrated by the free-ficld equal-level noise contours in Figure 2.5. The
highest souad pressure levels occur downstrean. of the exhaust nozzle. Also,
an uninterrupted jet flow of at least 10 to 30 diameters downstream is required

for jet and rocket engines, respectively, to develop the maximum noise leveis.
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The presceuce of aircraft structure affects the noise coatdurs and could
Inervase the noise level by as much as 6 dB over the free field level
depending on the directivity of the noise propagation relative to the structural
surfaces. The rise in the maximum overall sound pressure level on aircraft
surfaces [2.19], over the past two decades, is illustrated in Figure 2.6
together with an estimate for the threshold noise level for acoustic fatigue
damage.  The presence of the ground, especially for vertical takeoff aircraft
[2.8] and the launch pad configuration [2.1, 2.9] will also affect the noise

level contours, often substantially increasing the noise level on the structure.

Near—field noise adjacent to the exhaust flow boundary (Figure 2.5)
is responsible for producing many of the sonic fatigue failures encountered
on aireraft. The spectrum shape of the jet noise is a function of frequency
and the location of the measuring point relative to the jet nozzle exit. The
exponent of the characteristic velocity in equation 2.1 can vary substantially
(2.6, 2.7 and 2.18] from its theoretical value of 8 in this region. For these
reasons, the noise levels on the surfaces of the structure are usually measured
in octave frequecy or third-octave bands using a scale model of the aircraft
[2.20] or space vehieles [2.21]1 in which the geometry ana the exhaust conditions
have been accuracer. -oproduced. Typical accaracy that can be achieved by
the use of models is . llustrated in Figure 2.7 for a B-52 aircraft [2.20], in
this instance depicting reductien in noise level achieved with a noise
suppressor, aud in Fignre 2.8 for the cargo bay door on the space shuttle [2.21].
Mode! data are generally used for preliminary design of the structure. Such
data are, usually, supplemented, at a later date, by noise measurements on

actual airceraft or spacecraft to verify the design levels.

The maximum OASPL is developed by the jet and rocket engines during takeoff
and launch, respectively, although substantial noise levels can be also
produced by the usce of reverse thrust during landing, on different parts of the
airerart structure. The design duration at maximum takcoff and reverse thrust
power could be hundreds of hours over the 1ife of the aircraft, whercvas the

duration is measured in scconds for rockets.
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2,3.2 Structural Vibration in Aircraft and Rockets

The jet and rocket noise produces vibrations in the structure of the
aircraft and rocket, respectively, that can affect the reliabilicy of equipment
or payload mounted in these structures. In gencral, the takeoffl noise
environment produces the highest vibration levels in the cquipment mounted
within the aircraft structure. Similarly the launch, which includes both the
liftoff and the region of maximum dynamic pressure during ascent, represcents
the most critical vibration environment for the payload of most rockets,
including the space shuttle. However, the highest aeroacoustic loads on the
space shuttle are actually encountered during reentry [2.21]. The vibration
levels are obtained by measurement during ground and flight tests on aireralt
and during captive engine firing or launch with rockets. For design purposes
the vibration levels are estimated based on prior vibration measurcments on
similar vehicles. The various methods used in predicting thesce vibration
levels are discussed in References (2.5}, [2.13], [2.14} and [2.15]. In the
absence of such data, the equipment mounted in these structures is required to

meet test specifications such as these in MIL-STD-810D.

The first measurement of vibration levels was made by Mahaffey and Smith
{2.22] on aircraft such as the B-58. The noise levils on the surface of the
aircraft and the vibration levels on the structure were measured in octave
bands such as illustrated in Figures 2.9 and 2.10, respectively. The noise
levels in Figure 2.9 are cxpressed in dBs while the acceleration levels in
Figure 2.10 are expressed in zero to peak g's, where g represents the accelera-
tion due to gravity, since only sinusoidal qualification tests were performed
in those days on equipment. The measured rms accelerations were multipliced
by a factor of 3.3 ip the conversion to zefo-to—peak accelerations.  The

vibration levels cort- .ate wel ‘th the sound pressure levels.
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Currently, because random vibration qualification testing capability has
been developed, it is customary to present the vibration data in terms of the
acceleration pover spectral density, expressed in g rms squared per Hertz,

It 1s also customary to divide the aircraft into zones based on the noise level

on the structure and combine the vibration measurements within each zoue.

A typical acceleration power spectral density, measured within the rear
fuselage zone of a large military transport aircraft during takeofl is
illustrated in Figure 2.11. Also included in the fipure are predicted
confidence limits based on extrapolated vibration data from other similar

class of aircraft.

The highest vibration levels in rockets are encountered in the structure
closest to the engines during liftoff [2.1, 2.3]. The payload usually
experiences the lowest vibration levels during liftoff {2.3] since it is
usually mounted on top of the rocket, furthest from the rocket engine. Tlie
payload is subjected to significant acceleration levels also during ascent
due to aerodynamic pressure fluctuations which, gcncra}ly, reach a peak
during maximum dynamic pressure [2.1, 2.3]). These results are illustrated
in Figures 2.12 through 2.14 which summarize some of the cvarliest vibration
data [2.1) measured on rockets. The acceleration levels in the payload arca
are a function of the rocket launch weight, being lower for the heavicer
rockets. Currently, the acceleration measured on rocket structure is prescented
in the form of narrowband power spectral deuasity in (grms)zlﬂz as a function
of frequency, as illustrated in Figure 2.15 with data obtained from a Titan 1
missile.

Both vertical and lateral accelerations are encountered simultancously
on rocket structure {2.3] during both liftoff and at maximum dynamic pressure.
The overall vibration levels on the space shuttle cargo bay area are typlcaily
in the region of 12 to 15 g's rms. Multistage rockets are also subjected to

separation transients which can be quite sipnificant in magnicude {2.73].
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2.3.3  Acrodynamic Fluctuating Pressure Environments

Aircraft amd rockets are subjected to a range of fluctuating pressure
civironments during f1ipght and ascent, respectively. The highest levels are
usually encountered at maximum dynamic pressure . A summary of these environ-
ments |2.21 and typical levels encountered on various parts of a large rocket
are contained in Figure 2,16, The fluctuating pressures are expressed in

terms of /q where P FeRTesents the root mean square (rms) of the

l,t:ms
fluctuating pressure and q is the dynamic pressure. The Prms/q values appli--
cable to aircraft, together with the corresponding power spectral densities and
convection velocities |2.7], are summarized in yablc 2.1. Since the aircraft
surfaces are generally much smoother than rocket surfaces, the prms/q ratio

for the attached turbulent boundary layer (TBL) on aivceraft is typically
around 0,006 at low Mach numbers.  For separated flow at a Mach number of 0.9,

the Prm*/q ratio iy around 0.1, ‘This racio, at the above Mach number and an
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altitude of 10,000 feer (3050 m), translates into an overall sound pressuve
level of 166 dB. High q maneuvers, involving large angles of attack, could
produce flow separation over the wings with excitation levels high cnough to

produce failures in the lightly loaded wing panels near the wing tips.

In genexal, the fluctuating pressures do not excite panel type structures
as efficiently [2.14]| as an acoustic progressive wave, travelling in the
flow direction, at and below the panel fundamental mode froequency, fn
(Figure 2.17). As a rule-of-thumb, 5 dB can be subtracted from the
fluctuating pressure level at this frequency to obtain the cquivalent
acoustic excitation level. The opposite is true at higher frequencies, where
the pressure fluctuations excite the higher ovder pancl modes with greater

efficiency (Figure 2.14). This behavior is due to ditlerences [2.6] in bhoth
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the spectral decay of the narrowband cross-correlavion functions and the
convection velocity between the flow induced pressure fluctuations and
the rocket/jet noise. ¢ flow induced pressure fluctuations propagate at
0.6 to 0.9 times the free stream velocity for attached flow in comparison to

the local speed of sound for the acoustic excitation.

The preséure fluctuations are often measured during the design phase
by merans of accurate scale models in wind tunnels [2.21, 2.23]. The model
pressure fluctuations, in general, provide a very good estimate of the pfessure
fluctuations measured on the actual structure during flight, as illustrated in
Figure 2.18 for the spuace shuttle, and in Figure 2.19 for a C-141 aircraft
with perforated spoiler deflected flow [2.24].

The region of flow scparation behind blunt bodies, dive brakes, flow
spoilers and the blunt body termination in rockets and reentry vehicles is
known as base flow. The rms fluctuating pressure level Pros’ acting on the
base structure due to the base flow, can be calculated [2.7] in terms of the
base static pressure p, and the Mach number Mb of the adjacent flow just outside

b
the wake, from the following cquation

2
p 0.01 M
rms _ b > (2.5)
Py 1+ 0.04M

The following relationships are assumed in the above equation

2 2
U= Gy =20 V=% op My (2.6)

(14

where q  is the free stream dynamic pressure which is assumed to be equal
to the base dynamic pressure qb, and Vb is cthe velocity of the flow just
outside the wake. The corresponding power spectral density S(£) of the base

excitat.ion can be calculated from
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levels, produced by pressure fluctuations at the carge
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where D is the diameter of the blunt base.

2.3.4 Flow Induced Cavity Oscillations
High-speed flow over cavities in aircraft and rockets surfaces produces a

high level acoustic enviromment within the cavity consisting of discrete fre-
quency spikes superimposed on lower level broadband noise (Figure 2.20). These 1
discretc frequencies, which are the acoustic resonant modes of the cavity, have
produced sonic fatigue failures in the structure surrounding the cavity. For
shallow cavities, with length to width (L/D) ratios greater than 2, the frequen-

cies of these acoustic modes can be predicted with reasonable accuracy [2.6] by |

the following equation

£ =% : (n -Ho.zs) _ 23 (2.8)
R +1.75
a +Ghuhy!/2

where f“ is the frequency of the nth mode, U and M represent the free stream
velocity and Mach number, respectively, 1. is the cavity length and v (=1.4) is
the ratio of specific hcats of air. For deep cavities (L/D < 2), the following

equation can be used to predict the frequencies of the first three modes.

n

_(2a-1) (e} L
£ _( - (D) n=1,2,3 (2.9)

where ¢ is the speed of sound in the air and D is the cavity width.
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the noise levels vary with both position within the cavity and altitude,
in addition to the above flow parameters. Methods for predicting these levels
are containcd in References {2.7] and [2.11]. These methods are basically
empirical in nature. Consequently, the best method of obtaining the actual
levels is to measure them either by means of gscale model tests in a wind tunnel
or on the actual hardware during flight tests. The noise levels in Figure 2.20
were obtained by such model tests {2.11] using both an empty {clean) cavity and
one that included model missile clusters (cluttered) within the cavity.

The discrete frequency modes can be suppressed by the use of a variety of
devices [2.10, 2.11] including perforated spoilers [2.23), usually at the
expense of increasing the broadband noise. The model tests also praovide a

means of investigating the effectiveness of such devices [2,11].

2.3.5 Flow Impingement

High fluctuating pressure levels are generated when the jet exhaust
impinges on a control surface edge or a flap. Typical fluctuating pressure
levels, measured on the surface of externally blown three [2.6] and two flap
{2.25] models directly behind the jet exhaust are summarized in Figures 2.21
and 2.22 respectively. The fluctuating pressure levels are expressed in dB's
in Figure 2.21 and in terms of Prmg divided by the dynamic pressure ¢ in Fig-
ure 2.22. The prms/q ratio of 0.066 to 0.126, directly in line with the jet

exhaust, is comparable to that measured on rockets due to flow impingement

(Figurc 2.16).

The one-third-octave band spectra corresponding to the levels in Fig-
urc 2.22 arc illustrated in Pigure 2.23. The one-third-octave band fluctuating
sound pressure levels have been normalized through division by the square cof
the dynamic pressure, and plotted against the nondimensional Strouhal number
D f/U where D is the bypass jet diameter, f is the frequency and U is core jet
flow velocity. The above measurements were made for jet flow Mach numbers
between 0.52 and 1.069, Significant acccleration levels can also be encountered
on the {laps as f{l1lustrated in Figure 2.24 wherc the acceleration, in terms of
B s is plotted against jet flow Mach number.
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Upper surface blowing can produce overall fluctuating pressure levels on
the adjacent fuselage structure of up to 160 dB. The levels on the curved
flap can reach as high as 165 dB behind spoilers. These levels are discussed
in more detail in References [2.6] and [2.12].

2.3.6 PFan Noise in Engire Inlet Ducts
The advent of the high by-pass ratio turbo-fan engine has been accompanied
by a rapid rise in the noise level produced by the fan inside the engine intake

duct. The intake duct noise has reached an intensity sufficient to produce
failures in the intake duct structure. The noise field within the duct tends
to be quite complex involving both duct acoustics and the pressure pulses gen-
erated by the blades.

The intake duct noise environment is a function of the fan diameter. the
fan RPM, the fan blade tip Mach number and the density of the air. At low fan




speeds, the acoustic energy is concentrated at the fundamental blade passage
frequency and its higher harmonics, as illustrated [2.18] in Figure 2.25 for a
TF~34 engine, 8.3 inches (211 mm) from the fan face. The corresponding noise
field acting on the duct structure, can be visualized as the sum of lobed cir-
cunferential pressure patterns, containing a predominant single positive and
negative lobe per blade. These lobes are in phase throughout the length of
the duct and rotate at the fan RPM. The intensity of the noise field decays

rapidly with distance from the fan face.

When the blade tip speed exceeds Mach 1, shock waves with large crest
factors are generated necar the leading edge of the blades. The small differ-
ences in the geometry in cach of the blades, produce shocks of unequal strengths.
The stronger shocks travel faster than the weaker shocks whick results in a
progressively irregular circumferential pressure pattern, spiralling upstream
at the fan RPM. The angle of the spiral increases with blade tip Mach number.
The acoustic pressure falls off initfally, within one blade chord with the
inverse of the distance from the fan face raised to the power of one half and
thereafter as the inverse of the distance. In long ducts a further change in

the decay rate has been observed.

The spectral content in the fan noise is characterized by discrete fre-
quency spikes at multipies of the individual blade rotational frequency, com-
monly referred to as buzz-sa~ 7T 'gure 2.25. Once the blade tip speed exceeds
Mach 1, propagation becomes ::.«.ible at frequencies below the fundamental blade
passage frequency. Each of t . nuzz~saw components has its own critical blade

tip Mach number which must be exceeded if propagation is to take place.

The spectral content of the fan noise is dependent not only on the fan RPM
but also on the variation of the speed of sound with temperature and, therefore,
with altitude. The propagation of the first few buzz-saw components is only
possible at altitude. Because of the differences in blade gecmetry from engine
to engine, no two engines will have the same spectral content in the fan noise.
1f the bladc tolerances can be improved, the spectrum level of the buzz-saw com-
ponents will be considerably reduced and the noise energy will be concentrated

more at the blade passage frequency and its higher harmonics.
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Figure 2.25. Typical narrowband spectra of intake duct famblade
noise at both subsonic and supersonic blade tip spceds.

Typical levels, measured {2.18] at various locations on the surface of
the intake duct with flush mounted microphones, are illustrated in Figurc 2.26
as a function of the fan revolutions per minute (RPM). The peak noise level
occurs just below maximum fan RPM. The highest sound pressure level is
encountered just ahead of the fan face. Since the closest measurement in
Figure 2.26 of 175 dB OASPL was taken 5.625 inches (159 mm) from the fan face,
it can be anticipated that the sound pressure level closer to the fan face
can exceed 180 dB.

2.3.7 Propeller Noise

Propeller noise represents a significant scurce of discrete frequoncy
excitation to the aircraft structure. Since most propeilers operate at sub-
sonic blade tip speads, the acoustic energy is concentrated at the blade pas-
sage frequency (number of hlades multiplied by the number of rovolutions per

second) and its hicher harmonics. The highest noisc levels arce encountered at
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the biade passage frequency which is typically around 68 Hz for a large four-
eugined transport aircraft with constant speed four-bladed propellers.

Methods for predicting the propeller noise are summarized in Refer-
ence {2.18]. The propeller noise level on the aircraft fuselage structure is
a function of the shaft horse power (Figure 2.27), the number of propeller
blades, blade tip Mach number, separation distance from the fuselage to blade
tip, pressure ''doubling" effect of the structure and distance from the pro-
peller plane since the maximum noise levels are encountered in the propeller
plane. Each of the above parameters produces a correction factor {2.18] that

needs to be applied to the basic noise level in Figure 2.27.

Advanced sculptured propeller blades, with up to eight blades per propeller,
are currently being studied for potential use on aircraft flying at spceds
approaching Mach 0.8. Of all the potential configurations, contra rotating
pusher propellers with sculptured blades appears to be attractive from many
design considerations. However, this configuration is expected [2.26] to
produce the highest noise levels on the structure. Noise levels of 165 dB in
the vicinity of the propeller plane and unique pressure distribution patterns
along the fuselage will probably be encountered. The highest noise levels may
be in fact encountered during flight at cruising altitude, where the blade tips
reach the highest Mach number, rather than at takeoff.

2.3.8 Over-pressure from Gunfire

The over-pressure produced by gunfire is a source of structural excitation
in the vicinity of the nozzle. The magnitude of the loading depends on the
weapon characteristics. Methods for estimating the vibration environment
produced by the gunfire is given in References [2.6] and [2.7].

2.4 SOUND PRESSURE LEVEL CONVERSIONS

The overall sound pressure level, the level in octave and one-third-

octave bands and the level in a narrow band spectrum, which is not divided by
the analysis bandwidth, are usually expressed in dB. The narrow band spectrum
is used to present the data when both discrete frequency and broadband random

noise are present in the spectrum. Alternatively, when the noise is broadband
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random, the noise can be presented in the form of power spectral density (PSD)
expressed in dB/Hz. The PSD is obtained by means of narrow band analysis in
which the sound pressure level in each band is divided by the analysis bandwidth.

In order to apply these noise levels, it is often necessary to convert the
noise levels from dB or dB/Hz into rms sound pressure or rms sound pressure
squared per Hertz, respectively. This conversivn can be accomplished by the
use of Figure 2.28. For example, an overall sound pressure level of 170.75 dB

3

converts into an rms pressure level of 1 psi or 6.9 x 10 N/mz. The equations

for these conversions are

SPI. dB = 20 {Locloprms}-+ 170.75 (2.10)

when Prms is expressed in psi, and

SPL dR = 20 {Loc pms} + 93.98 (2.11)

10

when Ppyg 18 expressed in N/mz.

In order to convert the PSD of 130.75 dB/Hz into sound pressure in psiZ/Hz,
first econvert 130.75 dB into psi rms and square this number. Therefore
130.75 dB/Hz is equivalent to (.01)2 psizlﬂz = ,0001 psiZ/Hz‘

Often the sound pressure level is expressed in octave or one-third-octave
bands. A standard set of these bands are summarized in Table 2.2. These bands
are defined by the following relationships:

-# Octave band:
center frequency f
upper frequency limit £ V2
lower frequency limit £ V2/2
bandwidth - At £ V2/2

® One-third-octave band
center frequency £

upper frequency limit f:'(Z)l/6
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TABLE 2.2. CENTER AND APPROXIMATE BAND FREQUENCIES FOR STANDARD
SET OF OCTAVE AND ONE-THIRD-OCTAVE BANDS COVERING
THE AUDIO FREQUENCY RANGE
Frequency, Hz
Octave One-third octave
Lower Upper Lower Upper
band band band band
limit Center Timit limit Center fimit
1 16 22 14.1 16 17.8
17.8 20 22.4
22.4 25 28.2
22 31.5 4l 28.2 31.5 35.5
35.5 40 b4y.7
\ 4.7 50 56.2
b4 63 88 56.2 { 63 70.8
70.8 80 89.1
89.1 100 112
88 125 177 112 125 14
141 160 178
178 200 224
127 250 355 224 250 282
282 315 355
355 400 h&7
355 500 710 L7 500 562
552 630 708
1 708 800 891
710 1,000 1,420 891 1,000 1,122
1,122 1,250 1,412
4 1,413 1,600 1,778
1,420 2,000 2,840 1,778 2,000 2,239
2,239 2,500 2,818
2,818 3,150 3,548
2,840 4,000 5,680 3,548 4,000 4,487
4,467 5,000 5,623
5,623 6,300 7,079
5,680 8,000 11,360 7,079 8,000 8,913
8,913 16,000 11,220
11,220 12,500 14,130
11,360 16,000 22,720 14,130 16,C00 17,780
5 17,780 20,000 22,390
;
b
i
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lower frequency limit f(2)-'1/6
bandwidth - Af el@/6 - (2716

The octave or the one-third-octave levels, G(f), in dB, can be comverted

into average power spectral density, G(f), in pimluz, by
(1) converting G(f) into sound pressure prms(f) using Figure 2.28

. : 2 _
(2) then G(f) in Prms/Hz is simply

G(E) = pims(f)/Af (2.12)

where Af is the octave or one-third-octave bandwidth. Alternatively, the

octave or one-third-octave level in dB can be converted to average power spec-
A

tral deansity G(f) in dB/Hz by the following relationship

G(0) = G(F) - 10 10 o Of (2.13)

1

The 10 Loclo Af term can also be obtained from Figure 2.29.

The octave and one-third-octave levels can be converted to overall sound

pressure levels by the following procedure:

6lfy)
Git,)
OCTAVE
OR 6it,)
ONE-THIRD-OCTAVE
LEVEL
~d8
i 1 ) .
Y f2 f3
L0G FREQUENTY
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(1) Convert octave or one-third-octave levels Ekfl), Ekfz), Ekfs), ces
o0 . 8
to p_ . levels, that is p(fl), p(fz), p(f3). ... using Pigure 2.2

(2) The OASPL in dB = 10 LOGlo(pz(fl) + pz(fz) + p2(f3) + )

The overall sound pressure level in dB can be calculated from the power

spectral density G(f) in dB/iz by the following procedure:

G((‘)-

6(i,)

Gity)

r——

I
D . -
DENSITY |
Glf) ‘ ' |
d8/Hz ¢ Ofy e l ' ' l
-uh-dﬁT-A-—{ : I :
|
o 81— | |
| | I I
N L1 . | | -
" "2 FREQUENCY

(1) Select suitably small bandwidths Af , Af, , Af., ... with center
frequencies f,, f2, 53. ... such that spectrun does not vary toco s
much within tﬁe band.

(2) <Convert each corresponding PSD levels G(f,), G(fz), G(f,)s ooe
into Prms’ that is p(fl)’ p(fz), p(f3), +++ using Figure 2,28,

(3) The OASPL 1n dB = 10 10G, (pz(f}). at, + pR(E. A, + pz(fB). Af 4. ..)

1 3
Aerodynamically produced fluctuating pressures are often expressed in
rerms of prmslq, where q is the dynamic pressure. The dynamic pressure for a
standard atmosphcre is given in Figure 2.30 as g function of both altitude and
Mach number. Usiung the dynamic pressuve from Figure 2.30, and knowing the prms/

q ratio, the root mean square fluctuating pressure, P’ Can be readily calculatedﬂ
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SECTION 3

STRUCTURAL VIBRATION RESPONSE EQUATIONS

3.1 INTRODUCTION

The purpose of this section is to provide a list of equations describing
the vibration response of simple structures for quick reference purposes.
These equations include expressions for the natural frequency, the mode shape
and the vibration response to harmonic and random excitation, taken from
existing literature. Graphic representation is also used in some ingtaunces.
The tynres of structures included in this list are the damped spring mass
system, beaws, plates and shells. The intention is to provide equations
compatible with the equations available in Saction 5, for use in the
preliminary design of damping treatments.

.nu:- .re many References [3.1, 3.2, 3.3] for describing the vibration
respcuse of beams, plates and shells. The intention is not to include all of
the equations contained in even these few references. The equations in this
section have been sgelected on the basis of simplicity and include
approximations to more accurate but also wore complex equations. Even complex
structures can be analyzed by simple equations or even modeled by lumped
mass-spring systems. For cxample, the edge conditions for flat and curved
plates, stiffened by open section stringers and frames, fall somewhere between
simply supported and fully fixed for the fundamental stringer torsion mode,
but tend toward the simply support edge conditions for the higher modes. Thus
the simply supported plate analysis provides a reasonable approximation to
this stiffened plate. A fixed plate analysis can be performed to provide the
upper bound. A more accurate result can be obtained by applying an
empirically derived correction factor to the simply suipported plate equation

(3.4, 3.5]. The curved plate analysis can be reduced to a flat plate analysis
provided certain terms are added to account for the effects of curvature
[3.6]. Thus considerable design effort can be avoided by bounding the prodlem
through the use of simplified analysis before embarking on a more detailed

analysis.
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All of the equations in this section are expressed in terms of the
viscous damping ratio, {, which is the ratio of the viscous damping
coefficient, C, to the critical viscous damping coeffictent, Cc. The loss
factor, n, is also used in vibratfon analysis. The relationship between { and

N is simply
n =20 (3.1)

The viscous damping ratio is also assumed to be small compared to unity. This
assumption is valid for most aerospace structures. Linpear structural response
is assumed throughout this section. Table 3.1 is a 1ist of the symbols used
in this section.

3.2 SPRING-MASS-DAMPER SYSTEM

3.2.1 Single Spring-Mass-Damper System

The single spring-mass—damper system is also known as the single
degree-of-freedom (SDOF) system, and 1is illustrated in Figure 3.1. This
section describes the free and forced response of the linear SDOF system, the
latter due to both harmonic and random excitation, at the mass and at the
base.

' F(, wit) I wit

K ‘l‘ c K L‘IJC
— 1 | F(1), wgld

{b} BASE EXTITATION

(8 EXCITATION AT THE MASS

Figure 3.1 Single spring-mass-damper systea.
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TABLE 3.1 LIST OF SYMBOLS

. o ——— —

SYMBOL DEFINITION LOCATION*
a Plate length 3.30, 3.35-3.48,
' F3.3, T3.15
a Length of straight side of open circular 3.49-3,55, 3.66
cylindrical shell
a Diameter of circular plare or side of square | T3.13
H plate
a Overall length of honeycomb panel 3.57, 3.58, 3.60
A Aspect ratic (a/b) T3.12
A Beam cross-sectional area 3.15, 3.25, T3.11
b ! Plate width 3.28, 3.30, 3.35-3.48,
i F3.3, T3.15
b ! Stringer pitch for stiffened panei structure | 3.31, F3.4
b Arc length of open circular cylindrical shell | 3.51-3.55, 3.66, F3.2
b Overall width of honeycomb panel 3.56-3.58, 3.60, 3.65
b1 Roneycomb panel inner face sheet width 3.62, 3.64
B Frequency parameter. Equal to PA/IE— T3.13
Bl Numerator of transmissibility, T T3.2
82 Denominator of transmissibility, T T3.2
c Speed of sound in air 3.60
c Damping coefficient for linear SDOF gystem T3.2
D i Flexural rigidity 3.28, 3.29, 3.35-3.42,

3.51

x.xx Equation, Tx.xx Table, Fx.xx Figure




TABLE 3.1. LIST OF SYMBOLS (CONTINUED)
lsmon. DEFINITION LOCATION"
|7 Flexural tigidgty per Entt width of the 3.33
skin piate, Et /12(1~-v
D Stiffness parameter 3.67
E Young's wmodulus 3.15, 3.16, 3.29,
3.32, 3.51-3.53, 3.55
3.58, 3.63. 3.68,
T3.9’ T3c10, T3.l3
F3.3
gt EQ - v2) 3.66
E Young's modulus of the face sheets 3,63, 3.64
Bp Young's modulus of the closeout plan 3.64
B’ Young's moduius of stringer material 3.33
f Frequency of harmor‘c driving excitation 3.7, 3.8, 3.10-3.12,
3.19, 3.20, T3.2
fcg Natural frequency for clampei-clamped beam T3.6, T3.8
fcP Natural frequency for clamped-fixed beam T3.6, T3.8
n
fcs Natural frequency for clamped-simple beam T3.6, T3.8
M
fsr Ratural frequency for simpie-fixed bean T3.6
n
fss Natural frequency for simple-simple beam T3.6
n
fn Natural frequency 3.2, 3.7, 3.8, 3.10,
3.k, 3.i5, 3.25,
3.27, 3.28, 3.31,
T3.6, T3.15
'

X.xx Equation, Tx.xx Table,

Fx.xx Figure




" TABLE 3.1. LIST OF SYMBOLS (CONTINUED)
*
FYHBOL DEFINITION LOCATION
fr Natural frequency of rth normal mode 3.19, 3.20
fll Fundamental mode natural frequency of plate F3.3
F Driving force for forced vibration 3.7
F Dimensionless frequency parameter 3.28, T3.8, T3.12
F Load per unit length for uniformly loaded T3.11
° beam
F(*), Force per unit length 3.24
F(£)
G Shear modulus of honeycomb panel core 3.63
GB Power spectral deusity of base displacement 3.14
GF Power spectral density of applied force 3.13, 3.25
GF(f) Power spectral density of applied force 3.12
_Gp Power spectral density of pressure excitation | 3.60
t
§Gp(f11) Power spectral density of applied pressure 3.35-3.42, 3.55
i loading, at frequency corresponding to
H fundamental mode of plate
G8 Shear modulus of stringer material 3.33
Gw(f) Power spectral density of the response 3.12
h Plate thickness 3.29, 3.35-3.42,
3.51-3.55’ 3.66’
F3.3, T3.13
h Honeycomb panel core thickness 3.56, 3.58-3.60,
3.63, 3.64, F3.14
%
h Rise of open circular cylindrical shell F3.12
H(E) Transfer function 3.12
*
x.xx Equation, Tx.xx Table, Fx.xx Figure
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TABLE 3.1. LIST OF SYMBOLS (CONTINUED)

L;HDOL DEFINITION LOCATION*
I Area moment of inertia of beam cross section [3.15, 3.16, T13.9,
T3.10
I' Polar moment of inertisa of stringer cross 3.33
section about point or ='tin directly beneath
shear center of string..
Js St. Venant constant of uniform torsion for 3.33
stringer cross section
K Spring stiffness for linear SDOF system 3.2, 3.7, T3.2
K Frequency parameter 3.31
K Frequency constant for honeycomb panels 3.56, T3.15
Kr Generalized stiffness for rth normal wmode 3.19, 3.22
KR Stringer non-dimensional torsional stiffness [3.33
1 Beam length 3.15, 3.25, T3.9-T3.11
1 Length of solid honeycomb panel edge 3.65
L Generalized force for r'" normal mode 3.19, T3.il, T3.15
n Mass of concentrated mass on a beam T3.9, 73.10
n Concentrated mass on center of massless T3.13
circular plate
m Number of half-waves across frame pitch for F3.6-F3.11
stiffened panel structure
o Number of axial half-waves for cylindrical F3.19
shell
» Total mass of beam T3.10
M Mass of linear SDOF system 3.2, 3.13, T13.2
M Honeycomb panel mass per unit area 3.58-3,60
*

x.xx Equation, Tx.xx Table, Fx.xx Figure
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TABLE 3.1. LIST OF SYMBOLS (CONTINUED)
%
FYMBOL DEFINITION LOCATiON
| .
; MF Magnification factor for forced vibration 3.7
: of linear SDOF system. Ratio of dynamic
: idisplacement to static displacement
i
Ml | Mode parameter for first group of natural 3.14
'frequencies for stiffened panel structure
|
M iGeneralized mass for r'® normal mode 3.22, T3.1i, T3.15
n 'Number of circumferential waves for F3.19
1 cylindrical shell
)
n !Mode number (parallel to y axis) 3.61, 3.65
1
N Number of panels for stiffened panel structure|{3.34, T3.14
p Uniform normal pressure on cylindrical shell, 13.67
positive inward )
P, Uniform pressure loading T3.15
P Axial load on shell boundary per unit 3.67
idistauce
PTS Pinned-end condition with torsional spring T3.7
9, | Non~dimens ional pressure parameter 3.67
940 : Value of q, for buckling due to external 3.67
| pressure
i
q, ENon-dimensional axial load parameter 3.67
H
990 'Value of q, for huckling due to axial load 3.67
l 1
4 %o fAmplitude of qr(t) I3.19
qr(t) 'Generalized displacement of rth normal mode 3.19, 3.21, 3.34
Q 'Beam end conditio: vparameter T3.6, T3.7
|
r i Mode qumber T3.14
i 1
*

x.xx Equation, Tx.xx Table, Fx.xx Figure




TABLE 3.1. LIST OF SYMBOLS (CONTINUED)
#
ISYMBOL DEFINITION LOCATION
r(x,y) |Mode shape of plate as function of position 3.30
R Radius of cylindrical shell 3.49, 3.51-3.54, F3.14
i
8 Width of the solid panel edges 3.57 .
t Thickness of plate T3.13
1 Skin thickness, stiffened panel structure 1 3.31
| t tckness of inner and outer face sheets 3.58-3.60, 36.3, 3.64,
| F3. 14, 3.56
t Time | 3.3, 3.9, 3.21
t,; |Adhesive film thickness : 3.59
tp Thickness of closesout plan i 3.64
T Transmissibility. FPor linear SDOF system, : 3.9
T is the ratic of output (mass motion) to ;
input (base motion) where both quantities are -
harmonic displacement, velocity or acceleratiop
T Bean end torsional spring constaat 3.16
*
T Nondimensional beam end torsicnal spring 3.16
stiffness
v Velocity factor 3.31, 3.32
w Initial displacenent of mass far subsequent 3.3, 3.6, 3.7
° free lecay
Vs Amplitude of harmonic base digplacement 3.9
excitation
v Modal intenaity for the nth bending =mode 3.65
wl(x) Pundanental beam mode shape T3.11

x.xx Equation, Tx.xx Table, Fx.xx Figure
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TABLE 3.1. LIST OF SYMBOLS (CONTINUED)

%
SYMBOL. DEFINITION LOCATION
W(x,t) | Bean displacement 3.21
w(E) Beam mo!e shape T3.4, T3.8
wt(x). rth mode shape 3.21
v (§)
32 Mean-square displacement 3.12-3.14
Gz(x) Mean-square displacement of a beam 3.25
z w(€,t) | Mode shape 3.21
x Distance along beam T3.11
a Vertex half-angle for conical shell F3.26
3 Eigenvalue for the beam 3.15, T3.3 T3.4,
T3.8
Y Parametar used to calculate w(§) T3.4, T3.8
Y Density parameter 3.68
I; Warping constant of stringer cross section 3.33
with respect to the point on skin diractly
below shear center of stringer
6r Viscous damping ratio 3.60
€ el Inner face sheet strain at honeycomb panel 3.60
ye . center
|
4 : Damping ratio, actual damping divided by 3.3-3.5, 3.7, 3.8,
! critical damping 3.10, 3.11, 3.13,
i 3.14, 3.25, 3.27
i T.2
Lt Damping ratio for r , normal mode 3.19 3.20
411 Damping ratio for the fundamental mode 3.35~3.42, 3.55
*
x.xx Equation, Tx.xx Table, Fx.xx Figure
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TABLE 3.1. LIST OF SYMBOLS (CONTINUED)
lsmm. DEFINITION LOCATION"
L Plate mass per unit area 3.28
px) Mass per unit leangth 3.24
v Poisson's ratio 3.29, 3.36-2.38,
3.44, 3.45, 3.58
3.66, 3.68, ¥3 13,
T3.4, T3.13
£ Nondimensional distance along beam T3.8, T3.4
p Material density 3.15, 3.25, 3.32
3035’30‘2, 3.51-3:53,
3055’ 3'66’ 3068,
T3.11, T3.13, T3.15
Pad Adbegive film density 3.59
Pc Honeycomb panel core density 3.59
Pf Honeycomb pamel face sheet deasity 3.59
% Dengity of stringer msterial 3.33
o Strezss at point of interest 3.27
72 Mean-gquare stress 3.27
$ Phagse angle defining lag of free decay 3.3, 3.4, 3.7, 3.8
regponse relative to a pure cosine curve
b Included arc angle of opan circular 3.49, 3.50, 73.12
cylindrical shell
Angle of beveled edge of honeycomb core 3.62, 3.64, F3.14
Phase sngle between input and response L 3.9, 3.11
-for SDOF system
*
x.xx Equation, Tx.xx Table, Mx.xx Figure
3~10




TABLE 3.1, LIST OF SYMBOLS (CONTINUED)

*
SYMBOL, DEFINITION LOCATION
wy Frequency of free decay for damped SDOF 3.5
system
W, Natural clrcular frequency of undamped SDOF 3.2, 3.3, 3.5, 3.13,
‘ system (¥, -21rfn) T3.14, T73.9, 13.10
iwn Natural frequency of thin flat plate T3.13
;wo Natural frequency of unloaded cylinder 3.67
i
;ur Natural circular frequency of the rth mode 3.22
!
|
*

X.xx Bquation, Tx.xx Table, Fx.xx Figure
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The natural frequency, fn’ of the SDOF system i{s given by
1 j‘f‘ “h
fn = ﬁ n - ﬁ (3-2)

where the terms are defined in Table 3.1.

3.2.1.1 Free lkc‘!

If the mass is displaced from rest by a distance, L and then released,
the resulting free decay of the system is given by

v(t) -voe““n‘{cos [Iﬁ»ﬁ% 1(7.8111{1- %t]}

voe'lhht
2 ———— (Cos (“ht - ¢

L2

(3.3)

vhere

Tan ¢ =~ —o— (3.4)

€ =~ 9 Ej?’ (3.5)

3.2.1.2 PForced Vibration - Sinusoidal Excite:ion
If the mass in Figure 3.la is driven by a harmonic force F cos wt, the

nass displacement response is given by

v(t) = v, cos (wt - ¢) (3.6)

3-12




where

= - = MF (3.7

and

Tan 0 = (3.3)

[y
}
=

MF represents the nondimensional amplitude of the vibration or the magnifica-
tion factor. It has the value of unity at zero excitation frequency (f=0).
At the resonant frequency, the nondimensional vibration amplitude becomes

'oK 1

In the abuve equation, Q is called the amplification factor or the quality
factor. This factor represents the ratio cf the dynamic displacement at

resonance to the static displacement.

1f the base in Figure 3.1b 1s driven by a harmonic displacement,
va costgF, then the mass displacement response is given by
w(t) = T wgcos (t - V) (3.9)

where T is the nondimensional transmissibility given by

313




( , 2 \1/2

1+408 §—]
n

T = ) f v (3.10)

2 72 2
f f
1- *“2[1‘]
\ [ ['f; ] J n J
The phase angle ¥ is calculated from

<4, ]

R OO

Table 3.2, takén from Reference [3.7], summsrizes the magnitude of cte

(3.11)

frequency response functions, H(f), relating all possible combinations of
input and output for the linear SDOF systemk. In Table 3.2, the magnification
factor, MF, in equation 3.7 1is given by 1/82, while the transmissibility in
equation 3.10 is Bl/BZ. Results are included for both absolute motions and
relative motions of the mass with respect to the base.

3.2.1.3 PForced Vibration - Random Excitation
If a linear SDU? system is driven by a random excitation, then the

response is random and is not defined in terms of an explicit function of
time. The statistical properties of the response are related to those of the
input excitation. In particular, the mean snuarz of the response can bhe

calculated from the integral of the power spectral density of the response

W o= _L G (£)df = J'. 8(e)1 2 G (e)as (3.12)
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TABLE 3.2.

SUMMARY OF FREQUENCY RESPONSE FUNCTIONS FOR LINEAR SDOF SYSTEM

£ = %i EE

4

C

24KM

)’15

Force Input
at Mass
Values for the Response Base Motion Input Force (1ia
Function H(f) of a 1 displacement
Linear SDOF System as a | Displacement Velocity Acceleration units)
Function of the Input w, (t) an(t) ﬁs(t) F(t)/K
and Output Parameters n. in./sec. 1in./sec/ in.
Absrlute B B B
displace- L — 1l
In terms B 21£B 2.2
of dis- ment w(t) 2 2 41°£°B, 1
placement BZ
ovtput, Relative f2 £ : 1
in. displacenent
w(t)-wy(t) £28 ane’s ane?n
n 2 n 2 n 2
Absolute 2u£nl B, B,
In terms velocity B ' T EB
of vel- w(t) 2 2 2 2nf
ocity out- Bz
put, in./ | Relative 2ﬂf3 f2 £
sec., Yelocg.ty - 2 7
w(t)-wB(t) anz anZ annsz
In terms | Absolute g2y anfB, B,
of accel- ; accelerat- = 2.2
eration tlon w(t) By By B, 4"$f
output, 2
in./sec Relative knsz 2nf3 fZ
acceleration 3 2 3
.0 e c
w(t)-wB(t) fnnz .nnz fnnz
B, = 41+ [22(e/g )12 By, = 1101- (f/fn)zli v L2UE/E )1




where
H(f) = frequency response function of linear SDOF system
Gr(f) = the single sided power spectral density of the input

Gv(f) = the single sided power spectral density of the response

Equation 3.12 hags been evaluated for certain types of input power
spectral densities and for various H(f) relating the different input/output
combinations for a linear SDOF system. The results are rather complex, and
are described in detail in Reference [3.8]). The two primary cases of interest
are shown here. In each case, the output response is mass displaceaent, and
the input power spectrum is constant for all frequencies. The two inputs
censidered are applied force at the mass and displacement input at the base.
The wean square mass displacement response is given by

G
;2 = —-;—5 (force applied at mass) (3.13)
8LM W
n

w, (1 "“Z)Gn

= 8¢ (displacement input (3.14)
at base)

where G? and GB represent the comsgtant power spectral density of the force and
the base displacement, respectively.

Equation 3.14 is actually more general, in that it can be used for any
mass response due to the corresponding base motion input. If GB is taken as
the power spectrum of base acceleration, velocity or displacement, then 52 is
the corresponding mean square response of the mass scceleration, velocity or
digplacement.
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3.3 BEAMS

3.3.1 HNatural Frequencies and Mode Shapes

For beams with uniformly distributed mass, constant cross-sectional area
and classical boundary conditions, the resonant frequencies and mode snapes
are given in Reference [3.1]. The natural frequency for any mode of the beam

is given by the general equation

g% [e1
fow e JEL (3.15)
n 2ﬁ12 pA

where
B = Eigenvalue for the mode

1 = Beam length

E = Young's modulus .
I = Arca moment of inertia of beam cross section

p = Material density

A = Beam cross-secticnal area

Table 3.3 lists the eigenvalues, , for the first 10 modes for 6 classical
boundary conditions. An eigenvalue of zero corresponds to a rigid body wode
for the free~free beam. Tadle 3.4 coniains the corresponding equaticus for
the mede shapes, w (£), where § = x/0 ia the nondimensional distance aiung

the beaw and the parameter, Y, used in the mode shape 2qustions.

The end conditions are obtained ac £= 0 and £= 1. The mode shapes,
w(€), in Table 3.4 are illustrated for the first 5 modes in Table 3.5, taken
from Reference [3.9). The parzmeter, A, in Table 3.5 corresponds to 32 in
equation 3.15. The hinged edges, listed in Tables 2,3 through 3.5, are the
sane as simply supported or pinned edges and the clamped edges are the same as

fixed edges.




TABLE 3.3. BIGENVALURS FOR UNIFORM BEAMS WITH CLASSICAL BOUNDARY CONDITIONS

f for Beam with Following
End Conditions:

Pree- Clamped- Clamped- Hinged- Clamped- | Hinged-

Mode Free Free Clamped Hinged Hinged Free

1 0.0 1.875 4.730 3.142 3.927 0.0
2 4.730 4.694 7.853 6.283 7.069 3.927
3 7.853 7.855 10.996 9.425 10.210 7.069
4 10.99%6 10.996 14.137 12.566 13.352 10.210
5 14.173 14.137 17.274 15.708 16.493 13.352
6 17.274 17.279 20.429 18.850 19.635 16.493
7 20.420 20.420 23.562 21.991 22.777 19.635
8 23.562 23.562 26.703 25.133 25,918 22.777
9 26.703 26.704 29.845 23.274 29.060 25.918
10 29 845 29.845 32.987 31.416 32.201 29.060

TABLE 3.4. MODE SBAPE BQUATIONS FOR UNIFORM BBAMS VITH CLASSICAL
BOUNDARY CONDITIONS

End Conditions w(§) v
Free-Free sin B§ + sinh B¢ sin B ~ sinh B
+Y ‘(cosPE + coshpt) cosh P - cos P
Clamped-Free sin B§ - sinh BE sin B + sinh 8
=Y (cos PE - cosh pE) cos B + cosh B
Clamped-Clampad sinh BE- sin PE sinh B - sin B
+Y (cosh 8¢ - cos f£) cos P~ cosh P
Hinged-Hinged sin B§ ~——
Clamped-Hinged sinh B€ - sin BE sinh p - sin B
+Y (cosh BE - cos BE) coz g - coshp
Hinged-Free sin B¢ + ysinh B§ sin
sink:

3-18




TABLE 3.5.

MODE SHAPES FOR UNIFORM BEAMS WITH CLASSICAL BOUNDARY CONDITIONS

FUED-PREE | 4 L
(CARTILEVLH) - N
cL Asds2
HINGED - WINGED | ~pees” .
1 SIMPLE ) | |
A:987
AT R TN B e ’
LBULY - IN) . “
“1 As224
0224 0416
ime-fRee |- e
A:224
FIXOD - HINGED | TS ot
T Ast54
0736
HINGED - FRTF X
A154

) 0714 0500 0868 035606440906] , 02970 7,0 3®

: : . ;

7 As224 A A A1210 " A:2000
‘"‘os,oo os'n 0667 o;s 050 075 020 040 qso 080
f\nﬁ A:889 l A:158 l m

e — cat y 0409 0715 |

:, - e - -?‘ = se 7 M -i o ;..

A6l 7 A $1T1] 1 A:200 A:298
e e 0059 0644 0217 0723 | 0060 06409 0773 |
ow °| 0356 | 0906 | 0073| N500 | 0927 |0227/0531 |0340
B . --M- W - B -
A:61 7 A2 As 200 A:298
T 4 0529 0429 0810
g4 0080 0384 0632 4 0294 0765 102381 0619_|
T A:500 5104 ] 7 Ane As272
T - 0471 _ 0922 0381 0763
0446 05'53 03?“0?'50?90 0235 | 0707 0190058t |0937
A:500 f’f::joa As178 =272

Nonclassical end conditions are discussed in Reference [3.1]; the results

are too complex to fully tabulate here.

most practical concern is a pinned end condition with a torsional spring.

The nonclassical end condition of

The

results for this end condition, denoted herein as -PTS, lie between those for

clamped and simple end conditions. The first mode natural’frequency can be

calculated from the equations shown in Table 3.6 for the three end conditions

shown,

The various frequencies fSF’ fCl-" etc., in Table 3.6 are calculated from

the classical boundary condition results using equation 3.15 and Table 3.3.

The parameter, Q, in Table 3.6 is a nondimensional measure of how far the PIS

end condition has advanced from the simple to the clamped extremes.

3-19
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TABLE 3.6. NATURAL FREQUENCIES FOR BEAMS WITH ROTAYTIONALLY FLEXIBLE EDGES

END CONDITIONS EQUATION FOR NATURAL FREQUENCY
Free - PTS y=fep +Q(fp _ fop)
o n n
Hinged - PTS fa=fgs *+ 0 (gg = fg5 )
f = ¢ +Q (f - fre )
Clamped - PTS n CSn CCn CSn

function of the nondimensional torsion spring stiffness, T*, which is

calculated as

vhere

»3
»
[}

= Beam length, inches

[ T - B
]

Values of T* versus Q are shown in Table 3.7 for the 3 PTS end conditions
being considered. The T* vs Q values in Table 3.7 are applicable only to the
firs: mode; data for the first 10 modes are presented in Reference [3.1]. .The
prccedure is to first calculate T’ from equation 3.16.

by interpolation from Table 3.7. Q is then used in tiw 2quations in Table 3.6

Young’s modulus, pounds/in

g (3.16)

Torsional spring constant, in-pounds/radian

= Area moment of inertia of beam cross section, in4

to calculate the fundamental mode natural frequency.

3-20
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TABLE 3.7. T* VERSUS Q FOR BEAMS WITH ROTATIONALLY FLEXIBLE EDGES

T for Bnd Condition

Q Free - PTS Hingod - PTS Clamped - PTS
0.05 0.0103 0.2924 0.3462
0.10 0.0416 0.6180 0.7306
0.20 0.1715 1.393 1.643
0.30 0.4065 2.392 2.813
0.40 0.7813 3.723 4.369
0.50 1.364 5.587 5.541
0.60 2.294 8.380 9.787
0.70 3.903 13.030 15.18
0.80 7.189 22.32 25.94
0.90 17.15 50.12 58.14

The mode shapes for these end conditions can be calculated from the
equations in Table 3.8. The parameter, B, must first be calculated based on
the natural frequency, fn, (Table 3.6) and the B and natural frequency for the
classical ond condition cases as shown in Table 3.8. Once B is calculated,
the mode :hapes are readily available from the equatious in Table 3.8,

For beams with concentrated mass loads, the natural frequencies are shown
in Tables 3.9 (massless beams) and 3.10 (massive beams). These results are

from Reference [3.9}.

3.3.2 Response to Harmonic Excitation

The dynamic response of a beam to harmonic exciitution is calculated as
the summation of the responses in each normal mode. Equations 3.6 through 3.8
from Section 3.2 can be used to calculate the contribution of each normal
mode. The equations take the following form:

qr(t) = q,, cos ?”it - ¢%) (3.18)

(]
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TABLE 3.8.

MODE SHAPES FOR PINNED END, TORSIONAL SPRING END CONDLTIONS

Bnd Conditions w(k) Y 8
fn
Free-PTS -(sin BE + sinh BE) sin %4- sinh 8
+v (cos BE + cosh BE) cos B + cosh B Bep YE;
+ 'n
fn
Hinged -PTS sin 8¢ - ysinh BE -sin B _
s fos [T
h n
fn
Clamped-PTS sinh B - sin 8¢ sin § - sinh 8
+v (cosh BE - cos BE) cosh B - cos B8 fec 'f'(':;
~ n
TABLE 3.9. NATURAL FREQUENCIES OF MASSLESS BEAMS
WITH CONCENTRATED MASS LOADS
FIXED~FREE HINGED~-HINGED | HINGED-HINGED FIXED-FIXED FIXED -FIXED l
END LOAD CENTER LDAD [OFF-CENTER LOAD] CENTER LOAD |OFF-CENTSER LOAD
. m m
1] t‘} 3 L"f""?" L‘j ; b‘*““z
{—f t— - — t
<1\[3 _2_\[3 [3EIL | ¢ .4 \[3E1 - \[_JME’
'nzxis' 1;%} nzn,nzv “”—‘\%‘“dfim!ﬁz
TABLE 3.10. NATURAL FREQUENCIES OF MASSIVE BEAMS
WITH CONCENTRATED MASS LOADS
FIXED - FREE HINGED -~ HINGED FIXED -FIXED
END LOAD CENTER LOAD CENTER LOAD
a ¥™ {m :mb zm a_& :m E
{ t{
LY (v P R 11 S P ‘/—"sv
'™ 20 ¥ Cim+0.3mp | P~ 20 Y Olm+ 0.5mp) | 0 ™% Yiiimt0375my
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where

q - r
ro ‘ 2 1/2 (3019)

and

Tan ¢ = (3.20)
(E j2
' 1- I:'

Subscript r refers to the th normal mode. The terms in the above equation

are:

Generalized displaecement for tth normal mode, inches

qr(t)

-
[ ]

ro Awplitude of q _(t)

¢ = Phase angle for rth normal mode

K = Generalized stiffness for rth normal mode

th

L = Generalized force for r normal mode,

f = Natural frequency

ft = Natural frequency of 1:"’h normal mode,

14 th

= Damping ratio for r  normal mode
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The actual displacement of the beam, w(x,t), is given by

N N
w(x,t) = 5_' wr(x) qr(t) =Z vr(g) qt(c) {3.21)
t:l rﬂl

where wr(E) is the rth mode shape (Table 3.4), aud N is the total number of
nornal modes being considered. Equations 3.18 through 3.21 are general enough
to cover any spatial distribution of harmonic loading applied to a beam, and
any beam end conditions. In order to actually use equation 3.19, the
generalized stiffness, Kr’ and force, Lr’ must be calculated. The general

expressions for these are

Kr = (brur (3.22)
) 1
Mem [ vEGo weoax = Lfdme) o a2
° 1
L= e Fax - e @F©) 8 20
r ./. r or *
o

vhere u{x) and F(x) are variable mass per unit length and force per unit
length, respectively, and My is the generalized mass. The mass per unit
length is constant for a uiiform beam. The force per unit ieﬁgth can also be
assumed to be constant. The integrations can still be quite involved since
the mode shape, wr(§), and those in Table 3.4 can be rather complex.

For clamped-clamped and clamped-free end conditions, the shape of the
first normal mode can be approximated with (i-cosine) functions. These
approximate mode shapes can be readily 1ﬁtegrated to obtain the generalized
mass. The results are shown in Table 3.11, along with the results for simply
supported end conditions, for which the mode shape is a simple sine wave.

Also shown in Table 3.1! is the generalized force for the ficrst mode of a beam
vith unifora loading, Po. Table 3.11 shows the generalized mass normalized to
the mass of the beam, pA, and the generalized force normalized to the total
applied load Pol.
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TABLE 3.11. GENERALIZED MASS AND GENERAJIIZED FORCE FOR UNIFORM LOADING
OF BEAMS, PUNDAMENTAL MODE

vy () M L
First . — for Uniform Loadi
Pnd Condition Mode Shape YY) 7l ng
Hinged~-Hinged Sin X 0.5 0.6366
1
Clamped-Clamped | 3 (l-cosgi’g‘- 0.375 0.5
Clamped-Free (1-cos ,55) 0.2268 0.3634

If a point load is applied to the beam, then the generslized force is the
product of the mode shape w(x) at the point of application times the amplitude
of the force. The modes in Table 3.11 are all normalized to maximum value of
1.0, so if the point load is applied a% the point of maximum modal deflection,
then the generalized force is equal to the applied force. This situation is
true if the load is applied in the center of the simply supported and
clamped-clamped beams and at the free end of the clamped-free bean.

3.3.3 Response to Rai.lom Excitation

The methods used to develop equation 3.13 for the mean-square response to
randon excitation for a SDOF system can be applied to the beam problem. If
cnly the fundamental mode is considered, then the mean-square displacement
response of a beam is given by

7(!) G F

-2
wi(x) = -
64 Lfn3(pu)2

(3.25)
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where

2 -2
Wx) = vf(x) (.;1) ( M )
ot pAl

wl(x) = Fundamental mode shape (Table 3.11)
pAL = Mass of beam
Gp = Power spectral density of total applied force
= Damping ratio for fundamental mode

fn = Natural frequency for fundamental mode

Note that the mean-square displacement is a function of the distance along the
beam, x, since y is a function of x through the mode shape, wl(x). The above
equations are applicable to both point ioading and uniformly distributed
loading. The input power spectral deneity, Go’ is assumed to be constant with
frequency and in phase at all points along the beam.

An alternative expression developed by Miles (Reference [3.10]) relates
the mean~square stress dve to random, uniform pressure lcading to the stress
produced by a uniform static pressure loading. Miles' equation is

=2 R
[ - z—gfn Gp g (3.27)
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where

0" = Mean square stress

0 - Fundamental wmode natural frequency

G_ = Constant power spectral density of appplied pressure

o. = Stress at point of interest due to uniform static pressure of
unit magnitude

The applied “pressure” in this case has units (pounds/in), meaning load per
unit distance along the beam. The stresses 32 and qs in equation 3.27 can be
replacedby displacements 32 and ubz. where LA is the displaccment due to
uniform static pressure distribution. The same {8 true for any consistent

pair of responses, such aa shear or bending moment.
3.4 FLAT PLATES

3.4.1 VNatural Frequencies and Mode Shapes
Reforence [3.2] containg an extensive tabulation of the availshle datsa

concerning natural frequencies and wode shapes for flat plates. Results are
presentad here for rectangular plates with all edges simply supported and all
edges clamped. Fundamental mode frequencies for all other edge conditions,

except those with twe or more free edges, lie within the results for teh two

extremes presented heree.

The fundamental equation for the natural frequency of a flat plate is

¢ . [E' (3.28)
n 3 g
2ab° VH
where
F = Dimensionless frequency parameter
D = Flexural rigidity
b = Plate width
i = Plate mass per unit area




The flexural rigidity is given by

where

E = Young's modulus
h = Plate thickness

v = Poisson's ratio

Equations for the frequency parameter, F, are given in Table 3.12. £ is the
plate aspect ratio, a/b, where b is the width &nd a the length.
ratio can be greater or less than 1.
parameter for a square plate, A=l.

frequency range of almost 2:1.

TABLE 3.12.

Table 3.12 also shows the frequency
The two edge conditions result in a

FREQUENCY PARAMETER FOR FLAT PLATES, PUNDAMENTAL MODE

Edge Equation ] Valve of ¥
Condition for ¥ for Square Plate
2 1
Simply- {1l + -3 19.7392
supported A
Clamped 12 \/% (1 + -’Lz- + -i- 36.0000
7A A
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For a plate with siuply supported edge conditioans, the fundamental mode

shape is

r(x,y) = sin -E-’-‘- sin :—z- (3.320)
where a and b are plate length and width. The mode shapes for fully clamped
plates are not given by stvaigh:"orward analytical expressions. Figure 3.2,
taken from Reference [3.'{, shows the first 6 symmetric wmode shapes for a
squacre plate. For rectangular plates in the range 0.5 <a/b <2.0, the
vsriation frow the mode shapes shown in Figure 3.2 is minor. The fundamental
mode shown ia Figure 3.2 (x;, Yl) can be approximated by s (l-cosine) shaped

curve.

Fi,vre 3.3, tauben from deference [3.7], presents a nomograph for
calcul..:-;: the funi. mertal mode natural frequency for isotropic rectangular
plates. ‘.esuli: #ie w.or i for both clamped and simply supported edges.

r{’;::gf% “

2,GhE or
{V,m.ﬁ

Ootuchen
o

?igure 3.2. Symmetric mcde shapes for {ully clamped square plate.
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Design Equations

Supported Edges fiy = 9.“52-10“h(l/32 + l/bz)
1/2
5 4 4 22
Clamped Edges fiy = 1.178.10%h (3.307/a" + 3.307/b" + 2/a"b")
E/(1-v) = 11.26 x 108
Frequency, Hz.
50 6 8 100 2z 4 6 8 1000 2000
e g Lol etad v e s toqastoqeadsnnal oot tongtaenay 13 4RS00 0 0 A n gty
/
: 4
H § /
]

Ziw
4.0
—6.0

S0

)
A

___Panel Aspect |

s«Q\‘
3?\\

i X\

IR A [rrn ""ll LA AAARS LLL

1 2 4 6 8 10
Panel Short Dimension, b, Irches

Figure 3.3. Nomograph for calculating fundamental mode natural frequency
of rectangular panels.
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Natural frequencies for circular and square plates with other adge
conditions are shown in Table 3.13, taken from Reference {3.9]. The frequency
parameter B in Table 3.13 1s equal to F in equation 3.28 divided by 12.

References [3.6] and [3.12] preasent methods for calculating the aatural
frequencies of stiffened panels typical of aircraft construction. In
Reference [3.6], Szechenyi introduces the concept of "bending wavelength
equivalencing factors,”™ which lead to relatively simple approximate methods
for calculating the natural frequencies of stiffened and curved panel
structures. The following datz is from Reference [3.12}. PFigure 3.4 shows
the typical stringer~fraue stiffened panel structure considered, while Figure
3.5 describes the stringer torsional stiffness end conditions analyzed.

The natural frequencies of such multi-span structures occur in grcups,
the number of frequencies in each group being equal to the number of spans.
For a panel having a large number of spans the lowest natural frequency in sny
group is generally associated with a mode in which the stringers twist aad the
highest natural frequency in that group is assoclated with a mode in which the
stringers tend to bend without twisting. The mode shapes alternate between

symmetric and anti-symmetric as frequency increases.

In developing the following procedure, the frame torsional stiffness has
been neglected and the frame bending stiffness has been assumed to be
infinite. The skin edges at the frames are thus assumed to be
simply-supported. The natural frequencies are only slightly influenced by the
stringer bending stiffness and therefore this stiffness has been assumed to be

infinity.

These vresults can be used to predict the first group of natural
frequencies of skin-stringer structures with four different end conditions.
The results are preseated for varying degrees of stringer torsional stiffness,
for three different aspect catios (a/b) and for two different values of m, the

number of half-waves acroes the frame pitch.
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TABLE 3.13. NATURAL FREQUENCIES OF THIN FLAT PLATES OF UNIFORM THICKNESS

Et?
wn:B VW RAD/SEC

€ : YOUNG'S MODULUS, LB /IN?

t s THICKNESS OF PLATE, IN.

p * MASS DENSITY, LLB-SECYIN®

o : DIAMETER OF CIRCULAR PLATE OR SIDE OF SQUARE PLATE, IN.
¥ POISSON'S RATIO

SHAPE .
Of OIAGRAM |  EDGE CONDITIONS VALUE OF C FOR MODE
PLATE [ 2 3] 4] s e )7

CIRCULAR CLAMPED AT EOGE 11.84] 24.61 | 40.41] 46.14}103.12

CIRCULAR FREE 6.09110.53] 14.19] 23.00] 40.08| 44.68 61.38] 69.44

£
CIRCULAR @ CLAMPED AT CENTER | 4.35]24.26]70.39}138.85

SIMPLY SUPPORTED

CIRCULAR AT EDGE 5.90
q3-a ONE EDGE CLAMPED-
SQUARE | 7e THREE EDces Free | O'| 2-47| 620 7.94‘ 9.0
’
SQUARE m ALL EDGES CLAMPED | 10.40[21.21 ] 31.29{ 38.04] 38.22] 47.73
rd
I TWO EDGES CLAMPED-
SQuARE | e TWO EDGES FAEE 2.0t] 6.96| 7.74] 13.99] t0.25
v LLLL
SQUARE e ALL EDGES FREE 4.07] 5.94] 6.91] 10.39] t7.00] 18.85
wye ONE EOGE CLAMPED-
SQUARE | Fe K | THREE EDGES SIMPLY | 6.83] t4.94] 16.95| 24.89]20.99] 32.71
p & M- SUPPORTED
X% | TWO EQGES CLAMPED-
SGUARE | 4o F Two EDGES SIMPLY | 8.37] t5.82] 20.03] 27.34] 29.54 | 37.31
pL R SUPPORTED
o ALL EOGES
souare | Jo SIMPLY SUPRORTED | 570 14.26 |22.82] 28.52] 37.08 | 48.49

MASSLESS CIRCULAR PLATE WiTH CONCENTRATED CENTER WASS

§
3
CLAMPED » A EN |
EDGES w409 Y aieh |
SIMPLY A\L:-"A T i
E%EE%RTED “ "'09‘ neilt-vi3+7) \
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Pigure 3.4. A periodic skin stringer structure.
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Figure 3.5. Finite skin~.. lnger structure with different boundary conditlons.
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The natural frequency is calculated from

f B m—— (3.31)

vhere

V = Velocity factor
K = Frequency parameter
t = Skin thickness

b = Stringer pitch (Figure 3.4)

The velocity factor iz given by

§]1/2
V = (3.32)

where B aad are Young's Modulus and material demsity, respectively. V is

approximately 1.0 for all common structural metallic materials.

The frequency parameter X is obtained from Figures 3.6 through 3.11. The

following parameters are required to obtain X from these plots:

a/b = Agpect ratio (Figure 3.4)
& = Number of half waves across frame pitch (m = 1 or 2)
Hl = Mode parameter for first group of natural frequencies

K, = Non-dimensional torsional stiffness .of stringer
Hr-is obtained from Table 3.14. N is the number of spans and r ls the

mode aumber (r = 1, 2, « . +, N). The stringer nondimersional torstoaal
stiffness {3 given by
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where

o3

TABLE 3.14. MODE PARAMETERS FOR STIPFENED PANELS

|
End Conditions 1
as in (1<r<N)
r-1
Pigure 3-5a W
r
Figure 3-5b N
2r -1

Figure 3-5¢ 2N

Pigure 3-5d *

*Por structures vith end conditions as in Figure 3.5d, K
is approximately equal to the arithmetic average of the
values of K obtained from the firt two rows in the
above table.

4 nv 2 2 b
KR - ;x’r(glr') + Gst (-a-—) - Qsls(z fn) zx -D’ X (3033)

Young's modulus of stringer material

Warping cuvastant of stringer cross section with respect to the
point on ak.n directly beneath shear ceater of stringer

Shear wodulus of stringer material

St. Venant constant of uniform torsion for -stringer crosgs
section

Dengity of stringer material

. . . -




I = Polar woment of inertis of stringer cross section about a point
on skin directly beneath shear center of stringer

D = Flexural rigidity per unit width of the skin plate, Et3/12(1-v2)

Since fn fn equation 3.33 is unknown, it muct be estimated initially. A value
of 100 Hz is reasonable for .ommonly used skin-strirger structures.
Alternatively, £y, can be taken as the fundaseéntal natural frequency of an
individual panel with fully-fizxed edges. Although an iteration procedure is
required to coverage on the frequercies, the first eztimate is typically
within 4 percent of the final iterated value.

3.4.2 Response to Harmonic Excitation

The response of a plate to harmonic excitation is treated in the same
manner as for a beam (Section 3.3.2). Equations 3.18 through 3.20 are
applicable to a plate, and equation 3.21 takes the form

N
w(x,y,t) = I w.(x,y) q.(t) {3.34)
r=1
where
wr(x,y) = Mode shape for rth mode

qr(t) = Generalized displacement for rth mode

The integration to obtain the generalized mass and force is now performed over
the surface area of the panel as discussed in Section 4.3, Volume I, of thic
design guide. The generalized mass and generalized force for siaply supported
(all sides) and clamped (all sides) rectangular plates are shown in Table
3.15. The values shown are applicable to the fundamental mode. The
generalized force is for a uniform pressure loading of P, Over the entire
plate. For a point load at the center of tha plate, the generalized force is
equal to the applied force.

3-39

R b3 2 TV TN e W s Beas L o Varna ATt R R e Em—



TABLE 3.15. GENERALIZED MASS AND GENERALIZED FORCE FOR UNIFORM PRESSURE
LOADING OF RECTANGULAR PLATES, FUNDAMENTAL MODE

Rnd Hr ' Lt
Condition First Mode Shape peb poab
Simply sin 55 sin El 0.25 0.4053
Supported
Clamped : (1 - cos 3-:-5) [1 - cos 3,',&'] 0.1406 0.2500

3.4.3 Reaponse to Random Excitation
The basic normal mode theory commonly used to obtain the response of a

plate to random excitation and simpliffcatiun of the theory are discussed in
Section 4.3, Volume I, of this design guide. A comprehehsive discussion of
the response of plates to random excitatiou is also contained ia

Reference [3.7]). The following equstlons, taken from ieference [3.7], apply
to uniform pressure loading of a rectaugular plate. Results are shown for
simply supported and clamped sdge conditions (all edges). For a simply
supported plite, the mean square displacement is given by

2 2
32a3b3 . Gp(fll)sin (mx/a)sin (;y/b) (3.35)

-2 =
v (x,y,t) w0 %;g &), [(b/a) + (a/b)]

where
a = Plate length (x direction)

b = Plate width (y direction)

Power spectral density of applied pressure loading, at

G (f
P frequency corresponding to fundamental mode of plate

p = Plate material density

h = Plate thickness
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D = Flexural rigidity (equation 3.29)

cll = Damping ratic for fundamental mode

Subscript 11 refers to the fundamental mode. The mean square tensile and
shear stresses in the panel are given by

2
. C.(£..) [(b/a) + v (a/b)]
11528b 5rr p_ 11 - sin?(mx/a)sinZ(ny/b)
°h 4y [(b/a). + (a/b)]

(3.36)

-2
°x(xvY9 t)

. 2
1152ab = G,(£;7) [v {b/a) + (a/b)]

2 2 2
ay(x,y,t) = 5 sin“(mx/a)sin”(ny/b)

R'h ' [(b/a) + (a/b)]
u o (3.37)
Tz 1152ab B73E 2 Eg‘fll) cosz( x/a)cosz( y/b)
(x,¥,t) = D/ph (1-v)
x’ S c, (/) + /w1
(3.38)

where V » Poisson's ratio. The maximum tensile stresses occur ia the ceanter

of the plate (x = a/2, y = b/2). The maximum shear stress occurs at the four
corners of the plate (x = 0 and a, y = 0 and b).

For a plate with all edges clamped, the mean square deflection and
stresses aure given by

L 3.1992-207° &%° & (£, NGOy
Wo(X,y,t) =

£3.39)
Vorn® 2,,13.307(hia)? + 3.307(a/b)? + 21°7*

A S A B B B b e e e -




abib7gh G (£1,1)S,2m(x.=y)

(3.40)
E‘c11(3.307(b/a5§‘+ 3.307(arb)? + 21372

%ﬁ(x,y,t) . 1.152.1073

abiB7AR ©_(£,,)52.(%,)
32'(3:,-)', t) L 1'152.10-3 T ‘g 11 in‘l ! —2 m (3-41)
y h*Z,,[3.307(b/a)" + 3.307(a/b)” + 2]

2 ( 0.57650 ab4§755(1'u°2qp(fll)(xi("YiQY))2 (3.42)
X‘y t) = . .
xy Eﬁuwdmwm?+33mmwﬁ+zﬁn

“he additional terms in the above equations are given by the following

equations:

Center of Pleate:

X(a/2)TA(b/2) = 6.36160 (3.43)
sifj(alzy-blz) = 1865.8[(b/a) + x(a/bylz (3.44)
Silf(alz. b/2) = '1865.8[W(b/a) «+ (a/by12 (3.45)

Approximate Location of Maxiaum Shear

'(xi<o.2za)yi(o.zzb>)2 . 1.14389 (3.46)
Rdge of Plute:
siil(o.b/z) - 5050.1(b/a)? (3.47)
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s';n(./z.o) = 5050.1(a/b)> (3.48)

3.5 CURVED PLATES
Curved plates are shells for which the radius of curvature is large

coapared to the panel length or width. Figure 3-12, frcm Reference [3.7],
fllustrates the geometry used in this section to describe open cylindrical

circular shells, or curved plates.

The criterion for a shallow open circular cylindrical shell i{s vhat the
rise h* i{s less than 1/5 ..f zb: ssaller side, measured in the plane of its
supports. The smaller 2{d» !s eaither a or b* = 2R sin (¢/2). Thecefore, a
shallow open circular cylindrical shu:ll is one for which the following

geometric constraints are satisfied:
[1 - cos (/2)] 3 < 0.20 (3.49)

1f a is the shorter dimension, and

{1 ~ cos ($/2)]

(3.59)

i€ b* is the shorter dimension (see Figure 3.12).

Reference [3.3] contains a comprehensive summary of the literature on
shells, with extensive tabulation of znalytical and experimental results.
Reference [3.7] contains a briefer discussion of the results of primary
interest. The results in this section are taken from Reference {3.7]. PFor a’
wotre in-depth understanding of shell theory, Reference {3.3} is the essential
reference. For open circular cylindrical shells that do not satisfy equations
3.49 and 3.50, refec to Section 3.7.
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ARC LENGTH: b = R
SPAN: b* = 2R sin(4/2)
RISE: h* = R{i-cos (¢0/2)]

Figure 3.12. Open circular cylinder geowetry.
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3.5.1 Natural Frequencies

cylindrical shell (Figure 3.12), with all edges simply supported, is

2
2 xD a B
fll s —_——XrT + B] +

L
dokab 4§p¥b4-@f]

The fundamental mode nature! frequency for an open shallow circular !
% (3.51) !

and the equation for all edges clamped is

. 2
2 14.051 Eh 2 2
£, . {3.307(b/a)2 + 3.307(a/b)? + 2]
u 4Xe e’
(3.52)

+

B Ii.0685(b/q%_?+ 0.6692(asb) 24 7.3243}
sl U (vl + (a/b)? + 9.4419
In each case, the first term corresponds to the result for a flat plate, and
the usecond term represents the correction for shell curvature.

Plumblee [3.4] iaveloped an expression for the fundamental mode #requency
of a shallow open cylindrical shell with all edges clamped using an approach
sfmilar to Sewsli [3.11}. Both Plumblee and Sewall noted that experimental
results for the lower order modes, especially the fundamental mwode frequency,
fell between the cases of all edges simply supported and &ll edgzes clamped.

Plumblee empirically determined constants for the fundamental mode frequency
expression to obtain, for v = 0,32,

2
ffl - iﬁ:giliﬁg- [3.307(b/a)? + 3.307¢a/b)2 + 2.0} 4-9:3%2255
am%pa“p 417pR
(3.53)
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The 0.2788, in the second term of equation, 3.53 is lees than the cor-
responding, bracketed expression in the second term of equation 3.52. The
isiter expression varies from 0.678 to 1.043 as b/a varies from 0.1 to 10.0.
Equatien 3.53 is considered more accurate for clamped edge conditions than
equation 3.52. A nomcgraph corresponding to equation 3.53 is shown in Fig-
ure 3.13, from Reference [3.7). Figure 3.3 can be userd to calculate the flat
piate natural frequency required to convert the frequency ratio from
Figure 3.13 to an actual frequency.

3.5.2 Respoase to Harmonic Excitation

igure 3.13 can also be used to estimate the response of curved plates to
sinusoidal excitation. The meithods of Section 3.4.2 are first applied to
caiculate the flat plate response to harmonic excitatfon. Then Figure 3.13 is
used to calculate the ratio °¢/°w' where o_ is the stress for a flat plate.

3.5.3 Response to Bandom Excitation
Reference [3.4] contains the derivation of an expression for the ratio of

the root-mean-square stress response at the center of the straight edge of the
shell in the circumferential dirvection to obtain

-3/4
(o )curvqg - s 0.006 b ]
(o) 14t h2R[(®)2 4 (g)r+ o.sol.lj
v b,2
2 [ &%+ o0.0%
x |1 +9-'%§3b — (3.54)

l(g)‘ + 9.62 (-f,{)2 +1

The stress (ay
3.42 to obtain

)flat is obtained fcom Section 3.4.3 using equations 3.41 and
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1.7726a> {E756_(£, )
(9tae = =3 T2y (3.59)
y'tlat bh L , [3.307(b/a)” + 3.307(a/b)" + 2]

In using the results of equations 3.54 and 3.55 it has becn assumed that the
pressure spectrum level is constant for the frequeacy range including the flat
panel and the curved panel response frequency. In additfon 1t has been
assumed that v = 0.32.

3.6 HONEYCOMB PLATES

3.6.1 Natural Frequencies

An empirical equation is developed in Reference [3.7]) for the fundamental
mode natural frequency of a honeycomb sandwich panel. The empirical constants
are based on sonic fatigue tests of 30 honeycomb panels. Figure 3.14
illustrates the constiucticn and geometry for a typical honeycomb sandwich
pauel.

From Reference [3.7], the fundamental mode natural frequency, in Hz, is
given by

£, = K (he)/p? (3.56)
where b {5 the panel width measured as shown in Figure 3.14. K is a function
of panel aspect ratio and is given in Figure 3.15. The unalysis sssumes that
the pancl respcnse is linear and that the flexural rigidity comes entircly
from the facing sheets. The core density is assumed to be equal to or greater
than 2.0 poundo/fta.

Sweers in Reference [3.14] has shown that the natural frequencies of
rigidly mounted honeycomb panel mcdes could be predicted, with reasonable
accuracy, using equivalent simply supported honeycomb panel theory in which
the honeycomb core is assumed to be infinitely stiff in shear. These
honeycomb panels are also assumed to be simply supported at the base of the
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-e— QVERALL PANEL WIOTH ©

EQUIVALENT SIMPLY SUPPORTED

PANEL WIOTH b
E0GE STRIP HONEYCOMB
QUTER FACE

SPACER \cone\ sngg\

. s

/]

BEVELED
£0GE CLOSEQUT PAN INNER FACE

_\_j SUPPORT FRAME

Figure 3.14. Typical honeycomb panel construction and geometry
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FREQUENCY = £, = K(h + t) b, Hz

4.0 -

3.5

3.0

2.5

| Edges Clamped
. \ '

2.0 4

For Equation (3.50)

CONSTANT, K 105

.S1—

All Edges Simply Supported
!

)

1.0 I ' J |

l
]
v L | ¥
l'o l.s 2.0 205 300 305 I‘.o hos 5‘

PANEL ASPECT RATIO, a/b

Figure 3.15. Nomograph for fundamental mode response frequency <f a
flat rectangular honeycomb sandwich panel.
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beveled edges (Figure 3.14). The length, a, and width, b, of such an
equivalent simply supported honeycomb panel are related to the overall length,
a, and width, b, by

a = a=~-238
- (3.57)
b = b-2s8

where 8 is the width of the soiid panel edges. The expression for the rth

n, nth) wode natural irequency of the equivalent simply supported honeycomb
panel, with isotropic face sheets and a honeycomb core that is infinitely

(or

stiff in shear, is given by

R R SR E e S

where i, the mass per unit ares, is

i = 20,6 + o, b+ 20 (3.59)

a%ad
and
P, = Face sheet material density
t = Face sheet thickness
E = Young's modulus for face sheet
V = Poiason's ratio for face sheet
p. = Honeycomb core density
h = Honeycomb core thickness
p = Adhesive film density

ad

tad a Adhesive file thickness
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The fundamental mode natural frequencies predicted by equation 3.58
appear to de in good agreement with the messured frequencles, f.r a wide range
of honeycoab panels as illustrated in Figure 3.16 from Reference [3.13]. The
use of the empirically derived equivalent simply supported mode shapes has
both sisplified the theory and ensbled existing expressions €or the
generalized force of acoustically excited simply supported panels to be used
in the subsequent znalysis.

3.6.2 Response to Harmonic Excitation

The wethods described in Section 3.4.2 for flat plates can be applied to
honeycoib sandwich panels. Use equivalent simply supported panel dimensions a
and b; and sinply supported edge conditions in Tabdle 3.15 to determine the
generalizéd force and mass.

3.6.3 Résponse to 3andom Excitation

In Reference [3.13], Soovere develops an expresion for the inner face
sheet strain at the center of a honeycomd panel in redponse to random pressure
excitation. The rotation of the beveled edges is shown to introduce a linear
moubrand strain into the fnner face sheet, in the symmetric modes of honeycomd
panels with stiff lateral edge supports, superimposed on the bending strain.
This combined strain is highest in the fundsmental wmode with a theoretical
maximum inner to outer face sheet strain ratio approaching 2.3. Since the
predominint response to random acoustic loading is obtained in the fundamental
mcde, the theory expiains why face sheet acoustic fatigue failures occur
predominant’y Zn the inaer face sheet of rigidly mounted honevcomd panels.

The following equation is developed in Reference [3.13] for the inner

face sheet strain at the panel center, due to random acoustic pressure
excitation:
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PREDICTED FREQUENCY (EQUAT!ON 3.58) - Hz

Figute 3.16.

600 ﬂ
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Comparison of predicted and measured fundumental mode
rcatural frequency of stiffened aluminua honeycomb penels,
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xt ay)1/2
5 G 172 1+ cos {?—?-
- “Jz!l_}_{s [zz] “21!77 A (3.60)

yei
b“N r £ fa
- = |

vhere

4
5, = 3 [1 + --e-"-ﬂ] (2.61)
and eﬂc/‘lﬁ is given by
e { [ 2 K'bi {cosh {K'bi/Z) - 1}] 7!}
— . d1 - X = - (3.62)
o cos f T SRR T 7 v

The nev terms introduced in the above equations are:

Inner face sheet strain at panel center

[ ]
fbo
[}

G, = Power spectral density of pressure excitation

$_ = Viscous damping ratio
fr = PFurdasental mode natural frequency (fror equation 3.58)

¢t = Speed of sound in air
Angle of develed edge of honeycomb core

>
]

Inner face sheet width

[
[ ]

K’, » and v, are given by

G 172
K' = Bth (3.63)
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¥

B - ¥ (3.64)
) Bgtpbi cos” X s8in X K'bi cosh (K'bila) - 11
cos X + 5 h + —g= _—m G : )

¥ = %5 v, cos Eg£ (3.63)

whete G 1s the shear modulus of the core and subgcript p refers to the

clogseout pan (Figure 3.14). In equation 3.55, v 18 the modal intensity for

the n‘:h bending mode.

3.7 CYLINDRICAL SHELLS

Reference [3.7] presents data for moderately desp open circular
cylindrical shells, vhich are too deep to qualify as shallow shells as defined
in Section 3.5. PFor the fundemental mode of a modarately deep open circular
cylindrical shell with all edges clamped the expression for the frequency is

4
& & 2 2
2 E/p (B /ph b % a
f - 500-6 ’;) (
1S S A A 48;2}!:2 { U 8 12

2
+ 24.605 % 1§ - Wy, + 51)1} (3.66)

where the quantities al, Yl’ 61. nl, 6l are functions of the included angle of
the cylindrical shell (see Figure 3.4) and are presented in FPigure 3.17.
Reference [3.3] presents more general results cousidering both higher order

modes and other boundary conditions.
For closed or complete cylindrical shells, Reference [3.17] presents

curves which can be used to calculate the naturai frequencies. The geometry
used in Refereace [3.17] is shown ia Figure 3.18. PFor freely supportad
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Figure 3.18. Closed circular cylindrical shell geometry.
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cylinders subjected to both axizl loads and a pressure loading, the naturail
frequenny can be calculated trom

q q
R [1 -2 —1-] (3.67) |
90 90

where

W = Natural frequency for loaded cylinder

w_ = Naturel frequancy for unloaded cylinder
q, = P/D Non-dimensional axial load paiameter
9 * Value of q, for buckling due to axial load

q = Ps/D Non-dimensional pressure purimeter (positive for external
pressure

9 " Value of 9y for buckling due to external pressure
P = Axial load on shell boundary (positive in compression)
D = Bb/(l-vz) Stiffaess parameter
p = Uniforam normal pressure (positive inward)

R + Padius of cylinder

Equation 3.67 shows that the natural frequency decreases for coapressive
axial loading and externally applied pressure.

The unloaded natural frequency, wo, can be obtained from Figures 3.19
through 3.25, taken from Reference [3.17]. Each figure is for a different
value of R/h, the sheli radius divided by skin thickness. The natural
irequency i{s a function of the number of circumferential waves, n, znd the

numbezr of axial half-waves, m. The parameter y is given by
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- (3.68)

and has units of seconds. E, p and V are Young's modulus, density and
Poisson's ratic of the shell skin.

3.8 NON-CYLINDRICAL SHELLS

Non-cylindrical shells include conical sections and general shells of

revolution, the most common being spherical. Reference [3.3] discusses
conical shells and present< the curves shown in Figure 3.26 for calculating
the fundamental frequency for a frustrum of a cone with the small end clamped
and large ond free.

In Figure 3.26, the following definitions apply

W = Pundamental mode natural frquency
r, = Radius at large end of cone

P = Haterial density

E = Young's wmodulus

V = Poisson's ratio

h = Shell skin thickness

a = Vertex half-angle

Results for other coaical shell end conditions are presented in Reference
{3.3], but are not simplified to the oxtent of Figure 3.26.

For shells of revolution, Reference [3.3], contains an exteasive
bibliography in Chapter 6, particularly for spherical skells. Other shells of
rcvolution (ellipsoidal, paraboloidal, toroidal) have fewer references than
spherical.
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SECTION 4

DAMPING DESIGNS AND DESIGN APPROACH

The purpose of this section is to help the designer select the most
appropriate damping concept for his particular problem. It provides general,
but brief, information on how to design damping systems. The user is referred
to the appropriate sections in Volume I for more dctailed information.

4.1 SELECTION OF DAMPING CONCEPT

There are three basic damping concepts: the free layer treatment, the

constrained layer treatment, and the tuned damper. The following sections

briefly review each concept.

4.1.1 Free-Layer Damping

A free-layer damping system is the simplest method to add damping to a
structure. It iavolves choosing the approp ‘ate damping material and bonding
it to the structure (Figure 4.la). Typical examples of free layer damping are:

1) Polymeric coatings on sheet metal bins to reduce impact noise.

2) Automotive undercoating.
3) Glass coating on turbine blades.

The main drawback with this damping system is that the increased damping is
obtained with the greatest weight increase. Ther: is also an optimum frea-layer
thickness beyond which the damping does not increase significantly with a further
ircrease in the damping layer thickness:

In a free-layer damping design, the principal damping material deformation
is due to extension and compression, produced by the deformation of the structure

during vibration. The energy diszipated in the damping layer is given by

Dsu'nf nEe2 dv (46.1)
\'/

where the integration is taken over the volume, V, of the damping material. Also

E :d n are the Young's modulus and loss factor of the damping material, respuctively,
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and € is the localized dynamic strain. This localized strain is determined by the
mode shape of the structure. Since the design of the damping treatment offers no
way of maximizing the strain other than by location on the structure or through the
use uf a spacer (Figure 4.1t), the optimum free-layer design is primarily dependent
on the damping material properties (see equation 4.1). Spacers, which have a bhigh
shear stiffness and a very small or no extension stiffness, increase the strain

by increasing the distance from the neutral axis to the free damping layer. This

increase in strain is, however, obtained at the expense of increased weight.

A good free-layer damping material must, therefore, have a high mzdulus and

a high loss factor. Generally effective free-layer materials have an extensional
loss modulus, the product of the Young's modulus and loss factor, above 105 pounds
per square inch (6.9 x 108 N/mz). The optimum design temperature range for

a free-layer material is shown in Tigure 4.2,

There are two approaches available to increase the effec.ive temperature
range of a free-layer damping system. The first is to use 2z polymer hlend of
two or more good free-layer damping materials which results in a new material witk
multiple transition regioans leading to a larger effective damping temperature range.
The second approach is to use a multiple layer system as shown in Figuvre 4.3
The temperature range increase, resulting from a two-layer system, is also shown in
Figure 4.3. Note that the high temperature material must be placed next to the
structure for two reasons. First, if the low temperature material was next to the
structure, it would be too soft at higher temperatures to transmit strains to the
higher temperature materials. Second, at the lower temperatures, the higher
temperature material would restrict the deformation of the lower temperature

material because it is stiffer, which would reduce the low temperature damping.

An important point to remember is that a free-layer damping system will }
function only if the structural mode shapes tc be damped are beam or plate-like

and have large areas with significant bending ;trains.

4.1.2 Constrained Layer Damping

The simplest form of a constrained layer damping treatment is the single
constrained layer system illustrated in Figure 4.4, The constraining layer
causes the damping material to deform in shear as the structure it is applied
to vibrates. The constrained layer damping system has the advantage of being
considerably lighter than a free-layer system which would produce the same level

of modal damping for a given structure.
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Figure 4.1. - Typical free-layer damping treatment.
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Figure 4.2. - Optimum temperature range for free~iayer treatment.
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The damping material may be self adhesive and adhere to bhoth the structure
and the constraining layer without the use of an additional bonding agent.
The most efficient design of the constrained layer damping involves the use
of a viscoelastic damping layer that is sandwiched between two equal thick-
ness structural surfaces. This design introduces the greatest shear into

the damping material., ‘Typlcal examples of constrained layer camping are:

1) Adhesive tape applied to aircraft panels to reduce dynamic stress

and interior noise

2)  Sandwich shect type components in diesel engines to reduce indicatd

noisc
3) Wraps applied to jet engine inlet guide vanes
4) Damped bolts for mirror supports in space applications.

The main drawback is that the design of an effective constrained layer

damping system is considerably more complicated through the free layer system.

The ecnergy aissipated by shear in the damping layer is given by

Ds =5 ]‘ ncyzdv (4.2)
\

where € is the shear modulus and Y is the locaiized shear strain in the

; 2
damping tayer. The designer now has control of the strain term, Y . By
properly matching the geometry, and damping materal modulus to the structure

under consideration, the design can maximize the strain in the damping material.

Tie¢ temperature range for obtaining maximum damping from a shear damping
material is shown in Figure 4.5. A good shear damping material generally has
a maximum loss factor equal to or greater than 1.0, The optimum modulus for a
shear damping material is totally dependent on the structure on which the mate-
rial is being applied, Lhe material of the constraining layer and the geometry
of the constrained layer system. Often, an optimum material which would give
muximum damping for all the modes of the structure cannot be found. 1In this
case the damping design must be tailored to provide muximum damping for the

particular resonant modes of interast.
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The effective tcmperature range of a damping design is sometimes narrower
than the required temperature range for high system damping. The standard
approach to increase the effective temperature range is to use a multi-layered
system as shown in Figure 4.6 where the increased effective damping temperature
range is also shown. It is again extremely important to note the order in which
the layers must be applied. The highest temperature damping material must be
closest to the structure with the lower temperature material (or materials)
applied next. The primary reason for this order is that no strain energy
would be passed on to the outer damping layers if the lowest temperature
material was applied adjacent to the structure as the temperature increases

because the low temperature material would be too weak to transmit the energy.

An important point to remember is that a constrained layer damping system
will only work if the structural mode shapes to be damped are beam or plate-like
and have large aresas with significant bending strains.

4.2 TUNSD DAMPERS

The dynamic absorber, DA, is a well understood vibration control device
and is used when a single frequency excitation is generating a resonant vibra-
tion problem. The dynamic absorber and its frequency response effect on a
single degree-of-freedom structure is shown in Figure 4.7. The tuned visco-
elastic damger, DT, as shown in Figure 4.8, has several advantages over the DA.
One advantage is that a properly tuned TD results in two controlled resonant
frequency peaks as shown in Figure 4.9 instead of the DA response as shown in

Figure 4.7. The sccond advantage is that the TD can control more than one mode.
Tuned dampers have been applied on:
1) Elect;onic circuit boards to control resomant response
2) Jet engire structural components to increase fatigue life
3) Aircraft antenna to increase fatigue life
4) Adrcraft skin panels to increase sonic fatigue 1life

The major advantage the ID has over the DA is its ability to control more

than one vibration mode. The multi-mode control effect is illustrated in

. Fipure 4.10 for variovus types of structures.

4-7

[



2.0 2.5

1.5

.0

}
i
:
¢
]
]
!
{
[
'
]
§
1
Frequency Ratio,f

. %0
dvramic absorber.

SR S S W S V—
[ ] ®w - N A O

MEB /b ‘oney epmdury

Figure 4.7. -~ Response of a single degree-of-frecedom system with a




oo A~ STh

Dissipative Link:
K¢ e ekt

MASS M
% I
_A

Figure 4.8. - ldealized tuned damper.

4-9




0 | W76,

Figure 4.9. - Effect of tuned damper.

4-10

2




UNDAMPED DAMPED

FREQUENCY FREQUENCY
STRUCTURE WITH WIOELY SPACED MGOAL 8ANDS
4 UNDAMPED } DAMPED

FREQUENCY FREQUENCY
STRUCTURE WITH VERY WIDE MCDAL BAND

.-tvb.'
- . %

SR
L e,

Figure 4-10. - Effects of a tuned damper on different types
of structures.

4-11




There are two major concerns when designing with a TD. First, the TD must be
located on th structure at or near an anti-node of the mode or modes to be
damped. Second, since the resonant frequency of the TD is extremely important for
effective damping, the modulus of the TD material must be relatively constant with
temperature. The design temperature range for materials used as TD's is shown in

Figure 4.11.

Glassy Region Transition Rubbery
Region Region

loss Factor, 1

Modulus or Loss Factor

Temperature

Figure 4.11. - E and 1 versus temperature for typical clastomer.
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4.3  GENERAL APPROACH TO DAMPING DESIGN

The following section covers the general approach to designing damping

treatments. The steps in this approach are:
e Verify that the problem is due to rescnant vibration.

e Conduct dynamic analysis of the system to determine

resonant fre acies, mode shapes, and damping.

o Define the environmental conditions in which the

system operates,

e Define the system damping required tc eliminate the

problem.

e Select the appropriate damping materials and basic
damping configuration.

e Develop the required design from the data collected {4.1,4.2],

These steps are discussed in more detail in the following subsections.

4.3.1 Dynamic Problem Identification

The first step in the solution of any problem is to completely define thst
problem. This is also true when attempting to solve a vibration induced problem
through the use of damping technology. Therefore, the very first step in a
damping design approach is to assure that the problem is indeed cdue to siructural

resonance.

In case of a new design, the designer must obtain the anticipated force input
or excitation enviromment for the system and correlate the frequency content of this
information with the results of a natural frequency analysis of the system. If
there are natural frequencies occurring within the frequency baud of excitation
expected, the designer has identifiec tiie potential dynamics problew or problems
which must be addressed.

1f a problem develops in an existing part, the designer might chocse one of
the following approaches to identify the problem.

In the case of a cracked component, an analysis should be performed to
verify that the crack is due to high cycie fatigue. Alsc, an instrumented
cperational test of the component should be conducted. This test can be rum
with strain gages or accelerometers. The data from this test will identify
the fraquencies and the vibration levels associated with the problem.
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If the problem under consideration is a high noise radiation problem,
an operational evaluation should be made to determine both the frequencies
and magnitudes of the noise being radiated and the source of radiation. An
unacceptable vibration level environment problem should be attacked in the

basic manner as the noise problem.

As a result of the above investigations, the designer has determined
the operational dynamic cause of the problem and the resonant frequencies that

are developing the high dynamic response.

4.3.2 Dynamic Characteristics of Structure

A successful damping design can only be developed from a complete under-
standing of the dynamic behavior of the structural system and the component to
be damped. Generally, the frequency range over which dynamic information is
aeeded, is obtained from the analysis completed in the first step. Once a
frequency range is chosen for a problem, a complete dynamic investigation must
be conducted. All of thz resonant frequencies, the corresponding structural
mode shapes, and the inherent modal damping values must be accurately determiued
in this frequency range. If a tuned absorber is to be properly applied, the modal
mass and stiffness are also needed. These data can be obtained analytically or
experimentally.

In the early design stages, where a prototype is available, the optimum
solution for data acquisition is experimental analysis on the prototype structure
used to refine analytical models which are then used for further component

damping design evaluation [4.3,4.4,4.5]).

Often, when added damping is used in redesign, the necessary dynawic
characterization can be acquired more efficiently through the use of modern
experimental methods than through finite element or other analytical methods.
Experimental methods can quickly determine the data needed for a highly complex
structural system; however, measurements on operational systems can be extremely
difficult and costly.

The Fourier analyzer is the most powerful experimental tool currently available
to do the experimental work; however, holographic methods for determining mode
shapes and standard sine sweep methods for resonant frequencies and modal damping
values are also cxtremely useful [4.6,4.7,4.8]. The designer must choose the most

expedient method to develop the required data.
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4.%.3 Environmental Definition

A major data point still] needed in the quest for an optimally designed
damping application is the definition of the operational enviromment to which
the design will be exposed. This deofinition, at first thought, might seem to
be a rather simple task but the importance of accurate temperature data czanot

be over stressed.

The all encompassing approach to temperature such as the standard temper-
ature range for operation of many aircraft components of -65°F (-54°C) to 150°F
(66°C) is not the total answer. This may be the maximum range seen by the com-
ponent; however, it will not generally be necessary to provide high damping over
this entire range. 7The engineer must determine over what specific temperature
range the damage can occur and design his application for that range while maintain-
ing a total awareness of the required survivability temperature range. Time
related recordings of vibration data and temperature from operational tests can
be used tc determine the temperature range over which damaging vibration levels
occur. Operational tests can also supply the necessary maximum temperature limits
to be used in the design. If temperature data fror a large number of different
operational tests are available, a statistical study of the data will reveal the

temperature range in which the majority of operational time is spent. An

example of this type of data is shown in Figure 4.12 where minimum and aximum
temperatures are shown along with percent of total operational time spent in each
temperature range. It is easy to see the value of this type of data, particulerly,
if vibration level and temperature data cannot be simultaneously obtained for

operational conditionms.

in the early stages of system design, complete operational temperature
data mway not be available. In such 2 case data from similar systems should be reviewed
and the best estimates of temperature should be doveloped and uscd in the design

procedure.

Temperature is not the only environmental factor which must be considered.
The engineer must know if the application will come in contact with contaminates
such as salt water, gasoline, jet engine fuel, hydraulic fluid, or any other
substance which might affect the performance or longevity of the candidate dampiag
materials {4.6,4.7].
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4.3.4 Required Damping Increase

The remaining question to be answered before a damping design can be started
is "How much damning is nceded to eliminate the problem?" 1n the "fix-it"
damping business, the general approach found in the literature is to design an
optimum damping system and test it In service. If the failures are eliminated
the problem is solved. 1In reallty, the designer wants the minimum value of system
damping which will eliminate the vibration probiem. If the damped design
accomplishes just the minimum required damping using an optimum damping system,

the design should also be optimized from a weight, size, and cost standpoint.

The method for determining the minimum required system damping will depend
on the problem to be solved. From the dynamic characterization, the inherent system
damping has been determined. The corresponding vibiation problem (high dynamic
stress, noise level radiated, high dynamic amplitude response, etc.) is directly
related to the inherent damping. Quick calculations can be made to determine
the required increase in system damping to eliminate the vibration problem.

In estimating the required damping, account must be taken of the mature of
the excitation. If the structure is excited sinusoidally (single frequency) at

i resonant frequency, then the damping required, Ny from the damping material

Ly given by

vy

Ny = n(;;- - ) (4.3)
D

where n is the damping of the resonant mode before the damping treatment and

wilwD is the ratio of the amplitude, strain or acceleration before the application

of the treatment to that after the application. After the application of the

damping treatment, the totil damping, Ny of the treated structure is given by
= 7 < ¥
ng =+ M (4.4)

Suppose, for exanple, that the damping ,n, of the struc.cure is ¢.0l1 and it is
necessary to reduce the amplitude at resonance by a factor of 3, then
wllwD equals 3,
np = 0.01 (3~1) = 0.02
4=17




and
nq = 0,02 + 0,01 = 0.03

If the structure is excited by a broad band nolsce and contains a resonant
mode that is beiryz cexcited, then the damping required “rom the damping material

is given by

2
w
ny = N (i) - lg (4.5)

If it i{s necessary to reduce the root mean square amplitude of the structural
response to the random excitation by a factor of 3, and the structuxe has a

damping, n, of 0.01, then

np = 0.01 (9-1) = 0.08

and
ng = 0.09

The reason for the increased damping, in the case of random excitation, is
thet part of the response is nonresonant. Conssquently, in order to achieve the
neceasary reduction in the vibration amplitude, the resonant portion of the

response must be reduced much more,

See Section 8 for the values of typical system and material damping for

varicus structural systems and strurtural materials.

In the literature, most of the successful damping systems currently in use were
designed to achieve the maximum possible damping from a given configuration without
regard to eliminating the problem with the least required amount of damping.

4.3.5 Damping Materials aund Application Design

The primary function of the designer, up to this point, has been to develop
an accurate and complete definition of the resomant vibration induced problem. The
frequencies at which the problem exists ducing operatioan of the component have been

defined along with the dynawic characteristics of the compoaent. Thus, the resonant
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modes of the component that are creating the vibration problem, which in turn define
the frequencies at which damping material is needed to operate, the corresponding
resenant mode shapes, the undamped modal loss factors, and the required damped

mottal loss factor have been determired. This complete set of dynamic data,

combined with the environmental conditions, provides the designer with all the

data nccessary to begin analysis and evaluation of damping materials and their

design configurations.

The designer must first look at the temperature range for which damping is
needed and the survivability temperature limits to see if either of these
temperature ranges ellilminates a particular method of damping approach because of
no available materials which will meet the temperature requirements. An example
would be a damping requirement over the temperature range of 150°F (66°C) to
250°F (121°C) with a survivability to 600°F (316°C). This requirement would
eliminate the typical constrained layer or free layer dampisng approach because
therce are no effective materials currently available which +4ill meet these

reguircments.,

I1f the temperature range conditions can be met, the next consideration is the
mode shapes of the resonant frequencies which require damping. Tuned dampers
raquire disrlacements of some magnitude while constrained and free layer applications
require large areas of localized bending which can deform the damping material.
Highly localized strain distributions will negate the effectiveness of a layered
treatment. An example of the localized strain condition is discussed in Refer-
ence [4.8]. An antenna mount was incurring high cycle fatigue cracks. The
strain distribution was concentrated in the corner areas and therefore a layered
damping approach was not {easible. The displacements were such that a properly
designed tuned damper was able to eliminate the problem.

From the temperature conditions and the dynamic characteristics, the designer
can choose the appropriate class of damping materials and the appropriate type of
damping design for the starting point to design the specific application for the
structure having the vibration problem. The basic principles of free layer and

constrained layer damping applications and tuned dampars have peen discussed in




Subsection 4.1. The basic design equations are given in Section 5. Finite
element analysis is also discussed in Section 5. More detailed information is

contained in Volume I.

Any of these design methods arc appropriate for most all problems. However,
it is necessary to obtain all the basic information discussced previously to be
successful regardless of the analysis procedurc used. A flow chart using any of
the design analysis techniques is seen in Figure 4.13. ‘The dynamic and temper-
ature data are the input and the output is the structural loss factor. The pro-
gram loops are continued until the proper ng is achieved at which time the
damping design is complete. Further detailed discussions on the specified design

analyeis techniques are given in the appropriate section.

4.4 SUMMARY

Restating the importance of the problem definition is appropriate at this
point. Inaccurate temperature range formulation can eliminate any beneflicial
effects from the damping material. This effect can be seen in the reduced temper-
ature nomogram [4.9] in Figure 4.14, where a temperature shift of 100°F, from the
maximum loss factor temperature, causes a reduction of more than 50 percent in the
loss factor. If the survivability temperature limits are incorrect, the damping
application may well provide the necessary reduction in the vibration levels but
will be destroyed by an over-temperature condition {4.10]. An assumed sct of

temperature data will invariably lead to the failure of a damping design.

The other major area where accurate data are necessary is the dynamic
characteristics of the system under consideration. The placement of a layered
damping design on a portion of the structure which is not undergoing the major
motion of a particular mode is as ineffective as placing a tuned damper on a

node line of the mode you wish to control.

As with any design project, successful results require accurate information
upon which to base the design. Temperature and dynamic characteristics are the
two prime factors which must be meticulously measured to obtain good danping

design results.
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Figure 4.13. - Basic flow chart.

4-21




» =
L

¢ __: M_

2N ¥4 §.u=3 ¥d a uo.zu..
! -9

\\\\\;

LEXWODWEO>
8 (]

\&\\w,
\\\\ag
§\




4.1.

4,2,

4.3.

4.40

4.5.

4.6.

4.7,

4'8‘

4.9

4.10

REFERENCES

Sharp, J.D. and M.L. Drake, "Elimination of Resonant Fatigue Problems
for Major Miintenance Benefits," ASME Pyblication Number 77-DET-135.

Drake, M.L. and J.D. Sharp, "4n Example of Additive Damping as a Ccit
Savings Alternative to Redesign,"” ASME Publication Number 77-WA/GT-2.

Browa, Dave, Lecture notes ~ Short Course, '"Modal Analysis Theory and
Measurement Techniques,”" sponsored by the University of Cincinnati
and Hewlett Packard.

Ramsey, K.A., "Effective Measurements for Structural Dynamics Testing,"
Sound and Vibration, November 1975, pp 24-35.

Flora, e. al, "Dynamic Analysis and Testing of Damped Intermodule Plates for
the Sigma Laser Device," ASTIAC Report No. 1182 1A, November 1982.

Drake, M.L. and J.P. Henderson, "An Investigation of the Response of a
Damped Structure Using Digital Techniques,"” Shock and Vibration Bulletin 45,
Part 5, 1975.

Henderson, J.P. and M.L. Drake, "Investigation of the Effects of Damping
Treatments on the Response of Heated Fuselage Structure," NoisEXPO,
National Noise and Vibrstion Control Conference, New York, New York, March,
1976.

Jones, D.I.G., J.P. Henderson, and 1/Lt. G.H. Bruns, "Use of Tuned
Viscoeiastic Dampers tor Reduction of Vibrations in Aerospace Structures,"
Air Force Materials Laboratory, presented at the 13th Annual Air Force
Science and Engineering Symposium at Arnold Air Force Station, Tennessee,
September 27-29, 1966.

Jones, D.I.G., "A Reduced Temperature Nomogram for Characterization of
Damping Material Behavior,” Shock and Vibration Bulletin 48, 1978.

Jones, D.1.G. and C.M. Cannon, "Control of Gas Turbine Stator Blade

Vibrations by Means of Enamel Coatings," Journal of Aircraft, Vol. 12,
NO- 4’ ppo 226-230, Aptil 19750

4-23




SECTION 5
DES1GN METHODS

Classical analytical methods for application of viscoelastic
damping have been developed, in general, only for simple beam and plate
structures because of the complexity of the analysis. The pertinent design
equations for these simplified methods z2re presented in Section 5.1, In many
instances, the c¢ynamic response of complex structures can be reduced to that
of simple beams or panels, especially if modal test data are available. The
simplified analysis methods can then be used in the initial design of the
damping treatment. The initial design can, thereafter, be verified and, if
necessary, be refined by the use of finite element analysis, as discussed in
Section 5.2. Table 5.29 is a list of symbols for Section 5.

5.1 SIMPLIFIED DESIGN EQUATIONS

The basic design equations for beams and plates, and computer
programs for these equations, are presented in this section together with
worked examples illustrating their use. The derivation of these equations is
given in Section 3, Volume I of this design guide.

The suggested approach, in using these equations to analyze the
vibraticn response of more complex structures, is to "adjust" the variables
in the undamped frequency equation for the simplified model to obtain a
match with the natural frequency of the complex structural mode under study.
For example, the thickress of a cantilever beam can be adjusted when modeliﬁg
the vibration response of a turbine blade with chordwise curvature since the
curvature contributes to the bending stiffness of the blade. Tha density can
also ve recduced to ccmpensate for over-estimating the blade weight per unit
length resulting from the increased blade thickness. The width of a panel
stiffened with open section stringers and frames can be reduced when modeling
the panel response with a simply supported panel. It is important to develop
a model which has approximately the same mode shape and strain energy
distribution as the system to be analyzed. An exact frequency is of lesser
importance. The adjusted parameters are retained in the lcss factor and
frequency equations for the damped model structures in this section. Methods
for predicting the modal frequoncies of complex structures and typical
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material properties for some of the more common structural materials are
listed in Sections 2 and 9 of this volume, respectively. The damping
material properties are listed in Volume III of this design guide.

£.1.1 Cantilever Beam with Free-Layer Damping on One Side

5.1.1.1 Basic Equations

The natural frequency, F

B° of an undamped cantilever beam is piven by

E. B 1 172
F, = (501>

where
th
51 is the i— modal eigenvalue
L, is the beam's length
H, is the beam's thickness
E, is the beam's Young's modulus

R, is the beam's Density

I. is the beam's Moment of inertia and

=+
P )
w

for a unit width beam)

-
L}

-
" -
r

g 1s the gravitational constant

The first five eigenvalues of a cantilever beam are listed in Table 5.1.
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TABLE 5.1 ELGENVALUES OF CANTILEVER BEAM

MODE £
NUMBER
1 3.51602
2 22.0345
3 61.6972
4 120.902
5 199.860

The loss factor, Ng» for a cantilever beam with a free damping

layer applied to one side is

"-1)

= q
s D } 2,, U
(1+&R ﬂR) (1+2 AER HR*ER HR )

3.2
ERHR(ZA*aERHR *Eq HR

n (5.2)

"y is damping wmaterial loss factor

E, is modulus ratio

H_ is thickness ratio

E, 1is beam Young's modulus

E., is damping material Young's modulus
H, 1is beam thickness

H, 1s damping material thickness

5-3




The corresponding damped cantilever heam modal frequency may be

determined from

12
, 2. 2.4
1+ 2 EgHo(2 + 3 Hpr 2HD) ¢+ E \\

i
R_R (5.3)

s B (1 + ERHR)(l + HRRR; //

where F, is bare beam frequency (Equation 5.1)

is beam density

R

R is density ratio =

R,

R is damping material density

2

5.1.1.2 Worked Example

The use of the deaign equations is illustrated in the following

problem for a Haymes Alloy Cantilever beam.

undamped and damped beam second mode rrequéncy and the loss factor at a
temperature of 1100°F (593.3°C) using the following parameters:

BEAM MATERIAL:
LENGTH:
THICKNESS:

DENSiTY:

YOUNG*'S MODULUS:

MODE: 2

DAMPING MATERIAL:
THICKNESS:
DENSITY:

LOSS FACTOR:

YOUNG'S MODULUS:

HAYNES ALLOY NO. 188

10.0 in (254 mm)
0.04 in (1.016 mm)

0.33 Ib/in> (.00913 g/mm>)

2.8E7 PSI (1.93E11N/m°) at 1100°F
(593.33°C)

CORNING GLASS NO. 8871
0.006 in (.1524 +wm)

0.1387 1b/ind (.00384 g/mr>)
1.2857 at 1100°F (593.3 C) and 73 HZ

1.8E5 PSI (1.24E9 N/m>) at 110G°F(593.3°C)
and 73 HZ
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e

The undamped cantilever beam frequency from equation 5.1 is

(.013)3 /2
22.0345 28000000\ 12 )(386.01)
F = " n = 73-3 HZ
Blmode 2) 53 1416)(10)2 -33(.0%) :

.« modal loss factor for the second mode of the damped beam from .

equation 5.2 is

(.0064) (.15)L2(2.495) +2(.0064) (.15) 3+(.0064)2(.15) =11
s = 142857 [1,(.0064) (.15)] [1+2(2.495) (.0064) (.15)+( .0064)2(.15) "]
0049

=
[

The second mode frequency of the damped beam using equation 5.3 is

N\
/1+2(.006u)(.15)[2;;(.15)+2(.15)2]+(.00611)2(.15)“ 1/2
Fy = 3.3, [14(.0064) (- 15) | [1+(.15) (380 |

N

71.2 HZ

5.1.1.3 Computer Program For Design Equations

The design equations 5.1 through 5.3 have been combined in a
computer program (F1SID) that is listed in Table 5.2. The instructions for
using the program and the input and output formats are summarized in Table

5.3. The symbols are defined in Table 5.4.

The example problem in Subsection 5.1.1.2 has also been solved with
this computer program. The input and output data for this problem are
illustrated bel .w.
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TABLE 5.3

USER'S GUIDE FOR CALCULATION OF BARE AND COMPOSITE
FREQUENCIES AND SYSTEM LOSS FACICR
FOR CANTILEVER BEAM COATED ON CNE SIDE

PROGRAM F1SID

Executed program !

program will then display:
ENTER HD, RHOD, L1, H1, RHO1l, El

for which the user inputs:
the damping laycr thickness, I, the damping layer density,
RHOD, the beam length, L1, the beam thickness, Hl, the beam
density, RHOl, and the beam modulus, El.

program then outputs:
ENTER Nu. DATA LINES*

to which user responds:

n

where n is the number of lines of data to be input iato program.
Program then indicates that it is ready to receive lines of data.

the user inputs:

y» Mys By 1y
for i between 1 and n inclusive, where i is the ith input line,
ti is the temperature, Mi is the mode number, Ei is the wodulus
of the damping material, and ng is the loss factor of the damping

material.

The program outputs headings for the output data and then the data,
including the calculated values of the bare beam frequency and the
composite fregquency of the damped boam.

*The damping material properties are for the required temperature and

at the bare beam frequency. Note, if the damped beam frequency is more
than 102 different from the bare beam frequency, the damping material
properties should be obtained at the damped bean frequency and the system
calculation redone,




TABLE 5.4
SYMBOLS FOR PROGRAM F1SID

(CANTILEVER BEAM COATED ON ONE SIDE)

SYMBOL DEFINITION

CH(I) Eigenvalue for the Ith mode where I has been
1-5 inclusive

SF1(J3), El The moduius of the beam for all J

IT(K), TEMP
IM(X), MODE
SF1(K), FB

SF(K), F
SETA(K), ETA

SETAD(K), ETA
SED (K),
HD

RHOD, RD

L1, BL1

HL

RHC1, Rl

r
[

N

ER
HR
RR

Al, A2, A3,
A4, A6, A7

The temperature of the Kth line of data
The mode of the Kth line of data

The calculated bare beam frequency of the «t
line of data

The calculated composite frequency of the Kt
line of data

h
h

The calculated system loss factor of the Kth

line of data

h line of data

The material loss factor of the Kt
The material modulus of the Kth line of data
Thickness of the damping laye:i

Density of the damping material

Beam length

Beam thickness

Beam density

Beam modulus

Number of data lines (maximum of 25)

Modulus ratio

Thickness ratio

Density ratio

Intermediate calculattons
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INPUT DATA LIST*

HD = .0060 TEMP = 1100 El = 28000000
RHOD =  .1387 MODE = 2 ED = 180496

. L o= 10 Hi = .OM ETAD = 1.2857
Noo= 1 RHO1 = .33 .

OUTPUT DATA LIST*
TEMP  MODE ED ETAD E1 ETA F FB
1109 2 .1805E6 1,286 .280CE8 .005 T71.2 73.3

*Prcg.ram accepts input <ata and output data in English units only.

5.1.2¢ Simply Supported Beam with Free-Layer Damping on One Side

5.1.2.1 Basic Equations

The basic equations given in Subsection 5.1.1.1 aiso apply to the
simply supported beam. The eigenvalues in Table 5.1 must bx replaced by the
eigenvalues in Table 5.5 for a simply supported beam.

TABLE $.5 EIGENVALUES OF SIMPLY SUPPOKTED BEAM

MODE £
NUMBER L
1 9.86960
2 39. 47852
3 84.826::4
4 157.91367
5 j 246.74011




5.1.2.2 Worked Example

‘The use of the free layer damping coated one side pin-pin beam
design 2quations is illustrated in the following example.

BEAM MATERIAL: HAYNES ALLOY NU. 188
LENGTH: 10.0 in. (254 mn®)
A HICKNESS : 0.04 in. (1.016 am)
DENSITY: 0.33 1b/in> (.00913 g/mm’)
YOUNG'S MODULUS:  2.8ET PSI (1.93EL1N/m>) at 1100°F
(593.3°C)
MODE:: 2
DAMPING MATERIAL: CORNING GLASS NO. 8671
THICKNESS: 0.006 in. (1.524 mm)
DENSITY: 0.1387 1b/in> (.00384 g/mm)
LOSS FACTOR: 1.42 at 1100°F(593.3°C) and 127.7

YOUNG'S MODULUS:  2.494ES5 PSI (1.716E9N/m2) at 1100¢F(593.3°C)
and 127.7 HZ

The undamped pinred beam frequency from equation 5.1 is

‘ 3
F _ 39.u47842 28000000\ 12  /(386.01) - 131,35 HY
B(mode 2) 2(3.1“16)(10)2 .33(.04) /}

The modal loss factor for the second mode of the damped beam from
equation 5.2 is

n, = 1.42 T°°89‘t?5)[2(2-“95)+2(.0089)(315)3+(.ooa9)2(.1§>"-1]

5} = ,0075%1
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Ihe second mode frequency of the damped beam using equation 5.3 is

142(,0089) (. 15)[23(.15) +2(,15)°] +(.0089)%(. ‘5)\”2 - 127.7

F, = 131.3 .
s [1+(.0089) (.15)] [1+.15) .1387] )

5.1.2.3 Computer Program for Design Equations

The same computer program a< used in Subsection 5.1.1. 3 can be used
to analyze the simply supported bteam if the CH (I) values given in lines T
through 11 (Table 5.2) are replaced with those in Table 5.5.

An example of the input and output from the pinned beam program is
given below.

INPUT DATA LIST*

HD = ,006 TEMP = 1100 ED = 249400
RHOD = ,1387 " H1 = .04 ETAD = 1.42
L1 - 10 RHO1 = 3.3
N =11 El = 28000000
OUTPUT DATA LIST*
TEMP  MODE ED ETAD El ETA F F

B
1100 2 2.494E5 1.42 ..2800E8 .00751 127.7 131.3

*Ppogram accepts input data and output data in English units only.

Y.1.3 Clamped Beam wilh Free Layer Damping On One Sice

The basic equations given in Subsection 5.1.1.1 also apply to the
beam clamped at both ends. The eigenvalues in Table 5.1 must be replaced by
the eigenvalues in Table 5.6.




TABLE 5.6 EIGENVALUES OF A CLAMPED BEAM

MODE £
NUMBER

1 22.3132

2 61.673

3 120.903

4 199.859

5 298.556

The computer program given in Subsection 5.1.1.3 can be used to
ana’yze the beam clamped at both ends if the eigenvalues given in Table 5.6

are inserted for the CH(I) values in lines 7 through 11 of the program listed
in Table 5.2.

5.1.4  Eree Beam with Free Layer Damping on One Side

The basic equations given in Subsection 5.1.1.1 also apply to the
beam free at both ends. The eigenvalues in Table 5.1 must be replaced by the
eigenvalues in Table 5.7.

TABLE 5.7 EIGENVALUES UF A FREE BEAM

MODE £ |

NUMBER !
1 22.373 »
2 | 61673 {'
3 120.903
i 199.859

s 298.556 '~

The computer program given in Subsection 5.1.1.3 can be used to
analyze the beam free at both ends if the eigenvalues. given in Table 5.7 ure




inserted for the CH(I) values in lines 7 through 11 of the program listed in
Table 5.2.

5.1 Clamped-Pinned Beam with Free-Layer Damping on One Side

The basic equations given in Subsection 5.1.1.1 alsc
apply to the beam clamped at one end and pinned at the other. The
eigenvalues in Table 5.1 must be replaced by the eigenvalues in Table 5.8.

TABLE 5.8 ELGENVALUES OF A CLAMPED-PINKED BEAM

MODE £
NUMBER
1 15.418
2 19,965
3 104,248
4 178.270
5 272.031

The computer program given in Subsect.on 5.1.1.3 can bLe used to
analyze the clamped-pinned beam i the eigenvalues givén'in Table 5.8 are
inserted for CH(1) values in lines 7 through 11 of the program listéd in
Table 5.2. '

5.1.6 Cantilever Beam wilh Free-Layer Damping on Both Sides

5.1.6.% Basic Equation.

The natural frequency FB of an uncampecd cantilever beam is given by

Equation 5.1 which is repeated here for convenience.

& [E L8 /2
Fg = (5.4)

2
21![.1 RIHI y
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where
th
£1 is the i— modal eigenvalue
L, 18 the beam's length
is the beam's thickness
81 is the beam's Young's modulus
R, is the beom's Density

I is the beam's Moment of inertia and
i
I = T? {for a unit width beam)

g8 is the gravitational counstant
The first five eigenvalues of a cantilever beam are listed in ‘lable 5.9.

TABLE 5.9 EIGENVALUES OF CANTILEVER BEAM

ODE £
NUMBER
1 3.51602
2 22.0345
3 61,6972
" 120.902
) 199.860

The loss factor (ns) for a cantilever beam with a free damping

layer applied to both sides is

3 + 12 HRZ +6 “R)

n.=n 3
s D 3 F
|?*ER(8HR ¢§2HR +6HR)

[én‘a Hy

(5.5)
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where E == : H =

" i3 damping material loss factor

E is modulus ratio

H is thickness ratio

E is beam Young's modulus

is damping material Young's modulus

H is beam thickness

2 is damping material thickness

The correspoading damped cantilever beam modal “requency may be determined
from

[Bu3+1252+631(8)+1 1/2
F,=F R LSRR L (5.6)
s B 1 +z RRR )
where Fg 18 bare beam frequency (Equation 5.4)
R
RR is density ratio =
R,

1

R1 is beam density

Rz is damping material density

5.1.6.2 Worked Example

The use of the design squations is ifllustrated in the following
problem for a Haynes Alloy cantilever beam. It is necessary to calculate the
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undamped and damped beam second mode frequency znd the composite loss factor
at a temperatyre of 1100°F (593,3°C). The follcwing data form the input:

BEAM MATERIAL: HAYNES ALLOY NO. 188
LENGTH: 10.0 in (254 um)
THICKNESS : 0.04 in (1,016 ma)
WENSITY: 0.33 10/4n3(.00913 g/mu’)
YOUNG'S MODULUS:  2.8E7 PSI (1.93E11 N/m°) at
1100°F(593., 3°C)
MODE 2
DAMPING MATERIAL: CORNING GLASS NO. 8871
THICKNESS: 0.006 in(.1524 mm) each side of the beam
DENSITY: 0.1387 1b/in 3(.00384 g/mm’)
LOSS FACTOR: 1,2857 AT '100°F(593.3%C) AND 73 HZ

YOUNG'S MODULUS: 1..o3‘l985 »SI (1. 2“59 N/n ) at 1100°F(593.3°C)
and 73 Wi

The undamped cantilever beam frequency from equation 5.4 is

‘..ou) ) 2
. 220345 _ (z;a_s;i_ (386.01) |. - 73.3 Hz

Fa(mode 2) 2N 02 \ -3 .ou)

The sodal loss factor for the second mode of the damped beam from
equation 5.5 is

ooeu[&( 15)" » 12(. 15)%¢ 6(4 15)]
ooen 18(.15)3 « 12(.15)%+6(.15)

n, = i «2857(= = .00977

The second mode frequency of the damped beum using equation 5.6 i3

172
£« 73.3(d8% 15) +12(.15)° + 6(.15)](.0064) + ¥ . 69.3 I

s 1+ 2(..5)("-—5-557)
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5.1.6.3 Computer 2rogram for Design Equations

Tne design equations $.4 through 5.6 have been combined in a
comuter program (F2SID) that 14 listed in Table 5.10. The instructions for
using the program and the input and output tormaté.aﬁe summarized in Tatie
5.11. The symbols are defined in Table 5.12. The example problem is
Subsection 5.1.6.2 and has also been solved with this computer progran. The
input and output ‘data are illustrated below.

INPUT DATA LIST®

HO = .006 RHOV = .33 MODE = 2
RHOD = .1387 £l = 2.8E7 ED = 1.80496E5
L1 = 10 K . 1 ETAD = 1.2357

H1 = .04 TEMP = 1100

OUTPUT DATA LIST*
TEMP  MODE ED ETAD E1 ETA F FB
1100 2 .1805E6 1.286 .2800E8 .010 69.3 73.3

XProgram accepts input data and output data in English units only.

5.1.7T Simply Supported Beam with Frec-Layer Damping on Both Sides

5.1.7.1. Basic Equations

The basic equations given in Subsection 5.1.6.1 also apply to the
simply supported beam. The eigenvalues in Table 5. 9 must be replaced by the
eigenvalues in Table 5.03 for a simply supported beam.

TABLE 5.13 EICGENVALUES OF A SIMPLY SUPPNRTED BEAM

MODE £
NUMBER
1 9.8696
2 39,7842
3 88.83644
y 157.91367
5 246, 74011
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TABLE 5.11

USER'S GUIDE FOR CALCULATION OF BARE AND COMPOSITE
FREQUENCIES FOR CANTILEVER BEAM COATED ON BOTH SIDES

PROGRAM F2SID

Execute program

program will then display:
ENTER HD, RHOD, L1, Hl, RHOl, El

for which the user inputs:
the damping layer thickness, HD, the damping layer density, RHOD,
the beam length, L1, the beam thickness, Hl, the beam density,
RHO1, and the beam modulus, El, followed by a carriage return line
feed.

program then outputs:
ENTER NO. DATA LINES

to which user responds:
n

vhere n is the number of lines of data to be input into program.
Program then indicates that it is ready to receive lines of data.

the user inputs:

s "i’ Ei’ Ny
for i between 1 and n inclusive, where 1 is the ith input line,
ti is the temperature, Hi is the mode number, Ei is the modulus
of the damping material, and ni is the loss factor of the damping

material,
The program outputs headings for the output data and then the data,

including the calculated values of the bare beam frequency and the

composite frequency of the damped beam.




TABLE 5.12
SYMBOLS FOR PROGRAM F2SI1D

SE1(K), Ei
SED(J), ED
SETA(J)

SETAD(J), ETAD
o

RHOD, RD

L1, BLl

» AZ;. A3, A‘O

SYMBOL DEFINITION

CH(I) Eigenvalue for the Ith mode where I has been
limited to 1-5 inclusive

IT(J), TEMP The temperature of the Jth line of data

IM(J), MODE The mode of the Jth line of data

SF(J), F The calculated composite frequency of the JHl
line of data

SF1{J), FB The calculated bare beam frequency of the Jth

line of data
The modulus of the beam for all K

The material modulus of the Jth line of data

The calculated svstem loss factor of the Jch
line of data

The material loss factor of the Jth line of data
Thickness of the damping layer

Density of the damping material

Beam length

Beam thickness

Beam density

Beam modulus

Number of dat. lines (Maximum of 25)

Modulus ratio

Thickness ratio

Density Ratio

Intermediate calculations
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5.1.7.2 Worked Example

The use of the design equations for froe layer damping coated on
both sides of a simply supported beam are illustrated in the following

example.

BEAM MATERIAL:
LENGTH:
THICKNESS:

- DENSITY:

YOUNG'S MODULUS:

MODLE

DAMPING MATERIAL
THICKNESS

DENSITY
LOSS FACTOR

YOUNG'S MODULUS

HAYNES ALLOY NO. 188
10,0 in {254 mm)
0 Oh in (1,016 mm)

0.33 lb/1n3( 00913 g/mm>)

2.837 PSI (1.93E11N/m°) at 1100°F(593.3°C)
Y Pedont] . .
CORNING GLASS NO. 8871

0,006 in (.1524 mm)

6.1387 1b/in> (.00384 g/mm>)
1'u2 at 1100°F (593.3°C) and 124.4 Kz

2.45E5 PSI (1.69E9 N/m ) at 1100°F(593. 3°C

and 124.4 HZ

The undamped pinned beam frequency from equation 5.4 is

39.47342

i.om3

2.887 \12 )(386.01) 12 131.3 HZ

FB(mode 2) ©

2(3.1416)(10)2

733(70“)

The modal logs factor from equation 5.5 is

.0088 [8(. 15)3 + 120,152 + 6( 15)]

n o= 1,42 3 = 0,148
s 1+ .0088 [8(.19)3 + 12¢.15)% + 6(. 15)]
The second mode frequency of the damped beam using equation 5.6 is
,([80.15)3 + 12(.15)° + 6(.15))(.0088) +1 A
Fs.13103 " 1387 n -12 .
T 1 r2 (. 15)<r.33 ) :
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5.1.7.3 Computer Program For Design Equations

The same computer program as us3d in Subsection 5.1.6.3 can be used
to analyze the simply supported beam if the eigenvalues (CF(I) values given
in lines 5 through 9 in Table 5.10) are replaced with those in Table 5.13.

An example of the input anc output from the pirned beam program is
given below.

INPUT DATA LIST*

HD « .006 RHOT = .33 MODE = 2
RHOD = .1387  Ef = 2,8ET ED - 2, U454E5

L1 - 10 N - 1 EXAD = 1.42

K1 = .0k TEMP = 1100

OUTPUT DATA LIST*
TEMP  MODE ED STAD El ETA F FB
1100 2 2.45E5 1.42  .2800E8 L0147 128.4  131.3

*Program accepts input data and output data in English units only.

5.1.8 Clamped Beam with Free Layer Damping on Both Sides i

The basic equations given in Subsection 5.1.6.1 also apply to the
beam clamped at both ends. The eigenvalues in Table 5.9 must be replaced by
the eigenvalues in Table 5.14.

TABLE 5.14, EIGENVALUES OF A CLAMPED BEAM

MODE £ |
NUMBER |
1 22.373
2 61.673
3 120.903
y 199,859
5 298,556 ;
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The compuler program given in Subsection 5.1.6.3 can be used to
analyze the beam clamped at both ends if the eigenvaiues'given in Table 5.14
are inserted for the CH{I) values in lines 5 through 9 of the program listed
in Table 5.10.

5.1.9 Free Beam witl Free-Layer Damping on Both Sides

The basic equations given in Subsection 5.1.6.1 also apply to the
beam free at both ends. The eigenvalues in Table 5.9 must be replaced by the
eigenvalues in Table 5.15.

TABLE 5.15 EIGENVALUES OF A FREE BEAM

MODE £
NUMBER
1 22.373
2 67.673
3 120,903
y 199,859
) 298.556

The computer program given in Subsection 5.1.6.3 can be used to
analyze the beam free at both ends if the eigenvalueé éiQen in Table 5.15 are
inserted for the CH(L) values in lines 5 through 9 of the program listed :n
Table %.10.

5.1.10 Clamped-Pinned Beam with Free-Layer Damping on Both Sides

The basic equations given in Subsection 5.1.6.1 also apply to the
clamped-pinned beam. The eigenvalues in Table 5.9 must be replaced by the

eigenvalues in Tablé 5.16.

5-27
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5.1.11

where

TABLE 5.16 EIGENVALUES OF A CLAMPED-PINNED BEAM

MODE £
NUMBER
1 15.418
2 49.965
3 104.248
4 178.270
5 272.031

The computer program given in Subsection 5.1.6.3 can be used to

analyze the clamped-pinned beam if the eigenvalues givén'in Table 5.16 are
inserted for the CH(I) values in lines % through 9 of the program listed in
Table 5.10.

Cantilever Beam with a Single Constrained Layer Damping System

5.1.11,1 Basic Equations

The natural frequency FB of an undamped cantilever beam is given by

o (She " (5.7)
Pt (L1 .
B 21L12 R,

51 is the 1Eﬂ modal eigenvalue
L1 is the beam's length

H; is the beam's thickness

81 is the beam's Young's modulus

R1 is the beam's Density
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1‘ is the beam's Moment of inertia and

3

11 - {for a unit width beam)
2

=

|

-t

g is the gravitational constant

The first five eigenvalues of a cantilever beam are listed in Table

TABLE .17 EIGENVALUES OF A CANTILEVER BEAM

MODEL £
NUMBER
1 3.51602
2 22.0345
3 61.6972
4 120.902
5 199.860

The loss factor (ns) for a cantilever beam with a single

constrained layer damping system applied is

where

A
ng =0, (3 (5.8)

2
A = 3ER3 HRj (1 +2 HRz + HR3) D (ng)

R 3 2
B ~C(1+ Egs Hes ) + A[1 + D1+ Egs Hp3) 1V *+ oy )] (5.10)
\ -
E H H,€
332°i

Ly

(@]
[ ]

(1 +D+D Eps HR3)2 + [D(nD) + D(nD)(ER3 HR3)]2 (5.12)
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83 is the Young's modulus of the beam constraining layer
H3 is the thickness of the constraining layer

H2 is the thickness of the damping layer

62 is the shear modulus of the damping material

n, is the loss factor of the damping material

The corresponding damped cantilever beam modal frequency may be
dctermined from

£ E.H 38 g ?/2
J— 11 (5.13)
] th12 12c (82 H2 + 31 H1 + R3 H3 ) .
where
R1 = density of the beam
R2 = density of the damping material

R3 = density of the constraining layer

5.1.11.2 Worked Example

The use of the design equations is illustrated in the following problem.

STRUCTURE: CANTILEVER BEAM
MATERIAL: ALUMINUM
LENGTH: 10.0 in (254 mm)
THICKNESS : 0.20 in (5.08 mm)
DENSITY: 0.10 1b/in> (.00277 g/mm’)

YOUNG'S MODULUS:

1E7 PSI (6.S9E10 N/m°)
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DAMP ING MATERIAL: SOUNDCCAT DIAD NO. 606

THICKNESS : 0.01 in (.254 mm)

DENSITY: 0.035 1b/1n3{.000969 g/mm’)
CONSTRAINING LAYER: ALUMINUM

THICKNESS: 0.0t in (.254 mm)

DENSITY: 0.10 1b/in3(.00277 g/um’)

YOUNG'S MODULUS: 1 E7 PSI (6.89E10 N/m%)
MODE : 2 )
TEMPERATURE: 170°F (76.7°C)

The undamped cantilever beam frequency from equation 5.7 is

3
((13) ) 1/2
_ 22,0345 1e7\ 12 J(386.00) |

F . .
2(3.1416) (1032 0.2

B

= 397.8 HZ

For Diad 606 at 400 HZ and 170°F (76.7°C)

- .8142 and G, = 299.17 PSI (2.06 E6N/m°)

" 2

The modal loss factor (ns) for the beam can riow be fouad from

Equations .8 through 5.12.

-1
(299,17 (LELL 12001220315
' (10)

(=)
]

= .136

cC = [1 +.136 + (.136)(1)(.5)]2 + [.136 (.8142) + (.136 (.8142)

(:)(.5)]2 = 1,477

A= 3(1)(.5)[1 + 2(.05) + .512 (.136) = 522

B = 1,477 [t + (1)(.125)]) + 522 [t + 136 (1 + (1)(.5)) (1 + (.8162)2)] = 2.360
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522
g -81k2 ;=70 = .18

The second mode frequency of the damped beam using Equation 5.13 is

22.0345 167(.2)3 (2.360) (386.C4) 1/2

- . X = 408.2
3 2(3.1416)(10)2 | 1201:4TT) [L035C.01) + .1(.2) + .1(.1)]

F

5.1.11,3 Computer Program for Design Equations

The design equations 5.7 through 5.13 and Table 5.17 have been
combined in a computer program (éREDY) thec is listed in Table 5.1E.
Instructions for using the program aﬁd the input and output rorméts are
summarized ir Table 5.19. The symbols are defined in Table 5.20.

The example problem in Subsection 5.1.11.2 has also been solved
with this computer program. The input and output data for this problem are
illustrated below.

INPUT DATA LIST*

HD = .01 R = .1 R3 = .1 ETAD = .8142
RD = .035 E1 = 1E7 N o= MODE = 2

L = 10 E3 = 1E7/  TEMP = 170 ITER = -1

Hi = .2 H3 = .1 W = 299.17

OUTPUT DATA LIST*
TEMP MODE SHEAR MOD ETAD BEAM MOD ETA FREG SPAR
170 2 «2992E3 814 1.E7 .180 408.2 .136

*Program accepts input data and output data in English units only.

5.1.12 Simply Supported Beam with a Single Constrained Layer Damping
System Applied

5.1.12.1 Basic Equations

The basic equations given in Subsection 5.1.11.1 also apply Lo the
simply supported (vinned-pinned) bzam. The eigenvalues in Table 5.17 must be
replaced by the eigenvalues in Table 5.21 feor a simply supported beam.
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TABLE 5.19

USER'S GUIDE FOR CALCULATION OF SYSTEM LOSS FACTOR
FOR A BEAM WITH A CONSTRAINED
DAMPING LAYER SYSTEM APPTIED

Execute progrum

Program displays:
ENTEP 1 FOR CANT. BEAM, -l FOR PP BEAM

.. waich user responds:
i CR/LF for a cantilever beaom prediction or
-1 CR/LF for a pin-pin beam predictior

Program displays:
ENTER 1 = C"MPOSITE, -1 = BARE 3EAM

to wh.ch user responds:
1 CR/LF ror a composite prediction or
‘1 r/TY for a bare beam prediciton

Program then displays:

ENTER HD, RD, L1, H1, R1l, El, E3, H3, R3
for which the user inputs the damping layer thickness (HD), the
damping material density (RD), the beam length (L1), the beam
thickness (H1), the beam density (R1), the beam modulus (El), the
constraining layer modulus (E3j, the constraining layer thiclness (H3),
and the constraining layer density (R3).

Program then outputs:
ENTER NO. DATA LINES

to which user responds:

n

—

where n is the number of data lines to be input into program.

Program then indicates that it is ready to receive lines of data.

the user inputs:

ty. Opgs Mpy, My
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TABLE 5.19 (Continued)

for 1 between 1 and n inclusive, where i is the ith input linc,
ti is the temperature, GDi is the shear modulus of the material,

Npi is the loss factor of the material, and M1 is the mode number.

program asks:
DO YOU WISH TO ITERATE ON GEGM PROPERTIES 1 = YES -1 = MO

1f user does not wish to itcerate the geometric properties of the
system, the user inputs:

(If "No" go to Part a; if '"Yes" go to Part b)

Part a.
Program responds by printing the values of the thicksesscs of the
damping material and of the constraining layer. 1t will taen print

headings for the output data and thea the data, including calculated
values of the system loss factor, composite frequency, and the shear

parameter, g.

Part b,
If user does wish to iterate the geometric properties ot the system,
the user inputs:
1

Program then outputs:
EWTER HD1 HD2 DELH2 H31 H32 DELH3

for which the user inputs the minimum and maximum thickness of the
damping layer, HD1l and HD2, respectively, the size of the increment
for the damping layer, DELH2, the minimum and maximum thickness of
the constraining layer, H3l and 32, respectively, and the size of

the increment for the constraining layer, DELH3.

Program responds by repeating Part a. for each possible configuration

of geometric properties.

After completion of predictions, program outputs:
ENTER 1 - CONTINUE, -1 = END

I1f user wishes to perform more predictions, the user enters:
1

and program returns to beginning of sequence. If not, the user enters:

~1 and program terminates.
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TABLE 5.20
SYMBOLS FOR PROGRAM PREDY

BYMBOL

CH()

th(J)
M)
IT(1)
ETAD (.J)
ALA

NHD, NH3

1))
RD
L.1,BL1
H1
Rl
El
E3
H3
R3
H2

N
LTER

HD1

HN2

DELHZ2, DHD
H3i

H32

DELH3, DH3
AML, AML
SPAR

A, B, C, EI
OMAGA

ra—

DEFINITION

h

figenvalue for the I'" mode where I has been limited

to 1-5 inclusive

Sheav wodulus of the damping layer
Mode number of the beam
‘lemperature

loss factor of the dampiang layer
Intermediate variable

Indicators as to whether or not geometric propertie.
are to be iterated

Thickness of the damping layer
Density of the damping layer
Length of the beam

Thickness of the beam

Density of the beam

Modulus of the heam

Modulus of the constraining layer
Thickness of the constraining layer
Density of the constraining layer
Intermediate variable

Number of data lines

Variable equal to "1" if geometric properties are
to be iterated and equal to "-1" if not

Minimum thickness of damping layer
Maximum thickness of damping layer
Thickness of damping layer increment
Minimum thickness of constraining layer
Maximum thickness of constraining layer
Thickness of constraining layer increment
[ncrement factors

Shear parameter

"ntermediate calculations

Composite €requency (or bare frequency if prediction
is for bare beam)
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TABLE 5.21 EIGENVALUES OF SIMPLY SUPPORTED BEAM

MODE £
NUMBER
1 9.86960
2 39, 47842
3 88.82644
4 157.91367
5 216, 74011

5.1.12.2 Worked Example

The use of the single constrained layer damping system equations

for a beam pinned at both ends is {l1lustrated in the following exampie.

PINNED BEAM:
MATERIAL:
LENGTH:
THICKNESS:

DENSITY:

YOUNG'S MODULUS:

DAMPING MATERIAL:
THICKNESS:

DENSITY:

CONSTRAINING LAYER:
MATERIAL:
THICKNESS:

DENSITY:

YOUNG'S MODULUS:
MODE: 2
TEMPERATURE :

ALUMINUM
10.0 in (254 mm)
0.20 in (5.08 mm)

0.10 1b/in3(.00277 g/mm>)

1E7 PSl (6.89E10 N/mz)

SOUNDCOAT DIAD NO. 606
0.01 in (.254 mm)

0.035 1b/in> (.000969 g/mm’)

ALUMINUM
0.10 in (2.54 mm)

0.10 1b/in> (.00277 g/mm’)

IET PSI (6.8YE10 N/mz)

179°F (76.7°C)
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r’.

The undamped pinned beam frequency from equation 5.7 is

3
(L2 <) 172
3947842 k7 L 12 )(386.04) \'/¢ = T12.7

F

B 1 (W2)

2(3.1416)(10)¢

For Diad 606 at 700 HZ and 170°F

n, = +8930 and 02 = 395.83 PSI (2.73 Eb N/mz)

The modal loss factor ("2) for

Equations 5.8 through 5.12.

1E7(.1) (.01) 39.47842\"

the beam can now be calculated from

1

1/2

D = 395.83 —> = ,1003
. (19) :
C =11+ .1003 + .1003(1)(.5)l2 + [.1003(.893) + .1003(.893)(1)
<5 1% = 1,342

A= 3(1) 5[+ 2(.05) + .5!2 .1003 = .3852
B o= 1.342 {1 +1 (.5)3] + .3852 [1 + .1003(1 + (1) (.5 (1 + (.893)2)]

= 1.9991

_.3852  , oo..
N, = 1.9991 {(.893) = 1721

Tihe second mode of the damped beam using Equation 5.13 is

¢ 35.47842 [ 1E7(.2)3(1.9991)(386.04)

= 706.17 Hz

S (3.1416)(10)°

T2(1.382)(:035(.01) + .1(.2) + .1(. 1)}

%.1.12.3 Comouter Program for Design Ecuations

The aomputer program (PREDY) 1

isted in Table 5.18 has also

incorporated Tadle 5.21 which allows analyszis of the design Equations 5.7

through 5.13 for pinned beams. Instructions fer using the program incivding

inpuz and output formats are piven in Table 5.19. All symbois are defined in

Table 5.20. The example proble~ in Subsection 5.1.12.2 has also been solved
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with this computer program. The input and output data for this problem are
illustrated below.

INPUT DATA LIST*

HD = .01 R2 = .1 B3 = .1 ETAD = .893
RD = .035 El = 1ET N = 1 MODE = 2

L1 = 10 E3 = 1E7 TEMP = 170 ITER = -1
Hﬁ - .2 H3 = .1 Gb = 395.83

OUTPUT DATA LIST*
TEMP  MODE SHEAR MOD ETAD BEAM MOD ETA FREQ SPAR
170 2 395.8 693 1E7  .172  706.2 .100

®*program accepts input data and output data in English units cnly.

5.1.13 Clamped Beam with a Single Constrained Layer Damping System Applied

The basic equations given in Subsection 5.1.11.1 also apply to the
beam clamped at both ends. The eigenvalues in Table 5.17 must be replaced by
the eigenvalues in Tabie 5.22.

TABLE 5,22 EIGENVALUES OF A CLAMPED BEAM

MODE E
NUMBER
1 22.373
2 61.673
3 120,903
Y 199.859
5 298.556
. J

The computer program given in Subsection 5.1.11.3 can be used to
analyze thec beam clamped at botn ends if the eigenvaiués given in Table 5.22
are inserced for the CH(I) vaiues in lines 4 through 8 of the program listed
in Table £.18.
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5.1.14 Free Beam with a Singie Constrained Damping System Applied

The basic equations given in Subsection 5.1.11.! also apply to the
beam free at both ends. The eigenvalues in Tabie 5.17 must be replaced by
the eigenvalues in Table 5.23.

TABLE .23 EICENVALUES OF A FREE BEAM

MODE £
NUMBER
1 22.373
2 61.673
3 120.903
4 199.859
5 298.556

The computer program given in Suhsection 5.1.11.2 can be used to
analyze the beam free at both ends if the eigenvalueé éivén in Table 5.23 are
inserted for the CH(I) values in lines 4 through 8 of the program listed in
Taole 5.18.

5.1.1% Clewped-Pinned Beam with a Single Constrained Layer Damping System
Applied

The basic equations given in Subscction 5.1.11.1 also apply to the
bcam clamped at one end and pinned at the other. The eigenvalues in Table
5.17 must be replaced by the eigenvalues in Table 5.24.

TABLE 5.24 ELGENVALUES OF A CLAMPED-PINNED BEAM

MUDE £
NUMBER
1 15.118
2 49.96
3 104,248
y 178.2'70
5 272.03




The computer program given in Subsection 5.1.11.3 can be used to
analyze the clamped-pinned beam if the eigenvalues given in Table 5.24 are
inserted for the CH(I) values in lines 4 through 8 of the progrzm listed in
Table 5.18.

5.1.16 Simply-Supported Plate with a Single Constrained Layer Damping
System Applied

5.1.16.1 Basic Equations

The natural frequency FB of an undamped simply-supported plate ig

given by

1 \
£ g
YA Vi Tt (o1
1,5 w W RyH, (1 =v%)

shere Ei is the eigenvalue for the mode along the length

Ej is the eig nvalue for the mode along the width

L is the length of the plate

W is the width of the plate

E is the Young's Modulus of the plate
H is the thickness of the plate

R is the density of the plate

v is the Poissons ratio of the plate
g is the gravitational constant

Table 5.2% gives the eigenvalues of a simply supported plate.




TABLE 5.25 EIGENVALUES OF A SIMPLY-SUPPORTED PLATE

MUDE £
NUMBER
i 9.8696
2 39,4784
3 88.8264
4 157.9137
5 246, 7401

The loss factor (ns) for a simply-supported plate with a single

constrained layer damping system applied is

A
W (8

where

] . 2

A = 3 ER3 HR3 (1 +2 HRZ + HR3) D (5716)

-1

D = G, (E. H, H,) b + fi\ (5.17)
- 3 2

B S 1+ Epy HY) 4R [r + D1 + Epz Hp3) (1 +ny7)] (5.18)

. 2 2

C (1 +D+D ER3 HR3) + (Dn2 + Dn, BR3 HR3) (5.?9)
E. H. H,

" = —'z. - = -——3-— . B e

Eis " E P Mp3 w0 Bt

1 1

83 is the modulus of the constraining layer
H3 is the thickness of the constraining layer
63 is the shear modulus of ihe damping material
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2 is the thickness of the damping material

n, is the loss factor of the damping material

The damped plate modal frequency can be determined from

11 3 E
S e S 1 1

H
SN

3 1/2
(386.04)

— 4 —_—
S 2 2\ 12
ij h/

where

(1-v )(R1H1 + RKH, + R

2
2

RZ is the density of the damping material

83 is the density of the constraining layer

5.1.16.2 Warked Example

STRUCTURE :
MATERIAL:
LENGTH:
WIDTH:
THICKNESS:

DENSITY:

YOUNG'S MODULUS:
POISON'S RATIO:

DAMPING MATERIAL:
THICKNESS:

DENSITY:

CONSTRAINING LAYER:
THICKNESS:

DENSITY:

YOUNG'S MODULUS:

SIMPLY SUPPORTED PLATE
ALIMINUM

10.0 in (254 mm)

5.0 in (127 mm)

0.10 in (2.54 mm)

0.10 1b/in> (.00277 g/mm>)

2
1E7 PS1 (6.89E10 N/m")
3

3M ISD 112
0.01 in (.254 mm)

0.035 1b/in> (.000969 g/mm>)

ALUMINUM
0.10 in (2.54 mm)

0.10 1b/in> (.00277 g/mm’)

1E7 PSI (€.89%10 N/ma)
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MODE 2
TEMPERATURE  60°F (15.6°C)

The undamped plate frequency {rom Equation 5.14 is

172
= 747.16 Hz

Bt | (10)? (5)% |: 2(3.1416) G 1097

3
. @) )
g . [39.4784 | 9.8696\ / 1 ) ys7( 12 /(386.04)
/' \ )

For ISD-112 at Y50 HZ* and 60°F (15.6°C) n, = 1.251

and 02 = 719,29

The modal loss factor (ns) can now be computed from Equations 5.15

through 5.19.

39.4784 98696\

D = (719.29)[1ET(.1)(.0n] "} 5 2
S (10) (5)

091

A = 3D+ 20.1) + 112 (Lo911) = 1.323
c = {1+ (.0511) + (.0911)(1)(1)]2 + [.0911(1.2541) + .0911(1.2541)
(1%« 1.4u98

B o= 1.4498[1 + (1)(13] + 1.323[1 + .0911(1 + 1(1))(1 + 1.5728)]
= 14,8428 '

1.323
nS = 1.251‘1("_:8"]_2.9 = ,3426

¥950 HZ was chosen because the anticipated uamped system frequency is 950 HZ.
The designer is reminded that the final damped frequency must be within 105'
of the frequency used to choose the damping material properties or the .
calculations must be recomputed.




The damped frequency of the plate from Equation 5,20 is

(} 1{)3 1/2
F ,39.u78u+9.869§/1 \AE’( 12° (4.8428)(386.04) \)

S2.1 \ (102 (5)2 JRB-THEN 4408 (1 3)2)[.1(.1)+.035(-.01;+.1(.2)L,
- . / \‘ . .

= 957.3

5.1.16.3 Computer Pragram For Design Equations

The design Equations 5.15 through %.20 and Table %.2% have been
combined in a computer program (PIATE) tnat is listed in Table 5.26.
Instiructions for using the program and the input and output forméts are
sumarized in Table 5.27. The symbols are defined in Table 5.28.

The example problem in Subsection 5,1.16.2 has also been solved
with this computer program. The input and cutput for this problem are given
below. '

INPUT DATA LIST*

HD = .01 Rl = .1 N -1 MODE 2 = 1
RD = .035 E1 = 1E7 TEMP = 60 ITER = -1
L1 = .10 E3 = 1E7  GD = 719.29
2 = 5 H3 = .1 ETAD = 1.2

.« 2

HI = R3 =~ .1 MODE 1
OUTPUT DATA LIST*
TEMP MODE 1 MODE 2 SHEAR MOD ETAD BEAM MOD ETA SPAR COMP FREQ

60 2 g 719. 29 1.254 1E7  .342 .091  946.6

%Program accepts input data and output data in English units only.
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TABLE 5.27

USER'S GUIDE FOR CALCULATION OF SYSTEM LOSS FACTOR
FOR A PLATE WITH A
CONSTRAINED DAMPING LAYER SYSTEM APPLIED

Execute program

program will display:
ENTER HD, RD, L1, L2, Hl1l, Rl, El, E3, H3, R3

for which the user inputs:
the damping layer thickness, Hu, the damping material density,
RU, the plate dimensions, L1 and L2, the plate thickness, Hl,
the plate density, Rl, the plate modulus, El, the constraining
layer modulus, E3, the constraining iayer thickness, H3, and the

constraining layer density, R3.

program then outputs:
ENTER NO. DATA LINES

to which user responds:

n

where n is the number of lines of data to be input into program.

Program then indicates that it is ready to receive lines of data.
the user inputs:
s> Cpir Mpp> Migo Moy

1

for i between 1 and n i{nclusive, where 1 is the it] input line,

ti is the tempcerature, G, is the shear modulus of the material,

Di

i is the loss factor of the material, and M,, and M are thn

L) i 24

mode numbers.
program asks:
DO YOU WISH TO ITERATE ON CEOM PROPERTIES 1 = YES -1 = NO

if user does not wish to iterate the geometric properties of the
system, the aser inputs:

(If "Nc" go to Part a: if "Yes'" go to Part b)
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TABLE 5.27 (Continued)

Part a.
Program will respond by printing the values of the thicknesses of
the damping material and of the constrianing layer. It will then
print headings for the output data and then the data, including

calculated values of the system loss factor and the shear parameter, g.

Part b.
if user does wish to iterate the geometric properties of the system,
the user inputs:
1

Program then outputs:
ENTER HD1 HD2 DELH2 H31 H32 DELi3

for which the user inputs the minimum and maximum thicknesses of trhe
damping layer, HDI and ¥D2, respectively, thc size of Lhe increment

3 for the damping layer, DELH2, the minimum and maximum thicknesses of
the counstraining layer, H31 and H32, respectively, and the size of
the increment for the constraining layer, DELH3.

®rogram reeponds by repeating Psrt a, for each possible configuration

of geometric properties.

p after coupletion of predictions, program outputs:
SNTER 1 = CONTINUE, -1 = END
] if user wishes to perform more predictions, the user enters:

1

and program returns to beginning of sequence. If not, thu user conters:

-1 and program terminates.
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TABLE 5.28
SYMBOLS VOR PROGRAM PLATE

SYMBOL

DEFINITION

iMl (B), MODE 1}

IM2(B), MODE 2
Gb(C), D
1T{(D), TEMP
ETAD(E), ETAD
NHD, NR3

HD
RD

L1, BLl
1.2, BL2

LTFR

HD1
HD2

" DELHZ, DHD

H31
H32

| DEIL H3, DH3

AMI, AMI
TA

SPAR

A, B, C, EI
KN2

SF

i
)

Modes of the plate

Shear modulus of the damping layer
Temperature
Loss factor of the damping material

Indicators as to whetler or not geometric properties
are to be iterated

Thickness of the damping layer
Density of the damping layer

Plate dimensions

Plate thickness

Density of the plate

Modulus of the plate

Modulus of the constraining layer
Thickness of the ccnstraining layer
Density of the constraining layer
Mumber of lines of data

Variahle which is equal to "1" if geometric properties
are to he iterated and equal to "-1" if mnot

Minimum damping layer thickness
Maximum damping layer thickness
Damping layer thickness increment
Minimum constraining layer thickness
Maximum constraining layer thickness
Constraining layer thickness increment
Increment factors

System loss factor

Shear parameter

intermediate varlable

The plate eigenvalue

The damped plate frequercy

mnmﬁmtnmmw
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5.2 FINITE ELEMENT DESIGN EQUATIONS

The following subsections discuss methods of using finite element
analysis, FEA, in damped system design. For a detailed discussion of FEA sec

Yolume I, Section 5,

5.2.1 Integration of Finite Element Modeling into the

Design Process

The finite element technique provides the designer with an accurate
and economical means of predicting the dynamic behavior of either damped or
undamped atructures. As such, finite clement analysis can play an important
rcle at several stages in the design of damping treatments. This section
describes a procedure for integrating finite element aﬁmlyéis into the damping
design process and gives an exampl: to illustrate the prczedure., In
References [5.2-5.4] a variety of damping design analysis probléms ar=
illustrated. '

Analytical Procedure in Demping Design

The procedure may be divided into the following steps:

0 perform an assessment of vibration probiems present in a
pteliminary undumped design,

0 evaluate dif*erecnt damping concepts for specific application,
evaluate alternate damping treatment design, and
qualify final design configurations,

Each of these steps is discussed in greater detail in the following
paragraphs. A schematic of the damping design process with the finite element
method i3 shown in Figure 5.i.

In the preliminary design phase, finite element model ing of a
structure is a valuable tool in determining the exisience of potantial
vibration problems. Conclusions can be drawn on the basis of either a natural
frequency solution (to identify critical excitation frequencica and
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Figure 3.1

design proucedure.
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troublesome modes) or a frequency response analysis. Furthermore, examinatiorn
of the vibration mode shapes will often help to determine those location in
which the application of damping treatments will prove most effective.

During the actual design of a damping treatment, a rational choice
of the type and location of the treatment can be made much more easily by the
use of trial simulations, again performed using finite element methodology .

If a model has been developed during the preliminary design stage, simple
modifications of such a model will often suffic. for identifying the most
desirabie type of damping treatment to be used. Experience ls frequently a
sufficent guide to the selection of a damping éoncept for a particular
application. However, in more complex situations, finite element analysis can
often provide this sam2 familiarity with the problem, at only modest

expendi tures of time and money.

Once a damping treatment has been selected (either on the basis of
experiments or analytical studies), finite element techniques are readily
employed to determine the exact design configuration based upon costs, weight,
0:* performance criteria. A single finite element model can generally serve as
a means of evaluating a'great number of minor design changes, such as
variation in amount and distribution of damping, constraining layer
thickn:Ises, material properties, etc.

Finally, *he finite element mathod can be useu for the final
qualification of a damping treatment design. The performance of the final
design can be assessed accurately and effic{ently for a variety of operating
envirorments (temperatures, loading, excitation, firequency). Besides the
displacement response, stress ioformation can also be generated in the finite
element sclution to identify potential fracture or fatigue problems which
would not otherwise be anticipated prior to production.

Obviously, the finite elex . method represents a potentially
powerful tool in several stages of the design process. Finite element

simulations can, in most instances, be performed more quickly and economically
than prototype testing, and can provide the oppertunity for model ing the
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structural reponse under operating conditions which may not be ec.sily obtained
in laboratory testing.

The recent interest in finite element tecnunclogy as an aid to the
designer has been sparked at least in part, by the development of computer
graphics methods which can assist in both the preparation and interpretation
of finite element data. The computer graphic processors can aid in

® gener2iion of finite element data,

e model verification, and

¢ assimilation of analysis results,

An example illustrating the abnve design analysis procedure is

summari zed in the following.

Example Damping Analysis

This example illustrates how the finite element method can be used
efficiently within the general process of designing a damping treatment to
reduce the amplitude of forced vibrations. First, a hypothetical structure is
defined which is presumed to have natural.rrequencies of vibration in the
vicinity of the steady-state input frequency. A finite element model of the
structure is constructed, and the natural rréquencies are determined using a
finite element computer program. Structural damping is then assumed in
various parts of the structure. The results of the finite element program are
used to determine the most efféctive areas to apply layered damping treatment.
Finally, constrained damping is applied strategically, aad the finite element'
program is used to determine the effectiveness of the damping treatment.

A. Problem Definition
The particular problem selected for illustration of the application
of finite element analysis in damping treatment design is similar to the

engine exhaust duct shown in Figure %.2.

B. Finite Element Model

Figure 5.3 shows the finite element model used in this demonstration
study. A cylindrical shroua with three flat vanes was modeled with variable
8-27 node solid finite elements. The boundary conditions and dimensions are
shown in Figure 5.3. Although the full structure is shown, only a symmetric
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shroud Vanes

10" ID 2.5" Long
05" Thick 1" Thick
) 3" Wide 1” Wide
Steel Steel
Fosinwt

Figure 5.3 Finite element modei.




half of the structure on one side of a plane of symmetry through the bottom
vane was actually modeled for computation.

C. Natural Frequency Analysis

Tﬁe finite element program of Reference {5.5) was used to computz
the natural frequencies and mode shapes of the model of Figure 5.3.
Perapective plots of the first three vibration modes are shown iﬁ éigure 5.4

and ead~on views of the same modes are shown in Figure 5.5.

D. Prelininary Damping Analysis

la practice, damping treatment is applied to one or more exposed
surfaces of a structure, A complete finite element model containing multiple
added layers would be qéite complex and relatively expensive to analyze.
Therefore, a preliminary damping analysis can be performed in which the
elements of the original finite element model are assumed to be internally
damped. In this case, four different cases are considered:

T no damping,

é; the vane elements have 5 percent damping,

3; the shroud elements have 5 percent damping, and

h: both the vane elements and the shroud elements have

5 éercent damping.

The results of tﬁe four cases for mode 2 are showt in Figure 5.6.
In this case the amplitude and phase angle for the displacement of No. 1 (see
Figures 5.5 and 5.6) are plotted versus input frequency. Figure 5.6 indicates
that considerable-reduction in amplitude can be obtained if damping is
present.

E. Final Damping Design Analysis

Tﬁe preliminary damping analysis of the preceeding section provides
the designer valuable information which can be used along with other data to
Select a damping treatment. After the damping treatment has been designed,
another finite element anaiysis can be performed. Tiis time the damping
treatment is modeled separately in order to obtain an accurate representation
of the effectiveness of the damping design. Figure 5.7 shows a detailed
finite element model of the structure undeé considzeration having a
hypothetical damping treatment. In this case, for illustration, the shroud
has a constrained damping layer applied to the outside diameter, while the
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Uaconstrained
damping layer

:
-

Constrained
damping layer

Figure 5.7 Detailed model with damping
layer and constraining layer.
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vanes have an unconstrained damping layer applied to both sides. The detailed
model can be used to proof-check the final design or used at each stage of an
iterative design process.

5.2.2 A Note on Finite Element Discretization of Layered
Damping Designs

Finite clement analysis, because of its flexibility in modeling
general structures, is ideally suited for modeling passive damping
configurations on integrally damped structures. However, the modeling of

layered damping designs on complex structures poses two problems. First:

the thin damping lavers result in high aspect ratios (length + thickness)
of the 3D solid elements representing the damping system. Secondly, if a
multi-lilayered damping system is being modeled, there are'a large number of
degrees-of-freedom. This section discusses ways to reduce the nuuwber of
elements representing the damping system and the accuracy of the damping
prediction using high aspect ratios. The recommendations made in the
following paragraphs are based on a'very limited number of practical
applications [5.6].

Results Using High Aspect Ratios

The construction of an FE model for dynamic analysis is usually
governed by giving consideration to the number and type of modes that &are to
be determined from the model. The length and width of the elements in the
base structure are thus determined by accepted modeling practice. If a
constrained layer damping system is then modeled on the structuré and if the
damping and/or constraining iayers are thin relative to the base structure,
the damping and/or constraining layers may have high aspect ratios (length =+

thickness).

Experimental tests and corresponding FEA evaluation [5.6] of a
cantilever plate with a dcuble constrained layer system showed tﬁat aspect
ratios up to 1000:1 yield very good analytical results. The undamped FE model
of the plate is shown in Figure 5.8. Figure 5.9 shows the cross section of
one of tne damping configurations'tésted and analyzed. This configuration,
referred to as Plate 1, consisted of the 0.25-inch plate with 0.002-inch 3M 1SD-110,
damping material, 0.007-inch stainless steel middle constraining layer. 0.003-inch
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Soundcoat MN damping material, and 0.007-inch stainless stecel outer constrain-
ing layer. All layers in the FE model are medeled with 8D solid-thick shell
elements. Since the elements arc < inches long and some celements are as thin

as 0.002 inch, the aspect ratio on some elements are 1000 to 1.

The results of the FEA and test of Plate 1 are shbwn in Figure 5.10,
for the second bending mode. It can be seen that there is very good agreement
between the test results and the FE forced vibration rcsults. The results
from the FE normal mode are considerably higher than the test results. It is
felt, in this case, that the strain cne. gy method asing the forced response more
closely matches the test. 1In both the test and the forced response analysis
the plate was subjected to a small tip locad. Another cause of the discrepancy
could be that the tip load does nut excite a pure mode. Indeed damping
coupl~s mode together. Perhaps if the test had ‘been conducted with the
clamped end of the caﬁtilever mounted on a shaker the mode shape of the
cantilever plate may have been more nearly a pure mode than exciting the
cantilever at the tip., Then perhaps the normal mode method would closeiy
match the shaker test.

A second damping configuration evaluated, raferred to as Plate 2, is
shown in cross section in Figure 5.11. This damping system has two layers of
the sawe damping material, 0.002-inch 3M 1SD-112, separated by a 0.003-inch
middle constraining layer. The outer constraining layer is 0.037 -inch stuain-
less steel. All laye.s are modeled with D solid-thick shell clements.  The

aspect ratios of the damping layers are 1000 to 1.

The results of the FEA and test of Plate 2 are shown in Figure 5.12
for the second bending mode. Again there is very good agreement between the
test results and the FE foréed vibration results. As for the Plate 1, tne
normal mode results are higher than the test results; the same explanation

given for Plate 1, holds here as well.

Results for the first torsicn mode are shown in Figure 5.13. The
forced vibration results agree well with the test results, as do the normal
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Figure 5.10 Analytical and experimental results
for plote 1, 2nd bendiang mode.
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Figure 5.12 Experimental and analytical results

for plate 2, 2nd bending mode.
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Figure 5. 13 Experimental and analyiical results
for plate 2, Ist torsional mode.
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mode results. In this instance, driving at the tip of the cantilever for the
forced response (and test results) yields approximately the same resuits as

the normal mode.

It should be noticed that in the Plate 1 and Plate 2 results pre-
sented so far, that although the magnitude of the peak damping and the shape
of the luss factor curve predicted by the FE forced vibration is nearly
identical to the test results, the forced vibration curve is shifted 25F°
to the left of the test data. This temperature shift could be due to two
causes. The finite element ﬁodel of the cantilaver plate may be stiffer
than the actual specimen; this is in fact the case, with the second bending
mode frequency approximately 8 percent high. The other cause could be that
the actual damping material is stiffer than.the properties being input into
the FE model. It is likely that the cause is a combination of the above two

factors,

The results presented so far have been for aspect ratios up to 1000
to 1. To see if the prediction of loss factors could be improved, the FE'
modei was changed, Twelve elements were used in the length of the cantilever
instead of six and the aspect ratio was correspondingly cut by a factor of
two. The change in the results due to the lower aspect ratio were
insignificant. Therefore, the use of aspect ratios up to 1000 to 1 was
acceptable. The use of aspect ratios greater than 1000 tohl needs'turther

investigation.

Modei ing Techniques tc Reduce the DOF

Even a simple structure with a multi-constrained Layer damping
system can have a large number of DOF. As an example, the cantilever plate

discussed previously has 1300 DOF.

Therefore, tvo m:ans of reducing the number of DOF are
investigated. The first method inve'+~s the use of membrane elements to model
the constraining layers. The second approach is to replace several layers in

the damping system by an "equivaieiiit® eiement.
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A. Use of Membrane Elements for Constraining Layers

Tﬁe purpose of the conastraining layer in a constrained layer damping
System is, as its name implies, is to constrain tne damping material. During
bending the constraining layer places the damping material in a staté of shear
Sstress and thus dissipates energy. The constrainirg layer being stiff, and
usually very thin, undergoes very'little shear deformation and is subjected to
in-plane loading. Thus it has the characteristics of a membrane and can be
represented by a membrane element. The damping layer on the other hand
undergoes considerable shear defoﬁmation and therefore must be modeled with
shear deformable elements such as 3D solid-thick shell (solid) element.

The use of memb: ane elements for constraining layers as applied to
the Plate 1 damping configuration is shown in Figure %. 1“. The nodes of the
membrane elements are coincident with the nodes on the upper surface of the
damping layers. Therefore, the membrane elements do not add any DOF to tke
three solid eléments used for the damping layers and plate. Thus the damping
system chown in Figure 5.9 which was modeled by five solid elements through
the thickness is modeled'by three so@id elements and two membrane elements,
resulting in a 33 percent reduction in DOF.

Figure 5.15 shows the FE fcrced vibration results using the mexbrane
and solid elgments.model. Also shown are the FE forced vibration results
using all solid elements, previously shown in Figure 5.i0. It is seen that
the two methods compare very favorably. Notice that tﬁe damping predicted by
the use of the membrane elements is neérly uniformly lower than the results
using all solid elements. This i3 probably due to the fact that the outer
damping material and outér constraining layer are not as far away from the
neutral bending axis because the membrane elements have no physical
thickness,

For structures with constraining layers that are thin relative to
the base structure, such as Plate 1, a small error is introduccd. Thick
constraining layers would rcsult in more error. Caulion should be oxercised
in using the membrane elements on curved surfaces as the membrane bending

coupling is neglected, and the effect of its absence cannot be generalized.
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Figure 5.15 FEA results comparing all solid
model to membrane model.
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B. Use of Equivalent Solid Element

Tﬁe other means of reducing the number of DOF becomes apparent by
studying the Plate 2 configuration (see Figure 5.11). Since the two damping
layers are the same thickness, of the same material 5nd are separated by a
thin middle constraining layer, it seems that the overall behavior of the
three Inyer system could be governed by the soft damping materials.
Furthermore, it scems that the threc layers could be represented by a single
"equivalent™ layer. 1L only remains to determine the dynamic properties of
the three tayers. The properties are determined from a symmetric sandwich
beam test. Usually to determine the properti2s of a constrained layer damping
material the material is placed between symmetric sandwich beams and tested
over a broad temperature and frequency range, as discussed in Volume I,

Section 2. In the present case, the three layer system is placed between
symmetric sandwich beams, as shown in Figure 5.16, and tested as if it was 2

typical damping material. The properties could also be determined analytically

thus avoiding the test procedure.

The application of this modeling technique to the Plate 2
configuration is shown in Figure 5.17. Figure 5.18 shows the second bending
mode FE forced vibration results uéiné all solid‘elements (previously shown in
Figure %.12) and the equivalent sol id element. The results are nearly
1denticai. The same is true for the first torsion mode shown in Figure 5.19.

To summarize, the modeling techniques for reducing the DOF are found
te be accurate. The use o membrane »lements for constraining layers predicts
a slightly lower value of damping than the standard approach and reduces
computer costs 44 pereent in the analyses shown.  An equivalent solid element
replacing the two damping materials and middle constraining layer gave nearly
identical results as the sta lard modeling approach. This technique reduces

computer costs 60 pereont.
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Figure 5.16 Equivalent solid beam test specimen,
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TABLE 5.29 SYMBOLS FOR SECTION 5

Poisson's ratio of the plate

5~76

SYMBOL DEFINITION
FB Natural frequency of an undamped cantilever beam
Ei ith modal eigenval-e
L1 Beam length
!
H, Beam thickness ?
El Young's modulus of the beam
R1 Beam density
I1 Moment of inertia of beam
g Gravitational constant
g Loss factor of beam
1 Damping material loss factor
ER Modulus ratio
HR Thickness ratio
E2 Young's modulus of the damping waterial
Hz Damping material thickness :
Fs Frequency >f a damped cantilever beam '
RR Density ratio :
R2 Damping materizl density !
83 Young's modulus of the beam constraining layer
H3 Thickness of constraining layer
G2. G3 Shear modulus of the damping material
N,y Loss factor of damping material !
R3 Density of the ~onstraining layer
&, Eigenvalve for mode along plate length
E; Eigenvalue for mode al>ng plate width
L Plate langth
W Plate width
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SECTION 6

EXAMPLE PROBLEM, DESIGN EXAMPLES, AND CASE HISTORIES

There are many options open to a designer tu solve a resonant vibration
problem (stiffening, damping, isolation, source modification, etc.). The point
of the following paragraphs is to discuss design approaches using viscoelastic
damping as the solution to a vibration problem. It is not the intent to leave
the impression that viscoelastic daaping ie a "cure-all," but only that it is a
viable alterunative. The designer must decide which method of vibration control

should be used for each problem encountered.

The work in this section consists of a detailed example problem in Sub-
section 6.1, a number of design examples in Subsection 6.2 and a number of case

histories in Subscction 6.3,

6.1 EXAMPLE PROBLEM
The following example problem demonstrates the use of the design procedure
discussed in Section 4. The example is quite detailed and intended to help a

designer gair further uuderstanding of the design procedure.

6.1.1 A Solution to a Noise and Vibration Problem [6.1]

Background

The increasing emphasis oa fuel efficient ground transportation has caused
system designers to become conscious of both size and weight requirements. An
examnle is the redesign of an automobile radiator cooling fan's electric motor
1f a functioral redesign could be found, the front end of a car could be
shortencd appr..ximately two inches. Obviously an overall vehicle weight reduc-~
tion would be realized which would result in increased fuel economy. With these
goals in vicw, the quest was to find an optimum motor desip: combining the

required power outputs with minimum size and weight reouirements.




These redesign efforts were successful; however, the new motor desipgn
developed an objectionable noise and vibration problem. Operaticnal tests
revealed two large noise peaks. One peak occurred in the range of 209 to
300 Hz, while the other occurred in the range of 1100 to 1200 Hz. The new

motor was in production when this problem was discovered.

An investigation to pinpoint the source of these problems and to locate a
probable damping solution was initiated. The investigation was divided into the
following sections:

(1) Dynamic analysis of the motor and mount system to identify system
resonant frequencies and mode shapes

(2) Comparison of the frequency spectrum of the operational noisc to
gystem frequencies to identify noise generating modes

(3) Design, optimization, and laboratory evaluation of a Gamping system
to reduce the radiated noise

(4) Full scale automotive system test.
A general approach to developing a damping design will be discussed in
the following paragraphs and developed with this case history used as the

exam;le [6.2].

General Approach

Damping design like any other design procedurc requires a basic cor: of

data. The approach has seven basic steps.

(1) Problem and Environmental Definition. - Damping is successful only
in controlling resonant vibration related problems. It is futile to
attampt to solve a problem through the use of damping when the problem is
not resonance related. The temperature sensitivity of the damping
material for both useful damping and survivability is cxtremely important.
Contaminants which may come in contact with the damping design must also
be considered.
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(2) Structural Dynamics Characterizatioun. - A damping design is totally
dependent on the resonant frequency, modal damping, ard mode shape of the
problem modes(s) {6.3, 6.4]. Proper damping design cannot be done without
an adequate definition of the dynamic characteristics of the system being
studied.

(3) Damping Material Selection. - The environment is the primary factor
which dictates the material chosen for use in a design. The damping
material for a specific design depends on: (a) the type of damping
application to be used (i.e., frez layer, constrained layer, or tuned
damper); (b) frequency of vibration; (¢) the contaminants that the design
will be exposed to; and (d) the temperature at which the design must operate.

(4) Damping System Sclection and Design. - The type of damping system
(i.e., free layer, constrained layer, tuned damper, damped line to ground,
etc.) is prescribed by the materials available for use in the given
environment and the dynamic properties of the structure system. The
actual design analysis can be fone using simple fourth order beam

theory [6.5], or can be as detailed as complete finite element

analysis [6.6, 6.7].

) (5) Laboratory Mock-up and Evaluati~n Test - A proof-of-design test

4 should be conducted in a iaboratory. This test should evaluate damping
performance under all phases of system operation and also avaluate prob-
lems in manufacturing the damped system [6.3, 6.8].

(6) Full-Scale Application and Field Evaluation. - Full-scale applica-
tion and field evaluations should be conducted. Here, service problems
will be discovered and solved and the transition from protctype applica-~
tion to production line application should begin [6.3, 6.8, 6.9].

(7) Development of Tooling and Methods for Manufacture. - The final phase
of the implementation of a new design is its incorporation into the
product [6.3, 6.9]. If step 6 has been properly completed, the primary
emphasis of this effort will be to manufacture the required installation
tools and train the production line personnel in the new assembly
procedures.

The Fan Systcm

The system studied in this case history is a low profile electric radiator
cooling fan motor. The motor and mounting bracket are sketched in Figure 6‘1.1.
The motor case is constructed from 0,060 inch (1.52 mm) steeil and is approxi-
mately 4 inches (101.6 mm) in dlameter. The motor mount frame is constructed
from 0.5 inch (12.7 mm) metal tube. The motor is bolted into the frame at

three locations.
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Figure 6.1.1. - Motor and mounting bracket.

Problem_and Environmental Definition
The first step is to substantiate the fact that the problem is indeed

resultant from structural resona:ce.

The problem definition is accomplished through the collection of micro-
phone data near the motor and of vibration response data from the motor. The
microphone data revealed high noise peaks occurring near 250 Hz and 1200 Hz.
The acceleration response of the motor case has a peak which matches the
1200 Hz noise peak; however, there is no such corresponding struvctural response
for the 250 Hz noise peak. The corresporndence at 1200 Hz in both the noise and
vibration data is a strong indication that the 1200 Hz noise is due to struc-
tural resonance. The 250 Hz noise has some other cause. The 250 Hz noisc
peak has been identified as being generated from the aerodynamic interaction
between the pressure wave from the fan blades and the strut supports of the

motor.
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At first thought, defining environmental temperature criteria might seem
to be a simple task. It might be thought that since in Alaska it gets down to
-65°F (-54°C), and in Dcath Valley the thermometer rises to 120°F (49°C), this
temperature range is an approximate one for automative parts. This situation
is not actually the case. A radiator cooling fan will not run when the outside
temperature is -65°F (-54°C). Also, when the outside air temperature is 120°F
(49°C), the motor case will be considerably warmer due to the heat generated
by the engine. Even though the maximum temperature range seen by the component
may gencrally be easy to define, Lhe temperature range ov-r which high damping
is nceded is often considerably smaller than the total operational temperature
range. The designer must determine over what specific temperature range the
problem occurs and design his application for that range, while keeping in

mind the maximum temperature range over which the material must survive.

Lf the material will come in contact with contaminants such as salt water,
gasoline, hydraulic fluid. cleaning solvents, or other substances which might
affect the performance or longevity of the candidate damping materials [6.10Q],

the designer must take these into account when selecting materials.
In this instance, the actual opzrational environment was not determined
because a proof-of-concept design was the goal of the 2ffort. However, in a

complete design, an environmental definition is extremely important.

Dynamic Characteristics

Damping design needs to be based on the dynamic behavior of the structural
system [6.3. 6.4, 6.8]. The frequency range over whicl the dynamic information
is needed is usually known from operational data. A dynamic investigation must
be conducted to determine all the resonant frequencies, corresponding structural

mode shapes, and modal damping in this range.

I1 damping is considered in the early design stages of a system, the best
apprvach usually consists of experimental analysis on a prototype structure.
This analysls is used to refine analytical models, which in tirn are used for

further component damping design evaluations [6.11, 6.12].
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If damping is considered as a redesign approach the¢ necessary dynamic drta
can often be obtained much better by experimentai modal (alysis than through

finite eiement or other analytical methods.

In this particular study, the required dynamic characterisntice were
determined using digital modal analysis. The fan was remcved and the motor
and mounting bracket were impact testod and the data avalyzed with o faist
Fourier aralyzer. Figure 6.1.2 is a computer representation of the test
model where point A indicates the impact point. Figure 6.1.3 is a typrcal

frequency response from the test.

Modal analyeis identified several modes of vibration in the freaucncy
range of testing (0 to 2,500 Hz). The response at 1150 Nz was in. strongest,
with high response also noted at 620 iz and 128C Hz.

The primary motion of the assembly at 1150 Yz i2sonance was a 2-nndal
diameter breathing mode of the motor housing as illustrated in Figure o.1.4.
The dashed lines indicate the undeformed model of the motor with the solid
lines indicating the deformed modal shape. Figure 6.1.5 illustrarss the
accompanying modal response in the mounting bracket. The principle motion at
1150 Hz is in the motor housing; therefore, it was decided to adg dumping to

only the motor housing and not to the mounting bracket.

DampingﬁMaterial Selection

The designer must consider both the temperature rz.ge for which damping
is needed and the survivable temperature limits to see if cither of these
ranges eliminates a particular method of damping approach due to the unavail-
ability of a suitable damping material. An example would be a damping tem-
perature range of 150°F to 250°F (66°C to 121°C) with survivability to 600°F
{316°C) which would eliminate a constrained layer or free layer damping design
because there are no effective materials currently available to meet thesc
requirements. If these had been the temperature requircvments for this case

history, another vibration control approach would have to have been uscd.
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Figure 6.1.2. - Computer represeniation of impact test geometry.
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6-8




Fortunately, the design temperature was 70°F (21°C) for the laboratory
cvaluation. There are several aveilable commercial materials which meet this

requirement [6.13]. The particular material chosen was 3M's ISD-112.

Damping System Selection and Design

* wuming a sufficient number of materials are available, the first con-
cider.  ion In selecting the type of damping system to be designed is the mode
shapes of the resonant frequencies to be damped. Tuned dampers requive di ;-
placements of some magnitude while constrained and free layer applications
requirce large areas of localized bending which can deform the domping material.
Highly loucalized strain distributions will uegate the effectiveness of a layered
trcatment [6.141.

A review of Figure 6.1.4 shows that a good candidate damping system for
this problem is a layered damping approach. Spacifically, a constrained layer
system was chosen because it would provide higher damping with less added weight

and the constraining layer would enhance the durability of the damping design.

The actual damping design effort can be conducted using a number of
analysis methods such as: (1) 4th order beam theory analysis (i.e., the Ross,
Ungar, and Kerwin equations) {6.5]); (2) finite elemeut codzs capable of using
complex modulus data [6.2]; (3) finite element analysis using modal strain
energy approaches [6.7]; and (4) classical strain energy design methods and

modal strain energy.

During this particular project, the 4th order beam theory analysis was
chosen for the design analysis of the damping system. The 4th order beam
analysis is discussed in detail in Volume 1 Section 3. The specific design
equations used on this project are givea in Volume I1 Subsection 5.1.16.

An analytical model was developed to simulate the response of the motor hous-
Ing. Using the mode shape and symmetry conditions, the motor housing was modeled

as a flat plate with the length equal to one-half the circumference of the motor.

— T ——— -




The thickness and width of the model were the same as the motor. 1t should be
noted that the assumption of taking a 4—inch (102 mm) diameter cylinder and
modeling it as a flat plate affects the accuracy of the predicted results.
This is illuatrated in Figure 6.1.6 where the flat plate predictions arz com-
pared to a finite element analysis of the actual motor case. It can be seen
that the peak damping is lower for the more exact finltc element analysis and
that the temperature of peak damping is shifted considerably higher. The
trend shown here has been seen many times before when working with flat models
of curved surfaces. Keeping these facts in mind, this "quick but dirty"
approach will rapidly and inexpensively allow the designer to get intc the
right design area. This simplified model and analysis is often used as an
initial step leading into a moure complicated design analysis.

The physical properties of the simplified model and material properties
of the ISE 112 form the inputs to a computer program which predicts the damped
dynamic response of the model. The first output generated by the program is

LOSS FACTOR

(O -~ 4th Order Analysis
A- Finite Element Analysis

0.01 1 1 1 i i 1 1 d

0 20 40 60 80 100 120 140 160
TEMPLRATURE -*F

Figure 6.1.6. - Loss factor versus temperaturc for 4Lh order analysis
and finite element analysis.
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a plot as scen in Figure 6.1.7. The plot in Figure 6.1.7 shows the system

loss factor as a function of temperature for a specific damping design. The
designer can vary the geometry of the damping design aud generate a multitude
of plots similar tn Figurc 6.1.7 until a satisfactory design is found. An-
othur approach is to add a graphics optior to your computer program and gen-—
crate a carpet plot. To develop the carpet plot, the designer selects a range
of thicknesses for both the damping and constraining layers, and a temperature
range over which the program evaluates the model's damped response. The carpet
plot charts the peak less factor for cach specific combination of damping layer
and constraining layer evaluated versus temperature, A typical carpet plot is

shown in Figure 6.1.8.

The damping design chosen for this problem has a damping layer thickness
of 0.002 inch (9.051 mm) with a constraining layer thickness of 0.030 inch
{0.76 mm) steel. The damped response system for this combination is shown in
Figure 6.1.7. As is secn in Figure 6.1.7, the chosen damping design has peak
damping at 57°F (14°C). This predicted peak dampirg temperature is 20 to 30F°
(11 to 17C") lower than the anticipated test evaluation temperature because
the aalysis assumed a 1'lat plate model. The complete computer input data set
Is piven i Figure 6,1.7, Combining the input data with tho design equations
and computer program in Volume II, Section 5, the system response data can

be generated which also is given in Figure 6.1.7.

Laboratory Mock-~up and Iivaluation Test

For a convenient proof test or the proposed design, the 0,030-inch
(0.76 mm) thick constraining layer was constructed from three €.010-inch
(0.254 im) thick layers. The total damping system consisted of three layers
with cach layer composced of 0.002-inch (0.051 mm) thick ISD~112 and 0.010 inch
(0.254 mm) tLhick steel. (A mulii-layer damping system possesses practically
the same propertics as a single layer system with a total constraining layer
thickness equal to the sum of the constraining layer in the multi-layer

system 16.2].)
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Figure 6.1.8. - Carpet plot from which aamping was chosen.
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The layers of damping material were applied onc st a time. Each laver
was applied using a vacuum bag to eliminate eatrapped air and to appl. pressure.
With the vacuum bag attached, the motor was placed in an oven and heated to

200°F (93°C) to emhance the bonding of the 1SD-112 to the motor.

Prior tc the ful! damping wr:n application, the asscemb)y was impact testued
at five locations on the motor bracket as shown in Figere 6.1.9. The ifmpact
tests were conducted between the application of each layer. Thesce tescs
showed that the damping treacments consiscing of two and threce layers reduced
the response of thie assembly by a factor of tvo for lrequencies between 1000 lz
and 1300 Hz. Figure 6.!1.10 illustrates a typical frequency response, both
damped and undamped. Figure 6.1.11 shows the effects of the damping treatment
on the structural response with a constraining layer thickness ol 0.030 inch

(0.76¢ mm).

Figure 6.1.9. - Impact locations for damping wrap cvaluation
(Note: point B is on the 1lip oi the motor
housing bracket).
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Figure 6.1.10. - Point 29 frequency response; damped and undamped.

The final prooir-of-concepu test was operational. The damped fan motor
was mounted in an automobile and nuise measurements were made. A substantial
noise reduction was measurced, but specific data were not released by the

manufacturer of the fan,

Summary
A peneral approach to the design of a damping system was demonstrated
tirough the solution of a noise and vibration problem with an electric motor.

The basic steps in the gencral approach are:

(1) Problem and Envirommental Definition;
(2) Structural Bynamics Characterization;
(Y Damping Material Selection;

(4) Dampiug System Designg
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(5) DlLaboratory Mock-up and Evaluation Test;
(6) Full-Scale Application and Field Evaluation;

(7) Development of Tooling and Methods for Manufacture.

A brief summary of the program is given below.

Modal enalysis identified a strong vibration mode at 1150 Hz. The primary
motion of the motor assembly at 1150 Hz was a two nodal diameter breathing
mode of the electric motour housing. The 1150 Hz mode was selected as the
design point for the damping treatment. The design incorporated a visco-
clastic constrained layer additive damper to reduce the breathing mode of the
1150 Hz mode.

An analytical model of the motor housing was developed to simulate the
motor housing response, Several damping treatments were developed using
analytical methods. Two wraps were most effective at the single test tem-
perature. Boch wraps incurporated a two mils (0.051 mm) thick layer of damping
material constrained by either a 30 mils (0.76 mm) thick stainless steel layer
or a 20 mils (0.508 mm) thick stainless stcel layer.

A prototype of the damping treatment was developed and applied to the
vuter diameter of the motor housing. Impact tests showed an approximate two-~
to-one ratio decrease in the structural response for frequencies in the 1000 Hz

to 1300 Hz range.

Opcerational tests on the motor, with the damping design applied, indicated

a substantial reduction in high frequency noise levels.
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6.2 DESIGN EXAMPLES

The following sections present damping design efforts in brief detail
illustrating various techniques designers should consider and typical prob-
lems to be avoided.

6.2.1 A Daaped Cantilever Beam

Problem
Selec* damping material to provide a specificed leve! of damping for the
fourth mode of a sandwich cantilever beam.

Structural Constraints

The sandwich beam is 7 inches (177.8 mm) long and constructed from twc
0.08 inch (2.03 mm) thick aluminum beams bonded together with a 0.006 inch
(0.152 mm) damping layer (See Figure 6.2.1.1).

Temperature Data
The minimum system loss factor (Wq) is to he greater than 0.1 for the
temperature range 0°F to 100°F ( -18°C to 38°C).

Approach to the Problem

The first step is to calc ‘he bare beam resonant frequency. This is

accomplished using equation 5./ » Subsection 5.1.11. Using a Young's
modulus of 1 x 107 psi (6.9 x 10I N/mz), a density of 0.101 lb/j.n3 (2.8 g/cm3).
a thickness of 0.166 inches (4.22 mm) and an cigenvalue of 120.902 {or the
fourth mode of the aluminum beam, the resonant froquency of the base beam is

calculated at approximately 3697 Hz.

Knowing the temperature range (0°F (-18°C) to 100°F (38°C)) and having
determined the frecuency region (3697 liz) of interest, the designer van now
begin o evaluate the damping materials which might be used to solve the prob-
lem. The loss factor properties of four commercially available damping ma-
terials - 3M iSD 112 and ISD 113, and Soundcoat MN and M arc given in
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.006 IN. DAMPING MATERIAL

Figure 6.2.1.1, - Lllustration of damped system.

Figure 6.2.1.2. The complex modulus data for all four materials are listed in
Table 6.2.1.1, From Figure 6.2.1.2, it can be seen that the loss factors of
MN and 18D 113 are Lhe best suited for this particular problem. Examination of
Table 6,2.1.1 reveals a difference in the shear modulus of these two materials.
The final choice of Lhe proper damping macerial must be made by comparing the
system loss factor for cach of these two damping material incorporated into

the damped beam design.

These two damping designs are evaluated using equations 5.8 and 5.13 in Sub-
section H. 1.1, tor a constrained fayer cantilever beam. All of the required
peometric and material data for input into the design equation and the com-
puted results for both the MN material design and the 18D 113 material design
are listed in Table 6.2.1.2. The calceulated results for both materials are
plotted in Figurce 6.2,1.3, The data illustrates that both materials meet the

system loss factor requirements at 0°F (18°C); however, only the MN design
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Figure 6.2.1.2, ~ Loss factor versus temperaturxe for ISD 112, ISD 113,
MN, and M damping materials.

also meets the system loss factor requirements at 100°F (38°C). From the

analysis, the damping design chosen is the one incorporating the MN material.

Figure 6.2.1.4 shows the comparison of the predicted system loss factor
to the experimentally measured system loss factor. The predicted and measured
results are alsc listed in Table 6.2.1.3. The comparison is seen to be quite
good.
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TABLE 6.2.1.1. - COMPLEX MODULUS DATA FOR ISD112, ISDi13, MN, AND M
DAMPING MATERIALS

Modulus
Dzmping Temperatures Loss Modulus
Material Dogroes F Factor PSi

1SD 112 -50.0 0.0628 9.76992E+04
-25.0 0.1637 5.85706E+04
0.0 0.3660 2.56155E+04
250 0.6987 8.56500E+02
50.0 1.0846 2.58963E+03
750 1.2597 8.56816E+02
100.0 1.1265 3.47155E+02
125.0 0.8922 1.75632E+02
150.0 0.6830 1.07384E+02
175.0 05222 7.57628E+01
200.0 0.4035 5.91999E+01
ISD 113 -50.0 0.0753 2477656404
-25.0 0.2036 1.83753E+04
0.0 0.4642 6.63933E+03
250 0.8530 1.8U483E+03
50.0 1413 5.13900E+02
75.0 1.1360 1.63858E+02
100.0 17136 7.03196E+01
125.0 15055 3.13899E+01
150.0 1.2536 2.47072E+01
1750 1.0372 1.84349E401
200.0 0.8410 1.58759E+01
MN -50.0 0.0604 6.16409E+04
-25.0 0.1786 2.978ME+04
0.0 0.4538 1.18308R+04
250 08732 4.14298E+02
50.0 1.6894 1.46874E+03
75.0 21344 5.08521E+02
100.0 19987 2.06589E+02
125.0 1.5968 9.67124E+01
150.0 1.2064 5.20596E+01
175.0 0.9004 3A719E+M
200.0 0.6751 2.141635+01
M -50.0 0.0438 243291E+04
-25.0 0.1428 1.77984E+04
9 0.4087 9.75486E+03
25.0 NG44 3.87097€+03
50.0 1.3636 1.28735E+03
750 1.4853 4.62821E+02
100.0 1.1995 2.11934E+02
1250 08127 1.25244E+02
150.0 0.5G30 3.98393E+01
175.0 0.3100 1.31803E+01
2000 0.1300 6.44716E+01
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TABLE 6.2.1.2. - INPUT DATA AND COMPUTED RESULTS FOR DAMPED SYSTEM
FOR BOTH ISD 113 AND MN DAMPING MATERIALS

I1SD 113 MN
Predicted Predicted
Temperstures Compesite Predicted Composiie Predicted
Degrees Loss Frequency Loss Frequency
£ Factor Hz Factor Hz
-50.0 0.00423 3596.9 0.00854 35049
-26.0 0.02269 34785 0.03675 3351.7
0.0 0.10144 3237.2 0.14165 29747
5.0 0.28969 28419 0.29691 23403
50.0 0.44214 23028 0.22328 1932.8
75.0 0.28645 1940.4 0.10204 1819.2
100.0 0.11672 1830.6 0.04478 17874
125.0 0.044883 1795.1 0.02243 1776.7
150.0 0.01931 17814 0.01288 17721
175.0 0.00926 17750 0.00822 17699
200.0 0.00482 17716 0.00568 1768.7
*Input deta; damping material loss factor and modulus are in Tsble 6.2.1.1.
Beam Damping Layer Constraining Layer
Length 71.00in Thickness 0.0060 in Thickness 0.0800in _
Thickness  0.0800 in Density  0.0350 Iblin3 Dansity 0.1010 ib/in°
Desalty  0.1010 ib/in3 Modulus  1.000E+07 psi
Modulus 1.000E+07 i

TABLE 6.2.1.3. ~ PREDICYED AND MEASURED FREQUENCY AND LOSS FACTOR FOR
CANTILEVER BEAM WITH MN DAMPING MATERILAL

Predicted
Teraparatures System Predicted Msasured
Degree Loss Frequency System Measured
F Factor Hz Loss Factor Frequency
-50.9 0.00423 3595.9 0.0113 35079
-25.0 0.02269 34785 9.0269 3399.8
0.0 0.10144 32372 0.0685 32100
25.0 0.28963 28419 0.2444 21713
50.0 044214 2302.8 0.4809 2163
75.0 0.28645 19404 0.1556 1848.1
100.C 0.11672 1830.6 0.0489 17741
125.0 0.04489 1795.1 0.0233 17488
150.0 0.01931 17814 0.0151 17313
175.0 0.00926 1775.0 0.0083 1724.5
200.0 0.00432 17716 0.0056 17156
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Figure 6.2.1.3. ~ Predicted damped system response for both the ISD 113
and MN damping materials.
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6.2.2 Turbine Ground Power Component Design Example [6.15]

Proublem

Premature failurce of inlec guide vanes (IGV) on the GG4 ground power
turbine engine. Failure was due to cracking of the vane in the trausition
areas from the vane to the inner and/or outer hub. Failure was ass*med to be

caused by resonant fatigue.

Primary Function of System

Provide power at remote sites or assist in providing power during peak

demand periods for cities.

Part

Solid cast aluminum inlet guide vane case. Cast in net form.

Location of Component

The IGV case is the front most portion of the turbine engine.

Type of Loading

Primary sources of excitation would be:

a) Out-of-balance forces from rotor,

b) pressure waves from the first stage fan impinging on the IGVs.

Temperature Data

Due to the system funrtion, the operational environment must be -65°F
(-54°C) to 150°F (66°C). Damping is needed across the entire range.

Approach to the Prcblem

I. Problem Identification

a) Evaluate operational strain gage data with a spectrum analyzer to

determine which frequencies have the high~rt strain levels.




T

The results of this cvaluation showed the high strain levels were occurring

at approximately 1200 Hz.

b) Lxperimentally or analytically conduct a modal analysis to determine
which resonant modes are goencrating the high strain levels. The results of
this effort was the identification of the second bending moce and the second

torsional mode, both in the 1200 Hz range.,

¢) Determine temperature range that “he damping system must survive and
also the temperature range where damping is required. This effort identified
the operational temperature as -65°F (-54°C) to 150°F (66°C) with significant

system damping required for the entire range.

II. Analysis
a) The vane has an airfoil shape, with considerable twist along the

length and a nonconec“ant cross section. ”

b) Fourth-order plate analysis was used to design the damping system.
The cquations are discussed in Volume I1, Subsection 5.1.16. The damping system
chosen was a constrained layer system because the constrajining layer would
provide protection for the dampiog material in the engine inlet environment
and also because the constrained layer system would provide higher modal damp-

ing at a lower increasce in blade thickness.

¢) The vane was modeled as a flat rectangular plate with pinned edges.
The length and width dimensicns of the plate model were identical to that cf
the vane. The thickness was adjusted to 0.6 inch (15.2 mm) in order to get
the second bending mode frequency for the model to equal the measured frequency

of the vane, i.c., 1200 Hz.

d) With the model matched to the system, an interactive design procedure
can he utilized. The designer must now evaluate various damping materials
(material data in Volume LI1) and constraining layers and geometric combina-

tion in order to develop an appropriate damping system. In this case the
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temperature range is so large that the damping systum will require more than
one material. A possible solution is to start by designing a lower tempera-
ture damping system with optimum damping 1/4 to 1/3 of the total temperature
range above the minimum temperature and a higher temperature damping system
with optimum damping (/4 to 1/3 of the total temperaturc range below the maxi-
mum temperature. The actual damping design could be done over the entire
temperature range at one time if the designer has programmed the multilayer
multi-material design equations given in Volume I, Scction 3.2. However, a
simpler approach is to use the single layer equations and compuler program
given in Volume I1, Subscction 5.1.16 and design the low temperature and high
temperature systems independently. This particular problem was solved with the
latter approach. The model data. material daca, and computer results are given
in Figure 6.2.2.1. 7Test data from 2 vane test are also given in Figure 6.2.2.1

for comparison witch the predicted results.

e) Practical considerations inzlude: (1) the ease of appliication which
required that the wrap béxapplied in the field with the case on the engine;
(2) long-term durability to the cerosion cnvironment in the front of the cngine;
(3) relatively low cost; and (4) no decrease in engine performance due to

increased thickness of the vane.

III. Results

a) Final design of the damping system is shown in Figure 6.2.2.2.

Figure 6.2.2.1 shows the measured system damping and the calculated damping.

b) The damping system was applicd to an 1GV. An instrumented engine

test demonstrated 70 to 90 percent stress reduction.

c) A one-year durability test on several engines revealed no duerability

problems caused by erosion or degradation of the damping materials.
d) The application proccedure developed required eight man-hours to

install all 18 vane dampers. The installation procedvre is given in
Table 6.2.2.1.
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~ Damped system response data.

Figure 6.2.2.1.
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Pigure 6.2.2.2. - Final damper desipgn.
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TABLE 6.2.2.1. -~ WRAP? APPLICATION PROCEDURE

Clean guide vane

Apply taps primer

Mix and apply epoxy

Remove backing paper

Pasition damping treatment

Apply wrap working from L.E. to T.E.
Avoid entrapped air

Roll wrap surface

Wipe off axcess epoxy

6.2.3 F-15 Rudder Fairing Dawper [6.16]

Problem
High-cycle resonant facigue cracking occurred in the leading-edge fairing
of the F~15 rudder. Resunance was induced by turbulent air flow across the

fairing.

Structure
The fairing is o sheet metal structure riveted and bonded to the advanced

composite rudder (sec Figare 6.2.3.1).

Undamp=d Structure Responsa
Fisure 6.2.3.2 chows the undamped response of the fairing. The primary

modes of interest were at 213, 26G, and 509 Hz with amplification factors. Q,
of 28.8, 36.4, 84.8, respectively. The mode shapes for 213 Hz and 509 Hz are
shown in Figures 6.2.3.3 and 6.2.3.4. The large deformations caused high bend-
ing stressces which in turn caused f .rigue cracking. Such deformations are,

however, well-suited for layer damping treztments.

Damping Treatments

Since the operational temperaturce range of the fairing is broad (0°F
(-18°C) to 125°F (52°C)), no single damping material can provide adequate damp-
ing across this range. The treatment design (see Figure 6.2.3.5) consisted of

a layer of 3M 1SD-830, an aluminum conctrsaning layer, a layer of 3M ISD-11i2,
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Figure 6.2.3.5. - Final damping configuration.

and another aluminum constraining layer. The 3M ISD-830 provided peak damp-
ing in the 0°F (-18°C) to 60°F (16°C) range, while the 3M ISD-112 provided peak
damping in the 60°F (16°C) to 125°F (52°C) range. The design tool used to
develop this specific damping system was the flat pla“c constrained lay.:r
damping equations and computer program given in Subsection 5.1.16. The design
approach was to optimize the ISD-830 design and then optimize the ISD-112
design independently. Figure 6.2.3.6 presents the sy:s“em loss factor versus
temperature for both the ISD-830 and ISD-112 designs. Also included in Fig-
ure 6.2.3.6 is all the required computer mode’ and input data and computer

results. The designer can use his computer program to verify the results
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presented. A more accurate evaluation of the total damping system could be
obtained if the multilaye~ multimaterial design equations given in Volume 1,

Section 3 are used.

Damp Struccture Response

The response of the fairing was reduced an order of magnitude as a

result of the multilayer damping treatment, as shown in Figure 6.2.3.7.

Field Survivability Evaluvation
Six aircraft had the damping design installed and « une year flight test

revealed no fatiguc cracks or durability problems.

UNDAMPED RESPONSE

O JE 7Y )
' ~4

ey

.....

00 20C 300 400 700 800

ACCELERATION, G'S /ibf

FREQUENCY - Hz

Figure 6.2.3.7. - Comparison of damped and undamped response.
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6.2.4 TF-4]1 Engine Inlet Extension Damper [6.17]

Pr-hlem

Passage of the first stage fan blades caused high amplitude rescaant
response in the inlet extension from 2000 to 3500 Hz resultiang in high-cycle
fatigue cracking of TF-41 engine inlet extensions. The fiberglass/epoxy
wrap, applied to the extension to prevent fatigue cracking, failed due to
delamination and disbonding. As a result, the epoxy wrap was eliminated from
consideration. In order to avoid a costly redesign of the extension to eliminate
the problem, an effort was undertaken to develop an additive damping design to
replace the fiberglass wrap.

Structure
The inlet extension is an 8 inch (203 mm) wide xing of sheet steel with
1 inch (25.4 mn) wide flanges welded to each side. The entire assembly is

shaped inton a truncated cone, as shown in Figure 6.2.4.1.

Figure 6.2.4.1. - TF-41 inlet extension.
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Undanmped Structure Response

A typical response of the bare extension is shown in Figure 6.2.4.2. ‘The
peak at 3140 Hz occurs in the operational rotor speed of the engine and is
therefore the mode of interest. Modal analysis rcevealed the mode shape to be
a circumferential bending wave with iode lines spaced six to cight inches

apart,

Damping Design

During 90 percent of its flight time, the extension is exposed to tem-
peratures from 50°F (10°C) to 200°F (92°C). No single damping material can
provide appreciable damping across this entire temperature range, so a multi-
layer system was designed. The final design is shoun in Figure 6.2.4.3. The
3M 1ISD-112 plus constraining layer provided peak damping at 80°F (27°C) while
the 3M ISD-1i0 plus constraining layer resulted in peak damping at 175°F
(79°C). The design tool used to develop this specific damping system &as the
flat plate counsirained layer damping cquations and computer pro,ram given in
Subsection 5.1.16. The design approach was to optimize the ISD-112 design
and the ISD-110 design indepcndently. See Figure 6.2.4.4 for the predicted
damped system responsc. Also contained in Figure 6.2.4.4 is all the required
computer model and input data and the computed results. The designer can use

his computer program to verify the results presented.

Damped Structure Response

A damped and undamped gection of an funlet extension were tested in the
laboratory to verify ihe multilayer treatment's effectiveness. The damping
treatment increased the loss factor by an order of magnitude (Figure 6.2.4.5).
Engine tect cell runs of full-scale extensions, one with a fiberglass wrap
and one with a damping wrap, werce then conducced.  The response obtained with
these two treatments arc illustrated in Figures 6.2.4.6 and 6.2.4.7, respec—
tively. Overall, the response levels of the daaped extension were lower than

those of the fiberglass extension by a factor of five to six.
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Figure 6.2.4.2. - Typical measured undamped frequency response of the

inlet extension.

Figure 6.2.4.3. - Damping design.
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Figure 6.2.4.5. - Measured inlet cxtension loss factor.
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Figure 6.2.4.7. - Resvonse of damped extension.

Engine Test Cell Durability Study

A damped inlet ran for over 1000 hours of test cell operation with no
cracking or durability problems. An instrumented engine test after the
1000 hour test revealed the same level of modal damping as was measwred before

the durability test. Therefore there was no damping material deterioration.
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6.2.5 O0STA-1 Shelf Damper [6.18)

Problem
High levels of vibration were e¢xpected ro be transmitted to the OSTA-]
experiment support shelf because of high acoustic and vibration levels generated

during launch of the space shuttle.

Structure

The snelf was used Lo support various experiments aboard the shuttle (see
Figure 6.2.5.1), It is approximately 39 inches (991 mm) wide and 113 inches
(2870 mm) long, and consists of an cluminum honeycomb core sandwiched between

two aluminum face sheets.

Undamped Structure Response

Experimentat modal analysis of the shelf had not been conducted. Analyti-~
cal fiuite c¢lement analysis, however, revealed the probable resonant frequency

to be 30 Hz; with an assumed inherent damping of 0.2,

Damping Treatments

The optimum design temperature was 70°F (21°C), with a design temperature
range of 50°F (10°C) to 90°F (32°C). The design frequency was 20 Hz with a
design frequency range of 15 Hz to 400 Hz. ‘The design maximum structural loss
factor was 0.3, Carpet plols of structural loss factor versus temperature at
the desipgn frequency were output for a number of materials, sheowing che effect
of varying materials and geomstries in a constrained layer damping configura-
tion (sce Figure 6.2.5.2). The resulting dam , trectment was a 0.98 inch
{2.032 mm) thick layer of M 18D-110 viscoelastic damping material constrained
by a 0.12-inch (3.05 mm) thick layer of graphite. The design tcol used was the
flat plate constrained layer damping equations and computer progra. giver in
Subscction 5.1.16. rhe carpet plots were gencerated by plotting the maxinum
system dampi g for various damping configurations at the temperatures the naxi-
mums occurred. As can be sen fron Yigure 6.2.5.2 this ailows the desigoer to
choose rapidiy the geometry of the damping design which will provide the

required damping at the specified temperature of the problem to be solved.
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Figure 6.2.5.1. -~ OSTA-1 shelf.
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Figure 6.2.5.2. - Typical carpet plot.
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Once the geometry has been chosen, the designer can run the appropriate

computer program from Section 5.1.16 to generate the data for the system loss
factor as a function of temperature as shown in Figure 6.2.5.3. This plot
ailows the designer to determine the effective temperature of the dampiong desipgn
as well as the maximum damping level and temperature of peak damping. The com-
puter model, all required input data and the computer generated results are con-
tained in Figure 6.2.5.73 so thac the designer can use his own program to obtain

the results.

Damped Response

The ipredicted structural damping over the temperature range of interest
at the design frequency is shown in Figure 6.2.5.3. ‘The maximum structural
loss factor is 0.29458 at 70°F (21°C). No cxperimental investigations had hecn

undertaken to verify this prediction,

10' [~ DAMPING MATERIAL: 0.08 IN. 3M ISD 10
CONSTRAINING MATERIAL: GRAPHITE EPOXY (4E7)

TEMP MODULUS LOSS  BEAM MOD COMPOSITE
DEG F MODE NO. LENGTE 2 FACTOR LB/THICK 2  BEAM FREC Hz FREQ Hz LOSS FACTOR
500 31 9.93587¢£+02 0.3721 9.30900E+05 30.0 0.22351
550 31 7.86163E+02 0.9538 9.30000E+05 30.0 0.25465
600 31 6.19713€+02 1.0317 9.30000E+05 30.0 0.27588
650 31 4.87804E+02 1.1033 9.30000E+05 30.0 0.28979
700 31 3.84238€+02 1.1685 9.30000E+05 30.0 0.29458
« 750 31 3.03632E+02 1.2193 9.30000E+05 30.0 0.28966
S 800 31 2.41078€+02 1.2600 9.30000E+05 30.0 0.27526
e 850 31 1.82870E+02 1.2378 9.3C000E+05 30.0 0.25515
u 100 1966 31 1.55214E+02 1.3025 9.30000E+05 30.0 0.23014
§ NOTE: THESE DATA WERE DEVELOPED USING

THE EQUATIONS IN SHBSECTION 5.1.16
WITH THE APPROPRIATE EIGEN VALUES
FOR A PINNED — PINNED BEAM

—_ o

16-1 1 1 1 i ! i
40 50 60 70 80 80 100
TEMPERATURE ~ °¢

Figure 6.2.5.3. - Loss factor versus temperature for shelf with €.08 inch
thick ISh 110 and 0.12 inch graphite constraining layer.
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6.2.6 RF-33-P3 Turbojet Engine Component Design Example [6.19, 6.20]

Problem

High cycle fatiguc cracking was occuring in bo.h the vanes and the shrouds
of the inlet guide vanc (1CV) casce of the TF-133-P3 turbojet aircraft engine.
The end result of the cracking was high repair and replacement costs for 16V

cases to keep the engines in service and operationally ready.

Part Description

The IGV case is a titanium weldment consisting of 28 hollow vanes supported
between two hollow cylindrical shrouds. Deicing air is routed through the
vanes as necessary by way of the shrouds. The inner diameter shroud scrves
also a3 the support fer the freat bearing of the engine rotor system. The
vanes serve to react the front bearing loads and to align the airflow for the

first stage fan, which is located immediately downstream of the vanes.

Tvpe of Loading

Primary sources of cxcitation weres

1. pressure waves from the first stage fan blades impinging on the vanes,
2. out-of-balance forces from the rotor, and

3. 1inlet airflow turbulence.

Temperature Data

Available temperature test data showed the operational temperature range of
the IGV was -25°F (-~32°C) to 150°F (66°C) for Y9 percent of the operational time
with occasional deicing air heating of the vanes to 425°F (218°C).

Additional Background

Considerable effort and expense had been expended in installing supple-

mentary stiffeners through the vanes ncar their outboard end and throupgh the
two walls of the ouster shroud becauss most cracks occurred at or near the vane

outer shroud welded joint. Those structural modifications did not alleviate
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the situation. The problem also had becn one of the drivers of extensive

studics of titanium fabrication and repair welding procedures.

Approach to the Problem

I. Problem ldentification

Investigation of the problem began with a wmodal analysis of an ICV case
mounted on a test stand engine. The analysig showed significant modal deflec~
tions of the vanes and outer shroud walls in the range from 300 to 4500 Hz.
That range included the first four torsional modes of the vanes. The shroud-
vane joint area would be involved in reacting out the dynamic loads induced
by these vibratory modes. ‘The first stage fan blade passage impulses would
excite the higher modes of the vane. The lower modes would be excited by the
unbalance and turbulence forces, and by the sum and difference frequencies of
all excitation sources and their harmonics. Tt was expected, however, that
fan blade passage pulses, in the frequency range of 2500 to 4500 Hz, were
causing the most damaging vibrations, similar to the situation of the TF-30

ergine LGV for which engince run strain gage data had been analyzed.

LI, Analysis

a) The Ross—-Kerwin-Unt:: equations were used to model the vane on the
computer with a constrained lsyer damping systems, such a system being capable
of producing maximum damping for a minimum of added thickness to the vane.
Fourth order cquations from Subsection 5.1.12 were used. ‘The vane was modeled
as a flat plate becam with pinned ends and the beam geometry was adjusted to

approximate the resonance modes of the vance,

b) With the mode matched to the vane, an interactive design procedure
was ascd to obtain a two-material constrained layer damping system that pro-
vided high damping over tLhe operational temperature range in the frequency

range of interest. The damping system is showr in Figure 6.2.6.1
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Figure 6.2.6.1. - TF-33-P3 1GV casc damping wrap configuration.
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[1l. Luaboratory Testing

A three vane segment of the 16V case was obtained and was bolted to heavy
aluminum plates at the inner and outer shroud sections to simulate the [ixity
of the case in an engine. A modal analysis, performed on the center vane and
the adjacent outer shroud area of that specimen, showed the same resonance mode
characteristics as previously measured on an TGV case, mounted in the engirne.
Vane and outer shroud baseline damping then were established by measuring the
loss facror using swept sine wave excitation and the half-power-pcint
method, over the temperature range of -25°F (-31°C) to 25C°F (121°C), for all
the major resonance modes between 1000 and 5000 Hz. The constrained layer
damping trcatment, shown in Figure 6.2.6.1, was then installed on all three
vanes with structural cpoxy adhesive using the vacuum bag process with au
autoclave temperature and pressure curing cycle. The loss factor measurements,
with the swept-sine excitation, werce then repeated in the temperature chamber.
The results of these tests, shown in Figure 6.2.6.2 and 6.2.6.3, were so favor-
able that a demonstration casce was ottained in late 1979, all the vanes were
wrapped, and the case was installed in an engine in the operational B-52H air-
craft fleet. Room temperature loss factor values measured before and after the
vane damping wraps were installed on that case are also shown in Figures 6.2.6.2

and 6.2.6.73

V.  Results

The wrapped demonstration case has been in use on an operational engine
for more than four years and ne fatigue cracking or durability problems with
the damping wraps have been encountered.  Alout a year after its installatien
a goose passced Lhrough the engine and caused damage Lhe size of a percil
craser Lo the wrap on one vane.,  The damage spot was repaired with room temper-

ature setting epoxy and has caused no problems.

A cost analysis based on 1978 dollars ane repair and replacement costs
then showed a 10.5 million dollar savings could be effected on the TF-33-P3
engine inventory by a time point five years after all IGV case vanes were
wrapped (total time frame cleven years with 896 cases wrapped in six years).
Unfortunately, this effort has been delayed during attempted developnent of a

new epoxy bonding installation process which encountered uncxpected preblems,
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6.2.7 Radar Antenna Tuned BDamper Design Example

Problem
Low cycle fatigue caused premature failure of an aircraft rad r antenna.

Failure involved the cracking of the antemna near the rim.

Primary Function of System

The antenna is used as part of an IFF systenm,
Part
The antenna is a circular, brass stamping with an elcectrical connector

at its coenter (sce Figure 6.2.7.1).

location of Compcnent

As shown in Figure 6.2.7.2, the antenna was mounted just forward of the

aircraft's nose cannon.

Type of Loading

The high vibration levels are induced by nose cannon fire, transmitted by

the airframe to the antemna.

Temperature Data

The operational temperature range of the antenna was cstimated to be 80°F

(27°C) Lo 170°F (77°C).

Approach to the Problem

1. Problem ldentification

a)  FEvaluate in=tlight vibration records to characterize the structural
vibrations. The analysis indicated the vibratiop ficld to be broad band and
suggested that random noise vibration (rather thao sinusoidel) would best

simutate guntire in laboratory testing.
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Figure 6.2.7.1. - Radar antenna.
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Figure 6.2.7.2. -~ Relative locations of cannon, pickups, and anicnna.
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Fipure 0.2.7.3. - Typleal respouse spectra for undamped antenna.
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b) Perform experimental modal analysis to identify the damege-causivg
mode. The resonant frequency, as shown in Figure 6.2.7.73, was 490 Hz. The
motion was diaphragmatic, with the center of the antenna experiencing the
greatest dsiplacement. The average amplification tactor (Q) of the mode

was 30.

¢) Determine the operational and survivabilitv temperature ranges.  From
avaiiable information the operational and survivability temperature ranges

were determined to be 80°F (27°C) to 170°F (77°C).

11. Analysis

a) Stiffening of the antenna structure had been tried but was discarded
because the broad band cxcitation made it impossible to shift resonances out

of the range of excitation frequencices.

b) Surface damping treatments depend for their effectiveness on the
existence of large arcas of high cyclic strain on the surface. In this
instance, since the mode of vibration was predominantly diaphragmatic, no
large strains existed anywherce apart from the small region near the rim where

failure occurred. For this rcason, no surface damping technique was usable.

c) Because the only significant response occurred at the center of the
antenna, an effective damping treatment had to utilize this amplitude of
vibration. The development of a tuncd viscoclastic damper, attached around
the electrical connector at the antenna's center, was therefore made the aim

of the investigation.

d) An experimental design procedure was employed to develop o suitable
tuned damper. A candidate damping material was chosen, a damper goeometry was
developed, prototypec dampers were fabricated, and then the dampers were tested
and evaluated. The procedurc was repeated as necessary until an acceeptable

design was found.

6-52

T . anmTiten . 34 o 1.7 .1 P S B $nSS I -TTN AR W XD .- & XS : R WRMWE MR ER IR & WKW R YW



LD B o T T PR o e T —n AT,

¢) ‘lesting was conducied in two phases. Sinusoidal shaker excitation at
various input levels at che resonant frequency determined the damping resulting
from a given viscoelustic material and tuning mass. Intermittent random shaker
excitation, whach represented gunfire vibration, tested the durapnility of the

damper and provided a means of correiating results with in-flight observations.

) Candidate damping materials had to meet the following qualifications:
high loss factor (20.2) over the temperature range of interest and nearly
constant shear modulus over the tewperture range of interest. The operational
Ltemperature range (80°F (27°C) to 170°F (77°C)) would thus have to correspond
to the rubbery phase of a candidate material. The material finally chosen was
Panacril-BJ with 25 PHR super abrasive furnace carbon black added for strength.
Without the added carbon the material was found to fail rapidly during testing

despite adequate damping. Figure 6.2.7.4 shows the material properties.

] g£) Figure 6.3.8.5 shows the final gecmetry of the tuned damper. The
cross-hatched arcas represeal the viscoclastic damping material. The outer
circular arcas arce the tuning masses for the damper. The bonding surfaces
arce radiused to provide additional bond arca and to reduce stress concentra-
tions. The damper was attached to the electrical connector at the center of

the antenna.

til. Results

@)  The final design of the damper is shown in Figure 6.2.7.5

b) Sinusvidal shaker testing showed the modal damping (loss factor) to
be 0,14, This is more than a four-fold reduction in resonant amplitude {(from
Q=30 to Q =7). Firurce 6.2.7.6 shows the amplification facter as a function

of temperature and input level,
¢)  Random shaker testing showed that the damper and antenna could sur-

vive at least 30 minutes of punflire vibration excitat ion, compared with one to

four minutes for the undamped antenna during in-)light conditions.
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Figuce 6.2.7.4, - Damping properties of panacril-B1 with 25 PIR carbon.
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Figure 6.2.7.5. - Final geometry of prototype.
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d) Ficld testing of five damped antennas over a three month period

showed a durability life of 41.6 hours to 105.5 hours.
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6.2.8 Laser Component (Ring Mirror) Design Kxample [6.21]

Problem
Potential existed for a resonant yawing vibration ol che annular reference
mirror (ring mirror) of a lascr. This would produce beam jitter during

cperation.

Part

Annular disk supportced by an axle on a graphite-cpoxy yoke (sce
Figure 6.2.8.1).

Type of Loading

Frimary sources of excitation would be:

a) Acoustic excitation from the environment around the laser asscembly.

b) Structural vibrations transmitted through the laser mounting asscmbly.

Temperature Data
The operational and damping temperature raonge are the saw, namely,

55°F (13°C) to 75°F (24°C).

Approach to the Probiem

1. Problem ldentifcstion

a) Using experimental modal annlysis, ideatify any modes in the vicinity
of 140 Hz (believed to be the location of possible resonance problem). A
rough modal analysis had been performed carlier for other purposes. This

analysis revealed a-rotational mode: about the mirror pivot axis at 1135 liz.

b) The temperaturc range of operation, over which damping must be cffec-

tive, was a cool room teaperature of approximately 55°F (13°C) to 75°F (24°C).
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Figure 6.2.8.1. - Annular reference mirror on the bench.

II. Analysis

a) A dampirng design concept is determined. A steel strap mounted between
the base structure and mirror could stiffen the mirror assembly about the
yawing axis and increase the frequency. Using a split strap with damping
material could also damp out the resonant vibration. Experimental frequency
response analysis reveals that the solid steel strap causes undesirable cross-

coupling of responses. The damped strap is, therefore, the concept chosen for

solution of the probiem.

b) NASTRAN finite elcment models (see Volume I, Section 5) of
the mirror/yoke assembly and the damped strap are developed. The nirvor, a
portion of the yoke, and an adjustment bracket {to which the strap would be
fastened) are modeled as shown in Figure 6.2.8.2. Because the modal analysis
shows the mode shape to be rotation of the nirror onty, the mirror pivot points

are modeled as fixed in space and the surrounding portions of the yoke left
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out. The torsional stiffness at the pivot points is adjusted to give a
ftequency of 135.4 Hz for the mode of interest. Figure 6.2:8.3 gives the
resulting ficde shapes.

The damped strap is modeled with the configuration shown in Fig-
ure §.2.8.%. HEXA isoparametric solid eleménts are used to reptesent the

viscoelastic solid :lements using membrane-Neading coupling.

¢) The modal strain energy Wethod with norimal modes finite element
analysis (see Volume I, Section 5) is used to optimize the loss parameters
The loss patameter is the straih energy in the viscdelastic material (VEM),

divided by the total system strain energy or

v
loss paraficter = 2%- (6.1)

whete Vv is the strain energy in the VEM and V is the tetal strain energy in
the mirtor/support siructural damped strap asSembly. Maximizitig the loss
parameter also maximizes the amount of energy that will bc.dissibnted by the
VEM and therefore, by definition, the system damping.

For this damping design, he VEM parameter G/t (where G = shear modulus
and t = thickness) determines the loss parameter. Two thicknesses, 0.020 inch
(0.506 min) and 0.060 inch (1.52 Wm), are chosen and then a variety of valies
for G Are tried to deterinine the cofibination which maximizes the loss parah-
eter. The mode thape is similar throughout, ané is shown in Figure 6.2.8.5.
rhe frequency and loss parameter results are presented in Table £.2.8.1. The
maximum loss parameter is obtaincd when G = 600 psi (4.14 x lObN/mz) and
t = 0.060 inch (1.52 min) or when G = 200 psi (1.38 x 10°N/m%) and t =
0.020 inch (0.508 mm). For both these cases, the design parameter G/t is
10,000 psi/in (2.71 x 10° W/n?/am). The 0.020 inch (0.508 fm) treatment was
chosen for fabrication.
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Figure 6.2.8.4. - Schematic drawing of the damped strap.

Both pinmed and fixed strap boundary conditions were investigated.
Table €.2.8.1 shows that nearly the same results are obtained for each. The

mode shapes are also unchanged.

d) Selection of a suitable viscoelastic material. It was assumed in the
analysis of ¢} that the temperature was 65°F (18°C). Thus the material selec-
tion criteria are: G = 200 psi (1.38 x 106 N/mz), frequency = 172 Hz, and
temperature = 65°F (18°C) with waximum loss factor ncar this point. The mate-
rial I8D-112, manufactured by 3 Company, has propertics which meet these
crigeria (see Figuie 5.2,8.6). The shear modulus is approximately 200 psi
(.38 x 106 N/mz) wh:le the loss factor is 0.9¢ for the {requency and tempera-
ture of interest. The modal (structural) loss faclor is estimated by the MSE

method to be

v
= arv—— (
n N (6.2)




- mme ———— st

Side View

Top View

Figure 6.2.8.5. - Modal deformation plot of ring mirror with damped
strap at 172.6 Hz.
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TABLE 6.2.8.1. FREQUENCY AND 1LOSS PARAMETERS OF RING MIRROR

Mods 1

Analysis Cas2 Frequency Loss Parameter
No Strap 1354 N.A,
0.025 {ach Steel Strap 206.5 N.A.
0.060 Inch Miccoslastic Laver

G = 200 psi 152.7 0.203
0.060 inch Viscosimtic Layer *

G = 600 psi 1726 0.218
0.060 inch Visroelastic Layer

G = 1002 psi 188 0.180
0.060 Inch Visrcelastic Layer

G = 12,79 psi 2024 0.019
0.020 Inch Viscoslastic Layer

6 = 200 pst

Pinned on End 1723 9.2¢0
0.020 inch Viscowlastic Layer

6 = 200 psi

Fixed on End 17132 0.225

where ns = gtructural loss factor, nv = VEM loss factor, and VV/V is the loss

parameter discussed earlier. From Table 6.2.8.1 Vv/\' iz 0,219, s0

l'ls = €£.99 x 9.219 = 0.216

e) The finite element analysis results are experimentally verificd. The
damped strap is fabricated and installed based ou the finite element analysis
design. Frequency response analysis shows the resonant frequency to be 157 Hz,
well below the predicted frequency of 172 Hz. With the strap removed, a
detailed modal analys:v of the ring is performed. Two modes are identified at
135 liz rather than the one mode that is determined from the original coarse
nodal survey. In addition to the rotation of the mirror about its pivot points,
a front-ta-back transiation of the mirror and yoke assembly occurs. The two

motions are out of phase at the bottom of the mirror where the strap is
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Figure 6.2.8.6. - Material properties for 3M, type 112 viscoelastic.

attached, so that almost no nct motion of the strap occurs {see Fig-
ure 6.2.8.7). As a result, little VEM deformation occurs, so that the

increase in Jamping of the assembly is minimal.

f) Practical considerations include: 1) minimizing weight addition to
the laser assembly, and 2) simpie installation without modification to the

existing structurce.

[1l. Results
a) Final design of the strap damping system is shown in Figure $.2.8.8.

The predicted structural loss factor of the mirror/strap asscembly is 0.216.

b) Results of frequency response analysis do not agree with the finite
clement analysis.  Subscquent modal analysis revealed that an additional mode
is present at the frequency ot interest which is not included in the finite

clement model.
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Figure 6.2.8.8. ~ Schematic drawing of iLhe damped strap.
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¢! The lesson to be learned from this investigation is that systenm
dynamics must be accurately understood before a representative analytical
mode! can be constructed and an appropriate damping concept chosen. Tn this
case the yoke assembly should have been modeled, so that the transitional mode

caun be present in the finite element model.
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6.2.9 Aeroclastic Flutter Design Example [6.22]

Probiem

Aeroce. astic flutter at the lips of the intermodular plate.

Primary Function of Systcm

Air discharge flow channcl,
Part
Plate 0.3-~inches (7.62 mm) thick and 19.3 inches (490 mm) in diamccer,

as shown in Figure 6.2.9.1.

Type oi Loading

Self-excited vibration induced by unsteady cooling gas flow intcracting
with the iatermodular plate lips.

Temperature Data
Damping required from 75°F (24°C) tn 4G0°F (204°C), with ability to sur-
vive short-term exposures to 650°F (343°C).

Approach to the Problem

1. Problem Identification

a) Analytical normal mode and fluttcr analyses of the undamped piate
determined that the impurtant vibration modes for flutter are local, out-of-

phase bending modes of the 1lips.

b) Experimental modal analysis to determine precisely the mode shape
and frequency of the lowest-frequency cut-of-phase bending mode is performed.
The mode is found to have a frequency of 2140 Hz and damping (losc factor)
of 0.0012. The mode shape is shown in Figure 6.2.9.2.

c) Temperature ranges over which damping is required and over which

the damping naterial must survive are determined. The operational temperature
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range is found to be 75°F (24°C) to 400°F (204°C), whilce the survivability
temperature range is 75°F (24°C) to 650°F (343°C).

II. Analysis
a) A damping design concept is determined. Practical considerations

dictate an O-ring of damping material inserted into the cavity formed by the
plate lips (Figure 6.2.9.3).

b} A NASTRAN finite element model is developed (see Volume I, Section 5)
to evaluate and optimize the O-ring damper. The plate model is a 10.21 degree
azimuthal sector of one of the two lips (Figure 6.2.9.4) consisting entirely
of solid (HEXA and PENTA) elements. The model is constrained axially and
circumferentially to suppress all but the out-of-phase lip bending modes.

The modulus of elasticitv is decreased and density increased to tune the
model frequency to match the experimental frequency (2146 Hz). The O-ring
model, composed of HEXA elements, is then added to the plate model (Fip-

vre 6.2.9.5). The O-ring is modeled to retain its cross-sectional area under

deformation.

c) Normal mode (natural frequency) finite element analyses are performed

" (see Volyme i, Section 5) to determine the maximum allowable stiffness (shear

modulug) of the O-ring. System requirements dictate that the maximum increase
in static stiffness due to the O-ring is 10 percent. The analyses showed that
this maximum limit is obtained for an O-ring shear modulus of approximately
500 psi.

d) An appropriate damping material is seiected. The requirements are
a static shear modulus of 500 psi (3.45 x 10° N/m%) at 75°F (24°C), highest
possible damping from Z000 Hz to 3000 Hz, significant damping from 75°F (24°C)
to 400°F (204°C), and short-term survivability to 650°F (343°C). A fluorosili-
cone rubber (Down Corning LS-63) is identified which possesses these properties
(see Figure 6.2.9.6).
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Figurce 6.2.9.4. = NASTRAN model of undamped plate.
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e) Damping material properties are incorporated ir the finite element
model and the system damping is determined at various temperatures and
frequencies. The modal strain energv method is used with the normal modes
analysis to compute structural loss factor. From the MSE method, (see

Volume 1, Section 5),
Total Strain Energy Dissipated

)

structure  Total Strain Energy in Structure
% (nivi) .
TV, (63
i
where
n, = loss factor of ith element
V. = strain energy in ith clement

Figure 6.2.9.7 is a summary of the results. A system loss factor of at least
0.01 was required to prevent f{lutter. The analyses showed the system loss
factor to range from 0.012 to 0.048 through a 75°F (24°C) to 400°F (204°%)

temperature range.

) The finite clement analyses results are verified by experimental modal
analysis of an actual damped plate. Excelleat correlation of system damping is
obtained at the two verification temperatures 75°F (24°C), 200°F (93°C), as

shown in Figure 6.2.9.7.
g) Practical considerations includo:

1)  Ease of jabrication, which rules out a damping treatment consisting
of 2 high temoerature viscocelustic plus constraining laver;

2) Static stiffness limitations, which rules out filling the 1lip
cavity with damping material and limits the static shear modulus
of the O-ring treatment to 500 psi (3.45 x !06 N!mz). and

3)  Weipht restrictions, which dictates only minimal increases in the

assembly weipght.,
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Results

a) The final design is shown in Figure 6.2.9.73.

b)

Experimental modal analysis and finite elemeat normal mode analysis

show the loss factor of the damped intermcdular plate to be 0.012 Lo 0.048 over

the entire temperature range of intercst, exceeding the system loss factor of |

0.0l needed to prevent flutter.

SYSTEM LOSS FACTOR

Figure 6.2.7.6 is a summary of the findings.

0.96 1 SINGLE O-RING DAMPING TREATMENT
Neasured Oamping frem Moda: Test
0.051 7 [ 2300}10.0
[ 4
x o
N\ = g
o (=4
0.04 \\ Naturs] Froquency :t_); t
\.\ /  Increase 1a Static Stiffases 2 P
-~ N o N0
0.03 4 2 v
/ . wl o3
e eming - 220C5.0 03;
0.02 - 2
-4
® @
1 3] ]
3 L]
o Q
0.91 2 ]
//‘ Svatem Damping, No Damping Treatment ot
100 { 0.0
0.00 F ' r . I
50 100 150 200 .50 300 350 43{2)
?EMPERATURE °‘F
Figure 6.2.9.7. - Properties of the intermodule plate with single

-~

O-ring damper.
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6.3 CASE HISTORIES

The following case histories describe various problems which have been

solved through the use of damping technology.

6.3.1 B-52 TRU 82/A Pitot-Static Tube Damper [6.23]

Problem

High-cycle fatigue cracking occurred in the TRU 82/A pitot-static tube
assembly used on B~52H aircraft. The failures are attributed to resonance
vibration induced by turbulent boundary layer airflow over the assembly and

adjacent fuselage skin.

Structure

The pitot-static tube assembly consists of a berylium copper casting
carrying pressure lines through the fuselage skin from the pitot and static
ports to the aircraft's airspeed and altitude transducers. The assembly
supports the tube and their ports ouiside the turbulent boundary layer flow
near the fuselage skin. The assembly is supported oy a mounting ring which
attaches to a reinforced skin area with six screws thr2aded into nutplates
(sec Figures 6.3.1i.1 and 6.3.1.2). The assembly contains appropriate anti-

icing heaters for the poris and tubes.

Undamped Structure Resnonse

Failures were occurring near the mount ring at the root of the canti-
levered structure. Flight test strain gage and accelerometer data shows
that first bending mode resonance vibration of the cantilevered assembly at
94 Hz exceeds the endurance iimit of the structure because o° a stress ron-
centration at the failure location. A typical frequency response plot of a

flight test data segment is shown in Figare 6.3.1.3.

Damping Treatment Development

The flight test data shows a constant ratio of stra‘n at the failure

location to acceleration at a selected acceleration mounting site. Accelerom-

eter data from that site is used te assess the effectiveness of proposed
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mem

damping treatments studied in laboratory tests of a TRU 82/A assembly and
suitable mount structure attached to an electromagnet shaker. The damping
treatment selected consisted of two 0.006—~inch (0.152-mm) thick layers of
clastomeric damping material, one applied to each side of the plastic seal

used between the mount ring and the fuselage skin, as shown in Figure 6.3.).4.

Damped Structure Response

A comparison of the damped to undamped structure response is shown in
Table 6.3.1.1, Reduction of the stress level at the failure location is
accomplished to the extent that uncracked assemblies do not crack and

that the crack growth rate is reduced in structures with existing cracks.

6.3.2 Aircraft Fusclage Dampcer [6.24]

Problem

The possibility for sonic fatigue of the aft fuselage structure of the
B-1 aircraft existed. The potential cause of the futigune is high sound

pressurc levels (exceeding 168 dB) resulting from the jet engines.

Structure

The basic constructjon consists of titanium skin stiffened by perpen-
dicular frames, with the inside frame caps interconnected by straps. Fig-~

ure 6.3.2.1 illustrates the structure.

Undamped Structure Response

Figurce 6.3.2.2 shows a typical trarsfer function for the structure,
revealing high modal density tetween 250 Hz #£-d 300 Hz. Figure 6.3.2.3 shows

a few of the modes prcsent, plotted with the undeformed geometry.

Damping Treatments

Both constrained layer treatments and tuned dampers are successfully
used in a room-temperature cnvironment. The comstrained layer treatments
are multilayered, with cach layer consisting of 0.002~inch (G.051-mm) thick
M I$D~112 and 0.005~-inch (9.127~mm} thick alumiwum backing. The tuned
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TABLE 6.3.1.1. LABORATORY TEST DATA

Inputat  Horizontal Ace.  Vertical Acc. Maximum  Maximum
Pitut Tube Base of Sracket on Canncn Plug  Resonant Loss Normal Shear
Configuration (G's RMS) {G's AMS) (G's RMSj Fres, (Hz)  Factor (Ms)  Stress Stress

1972 Production 0.1 1.2 1.9 8.1 0.007 4086 1758
Model — No Damping 0.2 2.2% 38 849 o 6226 2462
Treatment-Rosette 0.3- 32 55 85.2 0.007 9889 4789
Strain Gage 0.4 39 6.9 85.0 0.008 11675 5604
65 46 84 849 0.008 13519 6234
1.0 15 5.0 344 0.011 21264 10153

—

1972 Production 0.1 0.23 0.38 84.1 G.067 1178 an
Model with Damping 0.2 0.41 1.3 84.0 0.038 1858 144
Fix — Rosette 6.3 056 1.75 839 0.026 2674 1156
Strain Gage 04 on 22 83.7 0.036 3180 1267
05 035 265 83.6 0.038 3702 1517
1.0 15 48 826 0.039 6279 2636

dampers are single degree-of-freedom spring-mass systems with Dow Corning
fluorosilicone sealant as tle viscoelastic spring (see Figure 6.3.2.4). The
resonance frequency is designed to be 280 Hz, which corresponds to one of
the structural resonances. The tuned dampers are positioned as shown in
Figure 6.3.2.5, Table 6.3.2.1 is a compilation of the damping treatment con-

figurations and their locations.

Damped Structure Response

Table 6.3.2.2 presents the changes in maximum resonance amplitude due to
each treatment. The constrained layer treatment applied to the skin and frame
proved to be the most effective treatment in terms of reducing amplitude at

resonance.

6.3.3 Boeiug 747 Upper Dheck Noise Supression Damper ([6.25]

Problem

During flight, cxcessive noise was occurring in the upperdeck passenger

cabin of the Boeing 747 aircraft. Resonant vibration of the fuselage skin
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Figure 6.3.2.1, - Internal view of test specimen.

:

$

g

ACCELLRATION TRANSFER FUNCTION
[
8

Figure 6.3.2,2. - Undamped transfer function.
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First B:’;f;’%{“‘“ of the Edge View of Skin and
Strap at 237 Ha Strap Mode at 295 Hz

Mode Shape at 295 Hz
Mode Shape at 354 Hz

Figvre 6.3.2.3. ~ Structurc mode shapes.
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Figure 6.3.2.4. - Configuration of damping !reatments applied.

CKIN
/

X = TUNED
DAMPERS

FRAME WtB

Figure 6.3.2.5. - Placement of tuned dampers.
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TABLE 6.3.2.1.

TYPES OF DAMPING TREATMENTS AND THE PART OF STRUCTURE
TO WHICH IT IS APPLIED

Trestment No. Type of Treatment and Part of Structure to Which it is Applied
0 Undampsd
1 Six {ayers of the consirained layer treatment applied to frame web only
2 Three layers of *he constrained ayer trestment apriied to skin pansls and
adjacent to web
3 Six layers of the constrainad layer treatment applied to frame web and
! adiacent skin panels
4 Four tuned dampers applied to the frame wed. (See Figure 6.3.2.5 for

location on frame.)

TABLE 6.3.2.2.

TREATMENT NUMBER AND PEAK TRANSFER FUNCTION RESULTS

Trsatment Number® snd Relative Amplitude of Maximum Peek in Transfer Function

Location of Pickup Below 350 Hz
Skin 0-320 1-112 2-63 3-11 4-90
Skin 0-550 1-118 2-20 3-u 4-540
Frame 0-1400 1-100 2-520 3-110 4-500
*See Table 6.3.2.1
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(due to randomly varying pressure waves caused by the turbulent boundary layer

surrounding the fuselage) is responsible for the high noise levels.
Structure
The structure consists of thin aluminum skin reinforced by interconnecting

longitudinal stringers and circumferential frames, as shown in Figure 6.3.3.1.

Undamped Response

Figure 6.3.3.2 shows the resonant vibration spectrum of the fuselage skin
along with the corresponding cabin noise spectrum. Major reésonant peaks of the
structure occur at 335 Hz, 490 Hz, and 630 Hz, coinciding exactly with the major
noise peaks. Figure 6.3.3.3 illustrates the shapes of the three problem modes,

revealing them to be low-order plate bending modes.

Damping Treatments

Two layers of 3M Y436 Sound Damping Tape are applied to the inside fuse-
lage skin. Modal testing showed only siight damping of the modes of interest,
with significant damping for frequencies of 700 Hz and greater. The modes of

interest are not damped since the damping tape is not designed for the dynamics

of the fuselage structure.

The final damping treatment chosen appears in Figure 6.3.3.4. Two Kevlar
I-beam constraining layers are bonded to one layer of 3M Y436 damping tape on
cach skin panel using 3M ISD-113.

The high bending stiffness of the bcam constraining layers causes thick-
ness as well as shear deformation of the 3M ISD-113 and the damping tape

viscoelastic material (see Figure 6.3.3.5). Damping of low-order modes, such

as the modes of interest, is therefore significantly enhanced.

I Damped Response

Figure 6.3.3.6 shows that large reductions in the response of the modes
of interest are obtained. The corresponding cabin noise levels are compar-
able to tnose that had becn obtained with a system of stiffness weighing ncarly
150 percent more than the beam damper system (see Figure 6.3.73.7).
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Figure 6.3.3.3. - Skin panel modc shapes.
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Figu-reué.fi. 3.4. - Damping treat;-ent configuration.
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I-BEAM CAMPER CROSS-SECTION
| S —————

| BEAM
e

PRIMARY STRUCTURE

OAMPING nGHESIVE

ADHESIVE THICKNESS DEFORMATION
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Figure 6.3.3.5. - Thickness deformation in stiff constrained layer dampers.
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Figure 6.3.3.6. - Effect of beam damping system on structure
frequency response.
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Figure 6.3.3.7. -~ Effect of beam damping system on cabin noise levels.

6.3.4 Distribution Manifold Damper

Problem

Analytical data indicated a high cycle fatigue problem in th2 distribution
manifold of a laser system. The manifold is keiny excited by combustor insta-
bilities which generates prersure gradientz in the irequency and wavelength

range which match the resonances in the manifold.

Structure

The manifold is shown in Figure 6.3.4.1. The circular portion is
nine inches (228.6 mm) in diameter and the actual manifold length is 90 inches
(2286 mm). The manifola is made from INCOL 903.
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Undamped Structural Response

The resonant modes of concern are in the frequency range of 300 Hz to
4000 Hz. The mode at approximately 3300 Hz is of particular interest.
Table 6.3.4.1 lists the specific modes and their amplification factors, 9.
The general displacements for all the modes are plate-like in nature which

lend themselves to good layered damping designs.

Damping Design

The operational temperature of the manifold was 64°F (17.8°C) due to
internal cooling flow. Fourth order plate analysis shows that sufficient

damping can be obtained f{rom an 0.002-inchk (0.05}-mm) thick layer of 1$D-112

with an 0.050-inch (1.27-mm) thick aluminum constraining layer. The 0.050-inch

(1.27-mm) thick aluminum layer is difficult to apply to the manifold. The
modifled design consists of five layers of both 0.00Z-inch (0.951-mm) thick
ISD-112 and 0.010-inch (0.254-mm) thick aluminum. The combined function of
the five layer treatment is approximately the same as the single layered
0.050-inch (1.27-mm) thick aluminum treatment.

Damped Structure Respcnse

The Q of the modes is reduced an average of about 50 percent. The
damped data is shown in Table 6.3.4.2.

Operational Data

The damping design reduced the operational stresses and no failures
occurred. In limited operat:inn, no durability problem is evident; however,
getting a good bond between the substrait and the damping material is
difficult.

6.3.5 Engine Mount Ring Tuned Damp< 'c [6.26)

Problem
High cycle fatigue cracks occurred on a 3et engine mounting ring. The
excitation forces are engine caused vibrations exciting the lower frequency

resonant modes of the mutnt ring.
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TABLE 6.3.4.1. UNDAMPED MODAY. FREQUENCIfS AMPLIFICATICN FACTORS

Frequency (H?) Ampilification Factor, Q
3 134
403 152
903 110
1112 168
1396 134
355 126
4325 103

TABLE 6.3.4.2. DAMPFD MODAL FREQUENCIES AND AMPLIFICATION FACTORS

Frequency {H2) Amplification Factor, Q
374 64
403 95
81 58
1172 93
1368 70
3436 48
4299 75

Structurc

The engine mount ring is a one picce metal structure shewn in Figure 6.3.5.1.
It is approximately four feet (1219 mm) in diamzter. Figure 6.3.5.2 illustrates

the mount ring's jocation on the engine.

Undamped Structural Response

Figure 6.3.5.3 shows the undamped response of the mount ring. The primary
modes of interest are those up to 200 Hz. The mode shapes are typical of
the lower order modes of circutar plate with a hole cut in the middle. All the
modes have defurmation patterns which are amenable to layered damping treat-
ments. The three primary modes also produce strain patterns which can account

for the crack patterns which are vecurring.




.2, - ﬁﬁéf;e-iilustration.
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Damping Design

The operational temperature of the mcunt ring is 150°F (66°C) to 300°F
(149°C), which is in the range of layered damping materials. Unfortunately, the
survival temperature is 650°F (343°C) which no current layered damping material
can survive while providing damping in the 150°F (66°C) to 300°F (149°C)
range. A functional solution is the use of tuned dampers. There are materials
which can function as the damped spring at temperatures between 150°F (66°C)
and 300°F (149°C) and survive 650°F (343°C). Yo prove the con:ept, tuned
dampers are designed to operate at room temperature. The design methods are
discussed in Volume I, Section 3. Once the concept is proven, it remains

to define the proper material for operational use.

Namped Structure Response

The placement of the tunced dampers on the mount ring is illustrated in
Figure 6.3.5.4. Note that the size of the tuned dampers is larger than truc
scale for clarity. Figure 6.3.5.5 shows the damped response of the mount ring.
Comparison of Figure 6.3.5.5 and Figure €.3.5.3 demonstrates an order of mag-
nitude reduction in the dynamic response of the mount ring as a4 result of plac-

ing five tuned dampers on the structure.

6.3.6 Design of a Damped Acoustic Enclosure {6.27]

Problem

High ievels of structural vibration can cause failures within electronic
packages of experiments carried on board the Space Shuttic. Such vibrations
may be encountered because of the high level noise (greater than 145 dB) from
the rocket engines, which are in close proximity to the payload bay. As an
alternative to modifying the payload bay or the payloads themselves, this
investigation is performed to evaluate small acoustic enclosures to protect

the experiments.
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Structurc

The basic enclosure is a double-sheathed capped cylinder, three~feet
(914.4 mm) in diameter and length., The walls and bulkheads are formed from
strong, light-weight materials such as aluminum, magnesium, or graphite composite.
An interconnecting series of frames and stringers joins the inner and outer

walls together, providing lightweight, stiff construction.

Undamped Response

Little damping would be present in such a conatruction aad little acoustic
attenuation would be achleved. No specific results arc available since only

the damped configuration is analyzed and tested.

bamping Treatments

PO N Ao - 5 PR W Y N B e T I I BT 3P, U

In che low frequency range (less than 500 Hz for the configuration under
consideration), the noise transmitted into the enclosure can be significantly
decreased if the enclosure is very stiff and highly damped. High damping
viscoclastic epoxy materials (SMRD) provide these desired properties for the
temperature and frequency ranges of interest. The stringers and frames are
fashioned from the SMPD. The test enclosuie consists of 0.(20-inch (0.508-mm)
thick alumiaum wall sheets joined by ¢.25-inch (6.35-mm) by 0.5-inch (12.7-mm)
SMRD stringers and frames on 5-inch (127-mm) centers. 1In addition, wedges of
SMRD are joined to the conical shaped bulkheads on 15-degree centers. A fiber-

glass liner is inserted to prevent reverberation inside the enclosure.

Damped Rcsponse

Computer analysis of the damped enclosure indicates u minimum resonant

frequency of 500 Hz with a corresponding loss factor of 0.66. Figure 6.3.6.1
shows the predicted and actual (from acoustic chamber testing) mnoise reduction
for an external sound pressure level of 150 dB. The overall noise reduction

is 18 to 29 dB, with as much as 30 o 40 dB at fvequencies below 125 Hz. This
reduction represents over an order of magnitude reduction in acoustic pressures.

Vibration levels con the enclosure walls range from 20 to 70 g rms.
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Figure 6.3.6.1. - Acoustic cover, measured noise reduction comparison
to predicted values, with acoustic liner (0A external
SPL = 150 dB).

6.3.7 Printed Wiring Board Damper No. | [6.28]

Problem
Structural or electrical failure of a printed wiring board (PWB) onboard
a spacecraft occurred when resonance is induced in the board by vibrations

transmitted from the bouster engines.

Structure
The PYB is a 0.063-inch (1.6-mm) thick rectangular plate 7.5 inches
(191 mm) by 7.5 inches (191 mm), on which electrical wiring and electronic

components are attached. The PWB is mounted in the chassis.
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Undamped Response

The first wode of ‘'vibration of the PWB occurs at 65 Hz with an amplifi-
cation factor, Q, of approximately 35. This mode is independent of the chassis

response.

Damping Treatment
The basic treatment consists of a 0.094-inch (2.4-mm) thick strip of

viscoelastic material with or without a 0.315-inch (0.8-mm) thick graphite-
epoxy constrzining layer strip. The viscoelastic material is chosen to pro-
vide maximum damping in thc operational temperature range of the PWB. The
constrained layer strips are arranged in cruciform fashion on the PWB to
correspond with the locations of maximum deflection and/or strain of the first
mode of vibration. This includes a strip on the connector area to suppress
rocking modes. The use of strips rathker than sheets of damping treatment add
appreciable damping to the PWB without covering the entire surface, which would

hinder modification and maintenance.

Damped Responsec

Figure 6.3.7.1 shows that the damping treatment shifts the frequency of
the first mode to 115 Hz and reduces the amplification at resonance by a factor
of 7 (from Q = 35 to Q = 5).

Field Survivability Evaluation

No failures have been encountered during qualification testing at 12.5 g rms.

6.3.8 Printed Wiring Board Damper No. 2 [6.28]

Problem
Resonant vibration of a spacecraft printed wiring board (PWB) caused
structural or elcctrical fajilure. Resonance resulted from engine vibrations

transmitted to the PWB.
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Figure 6.3.7.1. -~ Worst PWB response to Y-sweep.

Structure
The PWB is a very thin rectangular 3.5-inch (89-mm) by 4.6-inch (117 -mm)

panel upon which wiring and electronic components are attached.

Undamped Response
Figure 6.3.8.1 shows the undamped response of the PWB, both measured and

predicted, using a flat plate response prediction program. Two major resonances
are apparent between J and 1000 Hz, with the first modc having a frequency of
165 Mz and an amplification factor, Q, of 22.

Danping;!reatﬁeets

Several damping treatments of various configurations are tried. The
bagic treatment consists of a ©.031-inch (0.8-mm) thick graphite-epoxy con-
straining layer strip bonded to a 0.094-inch (2.4-mm) thick visceelastic
damping material strip. The atrips are placed in different locations on the
PWB as shown in Table 6.3.8.1. The use of strips allows for appreciable
agditive dsaping without covering the structure, which would inhibit mainte-
nance and modification.
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TABLE 6.3.8.1.

St <4ARY OF PREDICTION AND MEASUREMENTS

Article A
Sine Comsant
Predicted Weasured
Bowd  Configuration L i {144 t* a* Predictions by Singie Degree-of-Freedom mmy‘
A12 Undamped 100-200 } 30 165 | 22 First Mode Good; Higher Mode Uncontroiied
e
A3l | =scsne—| 16:+-258 87-79 | 20¢ 18 Good
=
Al S| | 209297 | 83-7.4 | 260 | 68 | First Mode Good; Highar Mode Poorly Controlied
A13 i 258-303 7195-5.25 | 285 8.2 Good
= Ah oy
432 205-284 56-.5.3 220 12 First Mode Good; Higher Made Uncontrolled
Edge Strip Too Stiff to Participate in 2nd Mods
* Fraguancy
“*Ampiification tactor
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Damped Response

Figure 5.3.8.1 shovs a typical respons: function for the A~31 damped
configuration along with the undamped response., Table 6.3,.8.1 summarizes the
tirst mode responses for the various damping configurations. Amplitude at
resonance is reduced by a factor of three for each of the configuratiors.
Configurations A-31, A-14, A-13 alsc suppressed the second mode. However, due
to the excessive stiffness of the edge strip and the shape of the second mode

of vibration, configuration A-32 could not control the sccond mode.

Field Survivability Evaluation
The percentage of failures encountered during qualification testing at

25 g rms is reduced from about 40 percent to less than 10 percent.

6.3.9 Vibration Damping Compound as a Means to Ruuuce Steel Noize Barrier
Cost {6.29]

Froblem

This study is performed to investigate the feasibility of reduciag the
costs associated with the construction of highway ncisc barriers through the

use of thin steel panels coated with a viscoelastic damping material.

Structure

The highway noise barriers ave formed steel panels, Figure 6.3.9.1, which
are situated along congested highways near residential or business areas. The
panels used in zhis study are 0.035-inch (0.138-mm) thick zalvanized steel with
both {aces coated with silicone alkyd, 9.06l-inch (G.025-um) thick.

Undamped Structural Response

Table 6.3.9.1 shows the sound transmission loss (dB) as a function of
frequency. The traffic noise frequency that most influences the sound level
is 2000 hertz.
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- o1. ‘
7&21— g B
L L
37 35

Figurc 6.3.9.1. - Profile of the panel tested (WRT-168, ARMCO, Canada)

TABLE 6.3.9.1. TRANSMISSION LOSS (TL) OF THE SAMPLE WITH AND WITHOUT
_ DAMPING COMFOUND (AQUAPLAS)

.

Frequency (kHz) 0126 0.160 0200 0250 0.31% 0400 0500 0630 0800 ¥ 125 16 2 25 316 4

sTC*

TL “with” (d8) 19 LY 16 1) 2 u 2% ry 3 30 3¢ NxR BN ML
TL “without” (d8) 19 ” 15 n 9 20 23 26 8 27 %2 21® I N N
Tlincroment (d8) O 0 1 0 2 2 2 1 2 3 2 56 5 71 3

26

*Sound Transmixsion Class - See Ref. 6.29
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Damping Treatmenvs

The damping compound used is Aquaplas DLIO from Blackford Ltd. The
o .
compound is applied at a surface density of 0 52 1b/ft” (2.54 kg/mz)-

Damped Structural Response

l

Ti:e damped response is also shown in Table 6.3.9.1. At 2000 Hertz the
transmission loss is 32 dB with the damping treatment applied, and 26 dB
without the damping treatment applied. Fligure 6.3.9.2 illustrates the reduc-
tion in sound level ‘dB) over a frequency range of 200 to 2000 hertz. The
noise recorded at the edge of the pavement of a large highway is 97.6 dB(A).
For a barrier without damping it is reduced to 63.2 dB(A); and for a barrier
with damping it is reduced to 60.0 dB(A).

Conclusion

A cost analysis is provided showirg that a savings between 7 and 23 per-
cent could be realized by reducing the thickness of the steel barrier panel and

coating the panel with a viscoelastic damping layer.
A Typicai A - weighted noise recorded at the edge of pavement of a large
highway: 97.6 dB(A)

B Through barrier uoise obtained by subtraction of transmission loss spec—
trum of the barrier sample without damping: 63.2 dB(A)

C Same as before with dam~" . 60.0 dB(A).

30|
zc 1 b
200 900 1000 2000

Figure 6.3.9.2. - Reduction of highway noise transmittced tbrough a
barrier with and without damping compound (Aquaplas).
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6.3.10 Damping to Eliminate Rocket '"Pogo'" Problem [6.30]

Problem

The appearance of low frequency longitudinal vibrations during the
initial stages of a rocket launching is comumonly referred to as the "Poga"
effect. TV phenomenon was observed during the first five launchings of the

DIAMANT B sa.:11ite launch vehicle.

Structure

The structure enduring the "Pogo" effect is the lst stage of the
DIAMANT B launch vehicle. 7o examine the applicability of the viscoelastic
damping treatment to the DIAMANT B launchk vehicle, a suitable tank model is
constructed which can simulate the "Pogo" effect. A 0.039-inch (1-mm) thick
cylinderical tank, with a diumeter of 34.6 inches 879 mm) and a length of
58.3 inches (1481 mm), is made of AG5 aluminum alloy. It is filled with

water to simulate the 1iquid fuel.

Undamped Structural Response

The mode shapes of the tank are determined experimentally with perint
excitation. Strong radial mode coupling is obtained. Radial reinforcement
is applied to the tank structure to reduce the effect of the radial modes.
As a result, it is possible to obtain the longitudinal vibration mode in the

desired frequency range.

Damping Treatment

The arca to be trecated with the viscoelastic material s the rear
gection of the tank. Two damping treatments are examined: a coating of
Lord Manufacturing type L. D 400 material, 0.063-inch (1.6-mm) thick. and a
constrained layer trcatment using a 0.02-inch (0.5-mm) thick Hoechst VP 71
damping layer with an 0.004-inch (0.1-mm) thick aluminum constraining layer.
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Damped Struc“ural Response

For the two damping treacments both pressure and displacement amplitudes
are measured. The maximum dynamic pressure in the fluid at the modal fre-
quency is reduced by 78 percent and 83 percent for the single damping layer
and constrained layer, respectively. The ratio of radial to longitudinal dis-
placement is reduced by 27 and 33 percent for the single damping tayer and
congtrained layer, respectively. These results are shown oa Figures 6.3.10.1
and 6.3.10.2. Damping of the actual DIAMANT B launched vehicle tank is
extrapolated from the tank mock-up; and a single layer damping treatment is
chosen for the launch test. Two DIAMANT B launchings took place on February 6,
1975 and May 17, 1975 with the dam»ing treatments apnlied. The low frequency
longitudinal vibration, "Pogo" effect, had successfully been eliminated.

Conclusion
The successful use of viscoelastic damping laye.s to reduce the high
acceleration loading factors which occur during the "Pogo" phenomenon.

eliminated the need to redesign the DIAMANT B satellite launch vehicle.

6.3.11 Damping for Rapid Tramgit Structures [6.31]

:
; Problem
The noise radiated from rapid transit bridge structures has attracted
recent attention. In this example the effect upon the noise level radiated

from the box bridge girder are examined, when a viscoelastic damping layer
is applied.

Structure
A low bridge girder is the main horizontal support of the rapid transit
bridge. Two scale models of the bridge girder are evaluated. The first is

an all concrete design, and the second is a composite steel/concrete design.

A full scale composite steel/concrete bridge girder is also examined.

6-106




*8utdwep

POPPE INOYITA puB yifm pInbyy Uy
sanssaad otweulp jo uostaedwo) - °Z°01°€°9 =2andyz

{

INVS.
A3 HILVM

H3INASNYYL
3HNSS3Ud ¢
40 NOILISOd

yNSSId

= = e — = —+— | dA SSINNTIHL HLIM 03dWVYO NNVL -

I e
v >

00t 07 HLIM U3dWVO INVL -
ANYL 03WVG-NON -

S
.
S
o
*Butduwep __

POPPE INOY3ITM PUEB YITA |
jue3 Jo UOTIICISTP Terpey - [*QT°€°9 2and1l _
|

_

_

|

M

UNILVOD J11SVI30DSIA 1iLiM 031V3IHL SYIHY - v
00% 01 QYCT ONV £ dA HLIM GIHNVG ~=E€ T
QG3dWVQ-NON ——1

m<zxo—

Snatwm—g

6~107

€ 404 Svu” 9'¢
Z 404 SYy" 97
| H0J SVYH™ €61 :3HV SINVA
03AN3ISIHd3Y LON
S1 INJW3DV1dSIO TYNIGNLIONDT




Undamped Structural Response

Ncise levels (dB) as a function of excitation frequency are determined
for the scale model of the concrete bridge girder having no prestressing,
575 psi (3.96 x 106 N/mz) prestressing, and 1150 psi (7.93 x 106 N/mz) pre-
stressing. A peak noise level of 80 dB occurs at an excitation frequency
of 1200 nertz for the 1500 psi (1.03 x 107 N/mz) prestressed bridge girder.
Lowering the magnitude of prestressing reduces the noise level at all excita-
tion frequencies, see Figure 6.3.11.1. The noise level cmitted from the scale
model of the composite steel/coacrete bridge girder, Figurc 6.3.11.2, increased
to a level higher than the 1150 psi (7.93 x 106 N/mz) prestressed concrete
bridge girder. The noise level emitted from the full scale composite steel/

concrete bridge girder is shown in Figure 6.3.11.3.

Damping Treatments

The damping treatment applied to both the scale and full scale composite
steel/concrete bridge girder consists of a viscoelastic material bonded to the
steel portion of the bridge girder. The viscoelastic material use@ for the
damping treatment has a loss factor of 0.4 and an elastic modulus of 1.45 x

6 10

107 psi (1 x 10 N/mz) over the frequency range of 100 to 4000 hertz.

Damped Structural Response

Noise level reductions of from 10 to 16 dB are ovbserved for the scale
model composite steel/concrete bridge girder. The damped noise level of the
scale uodel decreased to that of the concrete bridge girder with no prestress-
ing (Figures 6.3.11.1 and 6.3.11.2). For the full scale romposite bridge
girder the noise level is typically redvced by 12 to 26 dB as shown in
Figure 6.3.11.3.

Conclusion
A composite steel/concrete bridge girder, which will need no prestressing,
can effectively be used to constrict rapid transit bridges without the addition

of an exzessive noise level to the surrouading environment.
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Figure 6.3.11.1, ~ Impact sound octave band level as a function
of prestress.
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Figure 6.3.11.2. - Model composite concr.°te-stec’® bridge girder.
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Figure 6.3.11.3. - Full scalce composite concr :te-stcel bridge girder.

6.3.12 Dampiug for a Diesel Engine 0il Pan [6.32]

Probler

Recent federal legistlation has resulted in a considerable =flort to reduce
the ncise levels of on-highway vehicles. One of the major contributors to the
noise level is the dicsel engine. Speccifically, the oil pan compriscs a major

source of the diesel enginc noise level.
Structure
The o0il pan is made of sheet steel and stampad to the desired shape. It

is bolted to the bottom of the diesel engine.

Undamped Structure Response

Noise and vibration data ar¢ taken for a number of operational conditions

vo correlate the effects of resonance to the generation of excessive noisc
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lovels on the highway. An example is shown in Figure 6.3.12.1. The
resonaat freavency of interest occurs in the neighborhood of 500 hertz as
shcwn in Figure 6.3.12.2. The mode shapes are determined. Figure 6.3.12.3
illustrates the fundamental bending mode which is excited at 467 hertz.

Damping Treatments

To design the proper damping treatment the following items are considered;
the frequency co be damped is 500 tiz, the operational tenperature range is
between 175°F (79°C) and 250°F (121°C), the material must be resistant to oil
contamination and long term heat exposures, and the oil pan, with its damping
treatment, must be manufuactured in a cost effective manner. Typical material
characteristics are shown in Figure 6.3.12.4. A viscoelastic material sand-
wiched between two steel layers of equal thickness is the oil pan configura~-
tion chosen. The damping aaterial is bonded securely to the steel outer plys
using a 0.0002-inch (0.005 mm) thick adhesive.

Damped Structural Responsc

The dawping performance of the layered oil pan configuration using the
damping material properties .f Figure 6.3.12.4 is shown in Figure 6.3.12.5.
Figure 6.3.12.6 lllustrates tue improved damped response of the oil pan at
210°F (99°0). Figures 6.3.12.7 and 6.3.12.8 illustrate the noise level and

vibration reduction, respectively, for the operational conditions.

Conclusions

The application of viscoclastic material can effectively be used to solve
noise problems, If the damping design is performed in a systematic way the

noise problem can be solved irn a cost cifective manner.

6-111




100

80
80
]
{
o
&G 70
[~]
=
-
3
80

R T

NOISE 20

VIBRATION

S~
{
o
ACCELERATION LEVEL =48 (0'd8 - 13}

— o‘ 0
~-20
1 | I a0
100 1,000 10,000
FREQUENCY-Hz

Figure 6.3.12.1. - Variation of the noise and vibration of the
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Figure 6.3.12.2. - Driving point frequency response on the left side
of the undamped oil pan.

Figure 6.3.12.3. - Mcde shape of vibration of the oil pan at 467 Hz.
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Figure 6.3.12.4. - Variation of the damping properties of a high
temperature damping material.
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Figure 6.3.12.5. - Predicted values for damped oil pan.
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Figure 6.3.12.7, -~ Effects of damping on reducing the oil pan
noise for a typical operating condition.
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Figure 6.3.12.8. - Effects of damping and reducing the oil pan

vibration for a typical operating condition.
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6.3.13 Jet Engine Inlet Vane Damper [6.33]

Problem

High cycle fatigue cracks are occurring in the vanes and shrouds of the
TF~30 Engine inlet guide vane, IGV, cases. The fatigue cracking leads to
extremely high refurbishment/replacement costs because it occurs at much
less than the estimated lifetime of the part.

Structure

The TF-30 IGV case is a titanium weldment consisting of a set of hollow
vanes welded to vane stubs on a pair of cylindrical shrouds. Deicing air is
routed through the vanes by way of the shrouds. The inner shroud structure
supports the front bearing of the engine rotor system. The vanes align the
inlet airflow for the first stage fan blades, located immediately downstream

aft, and react t.e front bearing loads.

Undamped Response

Engine test stand and flight test strain gage data shows damaging vibra-
tory stress cycles at the higher order vane bending and vane torsion modes due
to the first stage fan blade passage frequency at the 28th engine order, 28E,
and similar but less severe cyclic stresses at lower vane modes due to lower
engine sider shaft and case vibrations. Some wideband excitation is caused
by inlet air turbulence. The Campbell diagram shown in Figure 6.3.13.1 is
generated from test stand data. It clearly shows the first bending mode of
the vane at 350 Hz and the first torsion mode at 850 Hz. However, higher
cyclic stresses arc measured at the higher order modes in the 3000 to 4000 Hz
range and the higher cyclic stress rate leads to much more rapid accumulation
of fatigue damage duc to vibration in these modes, It is shown that the high
frequency stress cycles cxceeded tie endurance limit defined by the Goodman

diagram for the GV casce material.
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Damping Treatmen:

A multilayer constrained-layer damping treatment, as shown in
Figure 6.3.13.2, is designed to reduce the IGV response to the vibratory
excitation. Viscoelastic damping materiale with different damping effective-
ness temperature ranges are chosen for use on the two sides of the vanes to
cover the IGV case operational temperature range from 0°F (~18°C) to 150°F
(66°C), which accounts for 98 percent of the operational time of the engine.
The damping wraps and their attachment to the vanes also have to survive anti-
icing during which the vane surface reaches 400°F (204°C). The damping wraps
are honded to the vanes in an autoclave with AF 453 gpoxy adhesive manufactured
by 3M.

Damped Response

The loss factor versus temperature is shown in Figure 6.3.13.3 for the
damped and undamped configuration of thu TF-30 IGV case vane for the fourth
torsional mode at 4000 Hz. The percentage operational time at temperature
is shown also on the figure. The loss factor data is measured daring labora-
tory vibration tests. Similar data is measured for the other vibration modes
of the vane. Test cell runs of engines with and without damped vanes shows
vibratory stress peaks arc reduced from 50 to 80 percent in the vanes and
from 41 to 61 percent in the standup s.»bs on the shrouds, to which the vanes
are welded, Analysis shows that the reduced cyclic stresses are well below
the endurance limit for the 1GV case material. Test stand operational evalua-
tions shows that addition of the damping wrap thickness to the vanes did not

affect significaatly any.cf the opezational parameters of the engine.

Field Survivability

A demonstration IGV case used on an operational aircraft shiows no adverse
effects from inlet air flow errosion or de-icing cvcles over 540 hours of oper-
ation. Minor FOD damage occurs on some vanes but is casily repaired with

quick-seit ing epoxy, and no impact on maintenance or flight schedules occurs.

Likewise, no fatigue cracks occur. A damping wrap installation program is

instituted for replacement cases at the fabricatlon site and for repairable
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COMPOSITE LOSS FACTOR %, FOR FOURTH TORSIONAL MODE
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Figure 6.3,13.3. - lLoss factor and percentage of time at temperature
for the demped and undamped TF--30 IGV case vane.
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casces at the engine overhaul site. Most engines are now operating with damped
vanes in their IGV cases and the fatiguc cracking problem and its attendant repair
costs have been eliminatad by the use of damping wraps at a wmuch lower cost

including the design, fabricati n, and installation,

6.3.14 Skin Stringer Structure Dampers [6.34, 6.35]

Problem
High-cycle resonant far.igue caused by acoustic loading or high interior
cabin nclse levels radizted by fuselapge vipration, both generate problems

which can be reduced through the use of passive damping tcchniques.

Struccure

Typical skin-stringer structure is shown in Figure 6.3.14.1.

Undamped Structural Response

A typical response function from an undamped skin-stringer structure is
shown in Figure 6.3.14.Z. As can be seen there is a band of modes in the
frequency range from 280 Hz to 360 Hz. If the frequency limit of the
test is expanded, a second band of modes will be seen near 600 Hz. This
type of bands of resonant mowdes is quite typical. The usual systeim
damping on a skin-stringer strrcture is on the order of 0.010 to 0.001.

(Q's of 00 tc 1000.) (t is the low values of damping Lhat generate the

problems.

Damping Treatments and Damped Structural Responsc

Since this is a geueric discussion, several damping designs will be
liscussed without regard t¢ specific frequencies or tempoeratures. In Ref-
erence [6.34] the use of tuned dampers to control pancl resc.ances is dis-
cussad. Figure 6.3.14.3 illustrates the types of dampers used. Th~ results
of the testing in xeference [6.24] indicate that the *tuned dampers work well
over a lim*rd frequency range reduciay the strain by #s much as 9 dB; how-
ever, the overall response to random ex:-itation Is reduced on.y by 0.5 dB

to 4 dB.
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In Reference [6.35], three sandwich skin configurations are evaluated to
see their effects on acoustic fatigue life. The conligurations are shown in
Figure 6.3.14.4. The laminate material is described as a polyurethane material
witbh no material characteristics given. The typical undawped responsce of the
control pancl is given in Figure 6.3.14.5 with the damped response shown in
Figure 8.3.14.6. The conclusion drawn from this study is that the viscoulas-
tic damped panel, which is equal in weight to the control panel, has o fatigue

life at least threz times longer than the coatrol ponel.

6.3.15 Mirror Mount Dampers [6.36]

Problem
Damping of laser mirrors is critical because of the requirements for
minute surface deflection allowables, stringent line of sight, fatipue tife,

and jitter requirements.

Structure

Damping of the ‘aser mirror mounts iz attained using either of the mounts
shown in Figure 6.3.15.1. The structure consists of a bolt (spring) and a
viscoelastic damping material (damper) assembled in a manner that lcaves the

spring and damper in a parallel configuration.

Damping Treatments

Several configurations of the spr.ng and damper are investigated. The
objective of the study is to attain a system loss facter of 0.2. For a round
bolt and using 3M-468 damping material a loss factor of 0.14 is attained.
Using a square bolt and the identical damping materiai a luss factor of 0.22

is attained.

Damped Structural Response

The frequency and loss factor tcmperature dependence for the sc¢ arce bolt
design are shown in Figure 6.3.15.2. The maximum loss factor iz 0.22 which
will occur at a temperatur:. of 70°F (21°C) and a frequency of 580 hertz. Two
test results, one frequency and oae system loss lactor arc shown in Fig-

ure 6.3.15.2. The test resuits agree quite well with the analytical results,
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Figure 6.3.14.3. - Close-up of dampers used for tests.
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6.3.16 Composite Bcam Damper [6.37]

Problem
The viscoelastic damping of a composite beam is investigated to support

the requirement of a properly damped laser mirror mount.

Damped Structural Configuration

The gtaph{te/epoxy test beams (3 tctal) are shown in Figure 6.3.16.1.
The undamped beam is constructed by boending two picces of graphite/epoxy
together using Eastman EA-934 adhesive. The damped beam is constructed by
bonding two pieces of graphite/epoxy together using 3M-468 viscoelastic
damping material.

Structural Response

The response of the two beams is determined by mounting them as canti-
levered bezms and deflecting them, then quickly releasing the free end of the
beam. The undamped beam had a luss factor of 0.025 and the damped beamn had
a loss fartor of 0.226 (see Figure 6.3.16.2).

The deflection of the beams of typical laser mirror mount structures is
in the micro-inch range. The dampad response for this small deflection is
determined usang a cantilevered confignration and excit: ng the beam by hitting
the free end with a rubbker band. The maximum tip deflection which occurred
is 27 micro-inches (6.86 x 10_4 mm). The system loss factor for the undamped
composite beam is 0.008 and the system loss factor for the damped composite
beam is 0.2. Thus damping is maintained even at these cxtremely small

deflections.

6.3.17 Floor Damping

Froblem
The design and analysis of shock isolated floors is studicd by examining

the effect of additive damping upon the dynamic characteristics of the structure,
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Structure

Two steel structures are studied. Oae a stiff floor specimen, the other
a flexible floor specimen. The stiff f{loor specimen is constructed using a
3/8 inch (9.53 mm) thick floor plate with STIWFI7 wide flange T-beam stiffeners.
The flexible specimen is constructed using a 1/4 inch (6.35 mm) thick floor
plate with ST318.625 T-beam stiffeners. The two specimens are shown in
Figure 6.3.17.1.

Damping Treatment

The flexible specimen f¢ tested and analyzed using three different damp-
ing configurations. The first configuration consists of a frce layer damping
treatment in which the bottom surface of the floor plates, the T-beam flanges
and ore side ot the T-beam web are covered by Class I1 Navy tile manulfactured
to MIL-P-23653B. The second configuration is a combined free lay.r zad con-
strained layer damping treatment. This configuration is obtuired oy replacing
the free layer damping treatment on the bottom flange of the T-beams with a
295-mil (0.635-mm) thick layer of 3M SJ2003X viscoelastic damping material and
2 l-inci (25.4-mm) thick steel constraining layer. The third configuration
is a counstrained layer damping treatment obtained by removing the remaining
free layer 1amping treatment from vhe pottom surface of the floor plate and

the T-beams; see Figure 6.3.1/.2.

The stifi specimen is tested and analy<ad using two different damping
configurations. The first configuration is a constrainced layer damping
treatment, which consists of a 100-nil (2.54-mm) thick iayer of 3M $J2003X
viscoelastic damping material with a 3/4-inch (19.05-mm) thick stoel constrain-
ing layer applied to the upper and lower surface of the bottom flavnge of the
wide flange T-beams. The second configuration is a spaced constrained layer
damping treatment, wkich consists of a 3/4-inch (19.05-mm) thick laver of
Class II Navy tile constraired by a 1/2-inch (12.7-mm) thick plate offset
from the bottom flange of the wide flange beams. The offset consists of
J-section spacers welded to the bottom flange of the T-beams, see

Figure 6.3.17.13,
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Structural Response

The structural response of the specimenas is shown as acceleration
transfer function magnitude versus trequency plots. The acceleration transfer
function magnitude is a combination of the inherent damping, the viscoclastic
damping, and the airbag damping of the structural system. The airbaps ire

used in the test program to reduce rigid body frequencies below 2 hertz.

The effectiveness of the three damping treatments upon the flexible
specimens to a low level transient shock are shown in Figures 6.3.17.4 through
6.3.17.6. Figure 6.3.17.4 shows that the free-layer damping treatment does
not reduce the transfer function magnitudes until the local plate resonant
frequencies are suppressed. Figure 6.3.17.5 compares the response of the
free-layer damping treatment to the combined free/constrained iayer damping
treatment. In general, the response of the combined system is less than the
free-layer system. Figure 6.3.17.6 compares the damped and undamped response
of the constrained layer damping treatment. The constrained lajer treatment

does not seem to be as effective as the free-layer damping treatment.

The effectivenesz of the two damping treatments upon the stiff specimen
exposed to a low level trausient chock are shown in Figures 6.3.17.7 and
6.3.17.8. Figure 6.3.17.7 compares the response of the undamped system to
the constrained layer damped system. The magnitude of the response is reduced
in the 20-30 hertz range and above 800 hertz; although the areas beneath the
two curves are essentially the same. This fact indicates that the constrained
layer damping treatment is ineffective in reducing transient responses.

Figure 6.3.17.8 compares the response of the undamped system to the spaced
constrained layer damped system. The magnitude of the response is reduced

abovz 300 hertz.

Conclusions
Some important conclusions of this study are:

1) Stiff specimens appear to be far more difficult to damp than
flexible specimens;
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2) Free layer damping is ineffective In reducing the overall response of
the system, although it provides excellent attenuation of local resomant
frequencies;

3) Although additive damping always reduces the harmonic response, it may
not reduce transient respoase because of increases jn area under the
transfer function magnitude plot, as the peaks are lowered, the valleys
are increased.

6.3.18 Turbine Engine Exhaust Stack Damper [6.38)

Problem

The fatigue life of helicopter engine exhaust extensions are of great con-
cern. To increase the fatigue life, a coating of vitrcous enamel Jdamping
material is applied. This damping treatment significantly reduces the vibra-

tional amplitudes which causes the fatigue life problems.

Structure

The helicopter engine exhaust cxtension is of metal construction and is

bolted to the engine exhaust tailpipe.

Undamped Structural Response

The undamped structural response is determined using two experimental
techniques. A Digital Fourier Analyzer (DFA) is used to study driving point
frequency response plots (Figures 6.3.18.1 and 6.3.18.2) and to obtain the ani-
mated mode shapes. A Transfer Function Analyzer is used as an aid in deter-
mining the exhaust =tack loss factors. Typical loss factors are in the range
of 0.001 and 0.9i. The maximum operational temperaturc range of the exhaust
extension is determined to be 700°F (371°C) to 800"F (427°C).

Damping Treatment

A room temperature damping treatment is used to study the damped response
of the engine exhaust extension. Choosing damping properties of the high tem-~
perature damping treatment that are similar to the room temperature damping
treatment ensured correspondence between the two conf igurations (see Fig-

ures 6.3.18.3 and 6.3.18.4). The high temperature damping treatment used
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for the helicepter engine exhaust extension was a 0.010 inch (0.254 mm) thick

layer of Corning Glass No, 8363 enamel applied to each side of the structure.

Damped Structural Response

The damping values for the room temperature damping treatment are increased
by a factor of 10 (see Figures 6.3.18.5 and 6.3.18.6). Additional testing
revealed that no significant change In damping capacity occurs with 15 percent
of the damping treatment removed as showa in Figure 6.3.18.7. This is signifi-

cant because flaking of the cnamel was encountered during field tests.

Field Survivability Evaluations
A 100 hour flight test using a CH-S4 helicopter (A/C 18470) is performed to

verify the integrity of ihe damped engine exhaust extension. After 30 hours, flak-
ing of the enamel material occurs on the inside purtion of the exhaust extension.
Aiter further inves:cigation, it is found that an adquate damping capability can be
maintained by coating the outer surface oanly, After the completion of the

100 hours of flight testing the exhaust extension ingpection reveals no metal

fatigue.

6.3.19 High Temperature Dampec for an Afterburner Liner [6.39]

Problem
The purpuse of the project is to develop a porcelain enamel high temper-
ature vibration damping application to reduce the vibratory siresses in the

front and midfront sections of the J85-21 afterburner liner.

Structure

The afterburner liner is a perforated Pour section cylindrical structure
designed to attenuate the energy gencerated by the acoustics of combustions.

(See Figure 6.3.19.1,)

Damping Matcrial Requirement

The vibration damping coating should possess good damping characteristics for
the temperature range of from 1200°F (649°C) to 1500°F (816°C) and survive
exposure to 1650°F (899°C). The damping trcatment is designed to damp a resonance
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of 145 Hertz. The damping characteristics of the porcelain coating must alse

remain constant for a long time exposure (300 hours) at 1600°F (871°C) temperature.

Damping Treatment Design

Using standard cantilever beam testing, sixteen materials and three multi-
layar systems are evaluated for vibration damping properties. Feur materials
successfully meet the design criteria. Two materials are chosen to be evaluated
with a nichrome protective coating applied to the beam. The damping material
system is chosen but when applied to the liner it does not adhere. The dampiné
treatment is redesigned using an O'Hommel refractory glass as the procective
coating and is applied to the liner, Sec Figure 6.3.19.2 for damping charac-

teristics of the damping system.

Test Cell Endurance Testing

The coated afterburner liners are engine tested for 400 cycles of advanced
mission testing. During the test cracks develoned at twe locations on the
liner. The damping treatment provided no favorable effect in reducing high

cycle fatizue induced cracks as compared to the undamped liner.
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Figure 6.3.19.1 - Frort two sections of the J-85 afterburner liner.
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Past Engine Testing lvaluation

Analysis indicated that the porcelain enamel devitrified due to exposure
to a high sulphur envirommeat in the af.erburner, which caused the material to

lose its good damping characteristics.

Recommendations

The enamel coating must be protected irom sulphur attack by an imoervious
refractory overcoat. Glasses used in this type of application musc be loss

T asitive vo sulphur attack.

6.3.20 Noise Damper for the HH-53C Helicupter [6.40]

Problem

Nojse levels in the cabin of the HH-53C helicopter are found to be at an
unacceptable level. An acoustic intensity survey of the middle of the cabin
r..ar station 342 (Figurc 6.2.20.1) showed high sound pressure levels at three
f equency peaks (Figure 6.3.20.2) corresponding to gear clash {requencies in
the transmission. Frequently an important part of the nolse in a system is
secondary noise radiation from resonating structural surfaces. An investiga-
tion is conducted to ¢valuate the effectiveness of the application of layered
damping treatments to the skin panels of the skin-stringer structurc to reduce
specific peaks in thc noise spectrum caused by resonant vibrations of the skin

panels.

Structure

The cabin structure of the HH-53C is typical skin-stringer structure. The
section of the cabin selected for invesiigation is illustrated in Vigure 6.3.20.3.
Since only a small portion of the aircraft is investigated flanking paths for

noise radiated from other sources are reduced with fiberglass blankets.

Undamped Structure Response

Ground tests, in which the transmission supporting frame is excited by
an electromagnetic shaker applying constant amplitude harmonic force, and

flight test of the undamped structure shows structural resonances peaking at
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approximataly 1370, 2700, and 5400 Hz corresponding to the transmisslon gear
clash frequencies found in the previous acoustic survey. Skin panel resonances
occurrs at all three peaks with the heavier support structure resonances con-

tributing to the 2700 and 5400 Hz pcaks.

Damping Treatments

The damping matcrial sclected is a pressure sensitive adhesive having
optimum damping near room temperature (Figurc 6.3.20.4). fThe complex shear
modulus properties as a function of temperature are shown in Figure 6.3.20.5.
The layered damping treatment is illustrated in Figure 6.3.20.6. The coffec-
tive temperature range can be expanded by selecting damping materials with

transition regions at different temperatures (Figure 6.3.20.7).

Damped Structure Responsc

Narrow band (50 Hz) analysis of a small portion of the flight test data
on the undamped (Flight 1) and treated (Flight 3) structure are shown in
Figures 6.3.20.8 and 6.3.20.9 and summarized in Table 6.3.20.1. Keep in mind
that large reductions in noise level are not expected becahse of the limited
area treated. During ground tests, resonances are excited %ﬁ an electromag-
netic shaker through an impedence head. Comparative results of responses to
harmonic excitation during ground tests are presenced in Figure 6.3.20.10.

The reductions in peak response at the frequencies of interest compared favor-

ably with those observed in the flight test data.

Conclusion and Implementation

This study demonstrated the effectiveness of laycered damping treatments
to skin panels in the HH~53, VH-3, and SH-3H helicopters. In the Air Force
HH~53 helicopters, approximately 150 square feet (13.9 square meters) of
coverage is used adding only 37 pounds per aircraft. Installation time is

about 24 man-hours per aircraft.
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Figure 6.3.20.3. - Isometric view of center cabin structure where damping
is applied.
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6~-149




REAL PART OF SHEAH MODULUS Gp — PS

109

w0t
103 -
102 |-
104 12
103 He

1 2
10 10 He 10¢ Hz
100 I SR N DR S |
-60 & 50 100 150 200 250 300

TEMPERATURE ~ °F

Figure 6.3.20.5. - Variations of the real part of shear modulus with
temperature and frequency.

0.002"

DAMPING ALUMINUM

ADHESIVE CONSTRANING

LAYER LAYER l
\

AAOVAANNANANNANNNY AN NN ANNN \\\\}[’

ZAOA NN AN VAV VAN VANV ANV

STRUCTURE

Figure 6.3.20.6. - lLayered damping treatment.

6-150




LOSS FACTOR

Figure 6.3.20.7. - System loas factor of a clamped-clamped dbeam with

1.0

05

0.2

0.
.

0.02:

001

ACCELERATION LEVEL G's - PK

\
MODE 3
FRED 100 W
MATL “A“MATL “B“MATL “A”
= / 3 LAYERS MATTL “A”
{ H | { |
50 ] 50 100 150 200
TEWPERKTURE — F

.

multiple layer damping treatments.

50 Hz ANALYSS

04 -

| N B | g |
0 1 2 3 4 5 8 71 8 8§ 10
FREGUENCY — Kiz

Figure 6.3.20.8. - Acceleration - 100X OGE hover.

6-151

250




133
MICROPHORE M-3
123 100% OGE HOVER
50 Hz ANALYSIS
1M BT
o 1031
|
@ 9b
&
& 83
2
f 73 1 1 L { 1 ] 13 1
2 123
T3
3 R
103}
934
83 1 | ] i 1 L | ]
0 2 3 4 S5 8 71 8 8 10

FREGUENCY -- Kz
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TABLE 6.3.20.1.

NARROW BAND ACCELERATION AND ACOUSTIC LEVELS OF
FLIGHT 3 COMPARED WITH FLIGHT 1.

Acceleration (A-14); dB Ref. Flight 1

1370 Hz 2700 Hz 5300 Hz
0.G.E. Hover 95% -11d8 9dB 0dB
0.6.E. Hover 200% -13 2 -10
0.G.E. Howver 105% -2 -5 9
Sound Pressurs Lawel - 0.G.E. Hover 100%
%-3 -10 -12 9
N5 - -7 7
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6.3.21 Turbine Blade High Cycle Fatigue Control Methods [6.41]

Problem
High cycle resonant fatigue occurs quite often in jet engine turbine

blades. The primary mode of failure is the first bending mode of the blade.

Structure
The turbine blades are made from high temperature super alloys. The con-
structcion varies considerably dependiug on the size of the engine and the par-

ticular stage the blade is in. A typical blade is shown in Figure 6.3.21.1.

Undamped Structural Responsce

Figure 6.3.21.2 shows the room temperature undamped response of a partic-
ular turbine blade. The first bendiag mode occurs at 746 Hz (see Figure 6.3.21.3).
The first. torsional mode occurs at 824 Hz (sce Figure 6.3.21.4). Figure 6.3.21.5

shows typical modal Joss factor versus temperature for turbine blades.
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Figure 6.3.21.2. - Transfer function taken at point 4 on blade.
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Figure 6.3.21.3. - First bending mode, 746 Hz, deformed mode shape
superimposed on undeformed mode shape.
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Figure 6.3.21.4.
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-~ First torsional mode, 824 Hz, deformed mode shape
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Figure 6.3.21.5. - Loss factor measurement for undamped blades.
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Damping Treatments

The operational temperatures of turbine blades vary from over 2000°F
(1093°C) to below 1000°F (538°C). For this particular test series, the design
temperature varies from 750°F (399°"" to 1000°F (538°C). The damping materials

used are enamels (see Volume I111). The configurations evaluated are:

1) Whole Blade Coating ({rec-laycer damping)
2) Half Blade Coatiang (frce-layer damping)
3) Half Blade Constrained layer Damping

4) Root Coating

The free and constrained layer damping designs functionad normally. The
root coating is a deliberate attempt to replace the friction damping (slip)

in the dove tail root scction with viscoelastic material damping.

Damped Structural Response

The damping coatings arc tested in the laboratory and in a heated spin
pit. Figure 6.3.21.6 shows the mcdal loss factor versus temperatuvre for
several damping configurations. As can be seen, the blado damping is signifi-
cantly improved. The spin pit results indicated that the rcot coatings pro-

ducad the maximum strain reductien.

Damping System Durability

The high temperature, high centrifugal load environment destroyed the
damping desfgns during the tests (sce Figure 6.3,.21.7).  The blade coatings
with a protective covering shows promise for providing the required durability.
Free-laycer materials cre spun off the blade, The root coatings also showed
promise as a feasible design, particularly if the design of the root attach-

ment area is modified to more readiiy accommodate a damping coating.
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6.3.22 Exducer-Turbine Assembly Damper

Problem
Regonant fatigue cracking occurs in the exducer-turbine assembly of

the C-5 cooling turbine. The cracks are developing across the exducer blade

tipgs. Resonance is induced by turbulent airflow through the assembly.

Structure
The structure consists of the exducer and turbine mounted on a common

shaft, the downstream face of the exducer mates with the upstream face of the

turbine. (See Figure 6.3.22.1.)
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Undamped Structure Response

The structure is excited by an electromechanical shaker inducing
harmonic oscillating motion of constant acceleration amplitude about the axis
of rotation of the assembly, Responses arc measured with a low mass accele-
rometer mounted at the tips of exducer and turbince blades. 7The experimental

apparatus is illustrated in Figure 6.3.22.1.

The laboratory tests -f the structure {dentificd resonances at 5300 Hz
and 8500 Hz. Laser holography is used to photographically identify the lower
resonance to be the first bending mode of the exducer blade and the 8500 Hz
resonance to be one oi the berding modes of the turbine bhlade. The accelera-
tion spectra for the tips of the undamped exducar and turbine blades are pre-
sented in Figures 6.3.22.2 and 6.3.22.3, respectively. The scale, in thesc

figures, is proportional to g, the acceleration due to gravity.

Damping Treatments

Two damping mechanisms are evaluated for relative effectiveness in
reducing damaging respense amplitudes. The first is a mid-span steel damper
wire, the other being a laminated viscoelastic treatment sandwiched between
the mating surfaces of the exducer and turbine (Figure 6.3.22.4). The multi-
layer configuration was selected to give flexibility in expanding the temper-

ature range of effective damping,

Damped Structure Response

Response specira of the tip acceleration amplitudes of the assembly
treated with the midspan wire damper arc presented in Pigures 6.3.22.5 and
6.3.22.6 and the spectra of the assembly treated with the viscoelastic sand-
wich are presented in Figures 6.3.22.7 and 6.3.22.8.

Curves of the modal loss factor, Ngs for the three configurations are
given in Figures 6.3.22.9 and 6.3.22.10.
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Figure 6.3.22.1. - Exducer turbine assembly with electromechanical
shaker attached.
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Figure 6.3.22.2. - Vip vibration response of an exducer blade for the
undamped C-5 cooling turbine.
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Figure 6.3.22.4. ~ Configuration of viscoelastic damping treatment placed between

exducer and turbine section of C-5 cooling turbine.
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cooling turbine with the midspan wire damper.
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Figure 6.3.22.7. - Tip vibration response of an exducer blade of the €-5

cooling turbine damped with a viscoclastic treatment
bhetween exducer and turbine.
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These 1llustrations show a slight increase in modal damping affectad by
the midspan wire damper and a significant increase in peak modal damping
resulting from the viscoelastic treatment at approximately 80°F (27°C). The
temperature range over which improved damping is demonstrated varies from
approximately 40°F (4°C) to 120°F (49°C).

Recommendations

It is recommended, if the need to reduce vibratory stress levels con-
tinues to be critical, design a viscoelastic treatment similar to the one
evaluated that would be effective over the operating temperature range of the
exducer turbine assembly and also surviva the high centrifugal load that it

would experience in an operating system.

6.3.23 Shear Damper for Micro-Inch Deflections [6.42]

Problem
Vibrations In the long magnetometer and heavy RTG booms are induced
from the rotation of the TV camera on the Mariner Jupiter/Saturn 1977 (MJS77)

spacecraft. The vibrations cause jitter in the TV transmission.
Structurc
The joints and overall construction are typical of spacecraft materials

and construction.

Undamped Structural Response

Slewing of the TV camera generated a disturbance along the science boom
which excited structural resonances in the support arms of the experiments.
The structural damping is very low; and therefore, the settling time is quite
lonyg. The vibration results in blurry TV. Figure 6.3.23.1 shows the undamped

settliag time.

Damping Treatment

The damper design has two critical requrements. First, the damper has

to function in a displacement range of 0.0025 inches (0.0635 mm) to
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100 micrn-inches (2.54 x 10-3 am). Secondly, it had to operate in the frequency
range of 1.28 to 0.16 Hz. The temperature range over which damping is required
is 50°F (10°C) to 85°F (29°C). The required damping is achieved by incorpora-
ting shear dampers in the joints at the base of the booms that need damping.

The shear damper provides constraired layer damping by sandwiching the damped
washer between the inner and outer flanged sleeves (see Figure 6.3.23.2). The
damper stiffness is designed to insure at least a 0.1Z shear in the damper

during any vibration.

Damped Structural Response

Figure 6.3.23.1 shows the greatly reduced settling time with the damper
installed.
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SECTION 7

OTHER DES1GN CONSIDERATIONS

7.1 INTRODUCTION

In this section other considerations which may affect the design of the
damping treatment are briefly discussed. The topics addressed include the
nature of the damping materials, how their characteristics may influence the

design, and potential jnstallation problem areas.

7.2 NATURE OF DAMPINCG MATERIALS
Theve are basically two types of damping materials that have been used

in the temperature ranpge below 300°F (151°C). These are the linear polymers
and the cross-linked polymers. The linear polymers consist of atoms linked i»
long chains sliding over similar atomic chains. The cross-linked polymers
consist of a lattice work of coiled atomic chains that do not readily slide

over each other.

The linear polymers tend to develop the highest damping values, usually
between a loss factor of one to three, due to the high energy loss produced by
the sliding action. These polymers retain their high damping values down to
the lowest shear strain levels [7.1]. The high damping is, however, maintained
only over a limited temperature range. Becausc of the high damping and rela-
tive insensitivity to strain, the lincar polymers represent the more commonly
used class of damping materials. However, these linear polymers creep out
under sustained static load. Consequently, when used in a constraining layer
treatment, the constraining layer must be prevented from picking up any static
load, such as peel loads, [If, for example, the constraining layer has some
flexural stiffness. and there is a mismatch in the curvature between the con-
straining layer and the surface of the structure being damped, the constraining

layer will, in time, 1ift off the structural surface. The linear polymeric




o

damping materials are often used in the form of damping tape, in which the
thin metal foil constraining layer conforms readily to the surface contours,
thereby overcoming the above problem. Alternatively, the constraining layer
must itself be constrained in a manner to prevent separation without
restricting the shearing motion within the damping layer that is necessary for

produciag the damping.

Cross-linked polymers are form stable, which means that the damping
materials return, essentially, to their undeformed stiate on removal of the
load. The damping, obtained from these cross—linked polymers, is gencrally
lower than tkat from linear polymers with a loss factor usually below onc.

This loss factor is, generally, retained over a broad tomperature range.
Examples of cross-linked polymers are silicone rubber and structural adhesives.
Actually, rubber exkibits various degrees of cross-linking which can be deter-
mined by such methods as discussed in Reference [7.2]. The silicone rubber,
however, is strain sensitive [7.3, 7.4]. There appears to be a lower threshold
of shear strain below whicn the damping falls off quite rapidly to a lower
damping level as illustrated in Figure 7.1. This redcction in the loss factor
is, penerally, accompanited by an increase in the shear modulus. The shear
senslitivity was first discovered jin 1958 with BRT elastomer [7.3] and later
with Sylgard 188 [7.4). Unpublished data [7.5], obtained by means of the low
shear strain (below 0.001) sandwich beam test on the same batch of Sylgard 188
damping material, indicated that the low strain damping plateau is around a
loss factor of 0.3. Lowever, damping data obtained from fluorinated silicone
rubber [7.6] did not contain such a shear strain threshold (Figure 7.1) between
the measured shear strains of 0.001 to 0.01, but did exhibit a somewhat erratic
behavior within the above limits. Fillers added to the rubber [7.6] can
improve the damping values to » certain extent and inflvence the degree of

cross-linking in the rubber.

It is recommended that the type and the characteristics of the damping

materials be establishad by testing prior to their use.
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7.3 ENVIRONMENTAL CONS LDERAT LONS ‘

Some of the damping materials are adhesives and may not require an addi-
tional adhesive layer. Others, such as the silicone rubber, usually require
buth a primer and an adhesive to attach the damping material to the structure.
The adhesive used must be compatible in strength with the damping material

over its operating temperature range.




The primer, adhesive and the damping material must not produce a
corrosive reaction with the structure that they arce attached to. In areas of
high moisture, these materials must prevent moisture from being trapped adjacent
to the structure. These aspects are of concern when the damping material is
applied to the interior fuselage shell of aircraft. The fuselage shell needs
also to be inspected for cracks throughovt the alrcraft's life. Conscequently,
the ease of removal as well as of Installation becomes a design consideration.
Because of the condensation present in aircraft avionics boxes containing cir-
cuit boards, damping treatments applied over the surface of the circuit board's
conformal coating could trap moistur: which will penetrate the conformal
coating with time and produce electrical failures. Application of the con-
formal coating over the damping treatment could short circuit the performance

of the damping treatment.

In space applications, the molsture aspects arc not a probicm. However,
most materials outgas in space to various degreces. Outgassing from the damping
layers must be kept to a minimum to prevent coating of optical instruments.

In these applications it is important to use space qualified materials. Sili-
cone rubber type damping materials tend to exhibit the icast amount of out-
gassing. The damping materials could also deteriorate with time in the

space environment.

7.4 STRUCTURAL ASPECTS

The optimum design of a constrained layer damping treatment involves a

configuration where the damping material is sandwiched between two sheets of
equal thickness structural material. However, carc must be exercized when
this type of construction is used in load carrying structures. Under com-
pression load, the buckling strength of such a panel could be as low as sixty
percent [7.7] of the buckling strength of the same weight of solid panel
because of the relatively low shear stiffness of the damping material. For
this reason, it is more common to use this type of construction in low load
carrying structures, such as control surfaces eird leading edge slats, that

are subjected to high acoustic or fluctuating preasvie environments.,
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Heavier structural members such as aircraft frames are more difficult to
damp than panel type structures because of their high stiffness. The perform-
ance of a constrained layer damping treatment, designed for these structures,
can he improved by the use of a constvaining layer with a much higher modulus
than the metal of the frame. Ultra-high modulus graphite/epuxy composites
lend themselves readily for such applications [7.4], not only because of their
high modulus. but alsu hecause of their low density, just over half that of
aluminum. Tynical damping, that can be obtained with & damping material of
relatively low léss factor (maximum of 0.7), is illustrated in Figure 7.2.

‘The ultra high modulus constrained layer damping treatment was applied to 2

6 inch-deep channel section aluminum beam, 65 inches-long, supported at

both ends on flexures. 'The teast was designed to address the loss in perform-
ance obtained by the use of & non-symmetric frame that was both supported and
excited in a manner to provide a high degree of coupling between the frame
bending and torsional modes. The loss factor was reduced by thirty-three per-
vent below the theoretical optimum, as predicted by the single mode symmetric
beam analysis in Refercnce [7.8}, by such a coupling. The effects of such a
coupling on the loss factor (Figure 7.2) and frequency (Figure 7.3) could he
rredicted by coupled mode theory f7.4]. The results indicate chat heavy mem-
bers can be successfuliy damp2d and that, for the highest damping, the members
shou @ be symmetrical to mininize cowpling with the other frame modes. Asym-
metra. frame sections can still be damped effectively, provided that the visco-
elastic damping treatment is designed to also increase the damping in the

modes which couple up with the bending mode.

When the viscoelastic damping material, used in the above applicatrion, is
a cross-linked polymer, static loads can be transferred from the heavy frame
or structure to the constraining layer. In this event, the strain capasilities
i the constraining layer aad the heavy frame must be taken into account. The
stress buildup in the ultra-high modulvs graphite/epoxy constraining layer
duc to a tensicn load applied at both ends of the frame, is illustrated in
Figure 7.4 as a function of the damping material shear modulus. The damping

material shear modulus was assumed to be sufficiently low so as to be fully
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effective in shear. The constraining layer was takem as 60 inches long in the
analysis. In reality, the variation of the strain along the constraining
layer is not linear with length, but a function of the shear parameter, KL, as

illustrated in Figure 7.5. The shear parameter, KL, is given by

o - ful®

Eth

where G and h are the static shear modulus and thickness of the damping
material, respectively, and E, t and L the Young's modulus, thickness and
leagth of the constraining layer, respectively. For a damping material with
a high shear modulus, the strain is concentrated at the edge of the con-
straining layer. In this cvent it will be necessary to cut up the constrain-

ing layer into many supmente or to use partial coverage. The use of partial
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coverage [7.9] or segmentation of the constraining layer {7.10] could increase
the damping of the treatment under these circumstances. ‘I'he shear stiffness
of the damping material, used in the previously described beam test [7.4], was

tco low to benefit from partial coverage (Figure 7.2).
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SECTION 8
SUMMARY OF DAMPING IN AEROSPACE MATERIALS AND STRUCTURES

The typical damping levels in aerospace materials and the more common
structures are summarized in this section. The ievels quoted are not to be
treated as absolute values, but more as an indication of the expected average
damping values. In reality, there is considerable scatter in the measured
damping data, especially for built up structures. A deviation from the quoted
damping value of a facter of two, either way, is quite possible for these
structures. A more detailed discussion on the nature of damping and the damp-
ing levels in the materials and some more common aesospace structures is
contained in Section 7, Volume I of the design guide. A large list of references
is also provided in that section for further study. This 1ist aleo includes
references for material damping in nonmetallic materials. Methods for measur-
ing material damping are ulso discussed in some detail in that section since
the damping values are generally very low and can be easily contaminated by

the test method or the test apparatus.

All of the dampiug data in this section are presented in terms of the
viscous damping ratio,(. The relationships between the nore common damping
expressions used In reprezenting material damping are the loss factor (or
structural damping), 1, the logarithmic decrement,d, the specific damping
capacity, ¢, and the amplification factor,Q. These are related by

n.—:-w—..=--=

21 " =2
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The damping data for aerospace metals are presented first followed by
composites, metal matrix composites and acrospace structures. Much of the
damping in stiffened panel type structures has been measured only for the
fundamental mode. A method is provided by which the damping in the higher

order modes can be estimated from the frequency and damping of the fundamental




mode. The commonly used une-over-the-frequency type variation of the damping
with frequency is valid only if higher modes are included in such data. The
damping in the fundamental mode of stiftened panel type structures is essen-
tially constant with frequency. This behaviour has only recently been discovered

[8.1]) and verified by careful experiment [8.2].

Acoustic radiation damping also plays a greater role in the damping of
riveted aluminum panels than origirally thought. It is the dominant source of
damping in stiffened aluminum and composite honeycomb panels [3.5]. Acoustic
radiation is the only source of damping in integrally stiffened graphite/epoxy
panels [8.3, 8.4] on account of the very low damping in graphite/epoxy
material. The damping in these panels can now be predicted by theory (8.1,
8.5). These developments are discussed in more detail both in Section 8.2 and

in Section 7, Volume I of the design guide.

8.1 MATERIAL DAMPING IN AEROSPACE METALS AND COMPOSITES

8.1.1 Material Damping in Metals

The typical damping leveis irn the more common metals are listed in
Table 8.1. In some of the metals, the material damping varies with dynamic
stress amplitude [8.6, 8.7] as illustrated in [8.7] Figures 8.1 anu 8.2.
In some metals such as aluminum, the damping remains counstant with stress level
but is dependent on frequency, with maximum damping occuring at the relaxation
frequency (see Section 7, Volume I). Sowe metals have especially high material
damping values. These materials [8.8] are indicated in Figure 8.3 as a func-
tion of their Youns's modulus for quick reference. Typical material damping

values for steel and aluminum are includad for comparison.

8.1.2 Material Damping in Composites with Epoxy or Polyester Matrix

The material damping in graphite, boron, Kevlar and glass fiber reinforced
composites in, primarily, an epsxy matrix are presented in this section. The
materiai damping is the lowest in unidirectional composite layups, with the

fibers running parallel to the axial direction. Typical dawping values are

- )




listed in Table 8.2. The boron and graphite epoxy composites have the lowest
material damping and Kevlar has the highest.

TABLE §.1. TYPICAL MATERIAL DAMPING LEVELS IN METALS

MATERIAL VISCOUS DAMPING RATIO
4
Mild steel 0.002% - 0.005
Alloy steel 0.0005 -~ 0.004
Aluminum alloy 0.00005 - 0.0012
T{tanium alloy =0,0009

The damping in composites varies both with fiber volume as illustrated
[8.9] in Figv.e 8.4 and with fiber orientation as illustrated in Figures 8.5
and 8.6 for graphite/epoxy [8.10] and Kevlar [8.2, 8.5}, respectively. The
material damping in composites, including the uniaxial composites, is derived
entirely from the mateiial damping in the matrix, as indicated in Table 8.3, in
this instance for uniaxial aligned chopped €iber ccmposites {8.11]. The
damping in the uniaxial composites is not affected significantly by temperature
{8.10]. For other fiber orientations, it follows the damping behaviour of
the epoxy with temperature [Figure 8.7}. The shear (torsion) damping in
composites is also high because of its dependence on the resin damping. Ttre
damping in axially aligned chopped fiber comprsites [8.11, 8.12, 8.13] can
be increased by the use of progressively smal <r fibers at the expense of a
progressively reduced modulus. The variation of the damping in the composi%es
with fiber orientation is predictable by theory [8.14, 8.15] based on the
measured axial, transverse and shear damping values and the corresponding

Young's moduli of uniaxial composites.

8.1.3 Metal Matrix Composites
The measured material damping in metal matrix composites is summarized

in Table 8.4. A number of types of reinforcing fibers are used in, basically,

an aluminum or magnesium matrix. The damping appears to be reasonavly ccn-
stant with frequency but does vary with both stress amplitude and temperature
[8.16]. '
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AT L

TAE.E 8.2 TYPICAL DAMPING VALUES IN UNIDIRECTIONAL
COMPOSITES WITH AXIAL FIBERS

Fiber Flexural Viscous
Voiume Modulus Damping
Material Fraction MSI Ratio
Vf T
Fiberglass/Epoxy 0.72 7.79 0.0005
0.50 5.48 0.0007
Fiberglass/Pclyester 0.66 6.2 0.0009%
0.54 4.95 0.0r12
Kevlar/Epoxy 0.65 9.75 0.0t '8
HM Craphite/Polyester 0.54 25.8 0.0011
0.61 33.6 0.00
HT-S Graphite/LY558 Epoxy 0.6C 17.9 0.00015%
0.70 19.7 0.00012%
HT-5 Graphite/F-HNA Epoxy 0.70 20.5 0.00012%
HT-S Graphite/’®LA 4517 Epoxy 0.60 19 0.00053
AS1 Craphite/3501-6 Epoxy - - 0.0005
Celion 3000 Graphite/5208 Epoxy - 21.1 0.00033
Celion 3000 Graphite/5213 Epoxy - 19.7 0.00024
GY~70 Craphite/934 Epoxy - 42.3 0.00045
HM-S Graphite/CY209 - HT972 Epoxy 0.5 22.3 0.00049
Boron/Epoxy 0.55 27.6 0.00064

*L,owest values ever mea.ared.
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TABLE 8.3. EFFECT °F RESIN DAMPING ON THE DAMPING OF CHOPPED
ALIGNFJ GRAPHITE FIBER COMPOSITE

I

chopped Fiber Composite
Material Resin (Vi*= 0.6)

Identified by Viscous Viscous
Resin Number Modulus Damping Moduius Damping
Only [8.11] MS1 Ratio, § Ratio, ¢

1 0.144 0.075 13.25 0.004
5 0.475 0.0035 17.62 0.00025

6 0.249 0.075 16.69 (-.005

VISCOUS DAMPING RATID -

0.02

g.ul

*F Ler volume fraction
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Figure 8.7.
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TABLE 8.4 MATERIAL DAMPING

IN METAL MATRIX COMPOSIZIES

Fiber Flexural Viscous
Volume Modulus Damping
Material Fraction MS1 Ratio
v g
f
Boron BR4C/6061 Al 0.57 34.1 0.00038
P55 Graphite/6061 Al - 26.4 0.00088
P100 Graphite/6061 Al - 42.5 0.00085
P55 Craphite/ZE41A Mg - 23.1 0.00070
P100 Craphite/ZE41A Mg - 4.8 0.00065
P55 Craphite/AZ91C-Ti - ~ 0.0004
100 Graphite/AZ91C-Ti - - 0.0004
P100 Graphite/AZ91C-Mg - - 0.0010
FP-A1 203/1.1 Al - 32 0.00045
FP-A1203/C‘PQ Mg bt 30 0000045
FP-AIZOB/ZeélA Mg - 30 0.00045
Particulate SiC/6C61 Al 0.45 22 0.0002%~
0.001
Whiskers S1C/6061 Al 0.20 14.1 0.0002*~
00001

*Damping decreases with frequency, with lower damping value at higher

frequency (6000 Hz) and the higher damping value at low frequency

(10 Hz).
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8.2 DAMPING IN STIFFENED HONEYCOMB AND STIFFENED MULTI-BAY COMPOSLTE AND
METAL PANELS

8.2.1 Nature of the Damping

Stiffened multi-bay panels and stiffened honcycomb panels are typically
used in secondary aircraft structures, which can also be exposed to high level
acoustic loading. As a consequence, these types of structure are used in
acoustic fatigue tests which represent the major source of information on the
damping of these structures. A nine-bay panel, with a larger center bay, is
typically used to represent the multi-bay pauel. The intent is to ensure that
failures occur in the periphery of the center bay and not along the test frame
edges where the interpretation of the results becomes difficult. However,
multi-bay panels with even stiffener spacings and even number of panels in the
array have also been used. This variety of panel configurations has lead to
difficulties in both identifying and interpreting the panel modes since many
"fundamental” modes can exist with frequencies dependent on which adjacent
panels combine in the vibration. The situation can be .even more confusing for
the higher modes. In contrast, stiffened honeycomb panels are tested singly
on account of their large size. Modes, and damping trends of these modes, can
be readily identified. Testing of stiffened honeycomb panels [8.2, 8.5] pro-
vided the conclusive experimental evidence of the near constant damping
behaviour [8.1] in the fundamental mode (Figure 8.8). More receatly, the trend
has been towards the greater use of composites, employing fasterer attached
large-bay minisandwich skin construction {8.17], bonding (8.18, 8.19] or inte-
grally stiffened construction [8.3, 8.20]}. Bonding has also been used with
aluminum panels [8.21, 8.22].

The highest damping is generally obtained in the fundamenta! mode. The
danping usually falls off in level, in the higher modes of the panel, with
increasing mode number. Acoustic radiation damping behaves in a similar
manner. The reduction in the higher mode damping is produced by the cancel-
lation effect. Since acoustic radiation is proportional to the area of each
panel in the panel array, cancellation effect can also be obtained in a panel

array in whichk the adjacent panels are vibrating out-of-phase with each other.
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The acoustic damping in this instance would be the acoustic damping of a single
panel divided by the number cf panels vibrating out-of-phase. If the panels
are all vibrating in-phase then the acoustic damping is the same as that of a
single panel in the array. The panels obviously have to have equal stiffener

spacing for this type of response to occur.

Basically, therc should be no significant dif{ference in the damping of
identical bonded metal, bonded composite or integrally stiffened metal or com-
posite panels since the dominant source of damping Is duc %0 acoustic radiation.
Kevlar composites have a significant waterial damping, with a viscous damping
ratio of approximately 0.008 or more, which murt be added to the acoustic radia-
tion dawping. Also, the friction damping at the f{aatener line, in fastener
attached panels, must be added to the acoustic radiation damping. Even then the
acoustic radiation damping still dominates. This result [8.1] is fllustrated
in Figure 8.9 by comparing the fundamental mode damping in multi-bay riveted
panels [8.23] with that in multi-bay bonded panels [8.21]. The average duamp-
ing is slightly lower for the bonded panels. The constant fuudamental mode
damping with frequency is also evident in the fipure. The main difference is
obtained in the higher panel modes where the damping at the fastener line
becomes the dominant source of damping. In integrally stiffened or bonded
panels, the damping level continues to drop down towards the material damping
level for the layup used in the composite skin, as illustrated in Figure 8.10,
or to that provided by the bonding. The material dauping of a quasi-isotropic
graphite/epoxy panei, with a (0°, #45°, 90°)s layup in the skin. has a viscous
damping ratio around 0.00i5. There is virtually no difference in the funda-
mental mode damping of fastener attachad graphite/epoxy and aluminum panels
(Figure 8.8) of similar size, although the smaller Kevlar honeycomb panels did
exhibit a higher damping due to the significant contriﬁution from the material
damping. The most encouraging result is that the damping in these panels are
predictable (Figures 8.10 and 8.11), subject to thc usual scatter in the test
data.
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8.2.2 Damping Levels

The damping levels for the fundamental mode of a ramge of stiffened panel
type structures are summarized in Table 8.5. These are the average measured
damping levels. The actual damping can vary by a factor of two or more above
and below this value due to scatter in the data as illustrated in Table 8.5.
The damping data are least defined for multi-bay composite panels. The data
that are available |8.3, 8.20, 8.21] range from a low viscous damping ratio of
0.0042 to a high value of 0.047 in the fundamental mode. Since the high damp-
ing values are generally for panels with a large center bay, these damping
values are generally predictable. It is the low damping values that are least
predictable. Consequently, based on the Jiscussion in the previous section,

the bonded and integrally stiffened graphite/epoxy panels are assumed to have
I the same average damping as the bonded aluminum skin-stringer panels. The

average damping for the fundamental mode of integrally stiffened Kevlar cloth
panels has been obtained by adding the average material damping from the

+45 degree layup in Figure 8.6 to the bonded aluminum skin-stringer panel
damping.

The actual measured damping for the praphite/epoxy box structure (the
NASA L-1011 composite aileron) is quoted in Table 8.5. The mini-sandwich
panel sizes used in the NASA L-1011 composite aiicron are much larger than used
in the corresponding aluminum design. Thus, a direct comparison between the
damping of the aluminum box structure in Table 8.5 and that from the composite

aileron is probably not valid.

Chemical milling has the effect of increasing the resonant frequency of
the pancl relative to a panel with the unmilled skin. Since the fundamental
mode damping of a stiffened panel is, basically, unaffected Ly frequency, the
damping in the chemically milled panel is assumed (Table 8.5) to be the same

{
as that of a conventional skin-stringer panel.

e e e

The method for predicting the damping of the skin-stringer panels is the

same as that described in Reference {8.1]. For simplicity, the panel array




TABLE 8.5 FUNDAMENTAL MODE VISCOUS DAMPING RATIO FOR METAL
AND COMPOSITE STIFFENED PANEL TYPE STRUCTURES

Average Typical Range
Viscous of Measured Data
Damping
Structures Ratio Minimum Maximum
4 4 4
Riveted aluminum skin-striager 0.0145 0.005 0.05
panels both flat and curved
with and without sealant
Riveted titanium skin-stringer 0.0145 0.008 0.03
panels
Riveted aluminum box structure 0.0145 0.008 0.04
Bonded aluminum skin-stringer 0.0125 0.009 0.022
panels
Bonded and integrally stiffened 0.0125 0.0042 0.947
graphite/epoxy panels
Bonded and integrally stiffened 0.020%* 0.012% -
Kevlar cloth panels
Graphite/epoxy box structure 0.004 Only one .tested
assemtled with fasteners
Fastener -. ' nched stiffened 0.019 0.013 0.027
metal a.. - iphite/epoxy
honeycom: ::anrls
Fagtener attached stiffened 0.027 Only two tested
Kevlar honeycomb panels
Corrugated and closely sraced 0.017 0.014 0.019
hat stiffened aluminum panel
structure
Built-up aluminum structures 0.0057 0.0019 0.0145
with integrally machined skins
Riveted chemically milled 0.0145% - -

aluminum panels {expected to be
the game as skin-stringer panels
but at higher frequency).

*Estimated.
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is assumed to have a large center bay which produces the dominant vibration
response and, therefore, the highest rms strain level to excitation such as
randon acoustic loading. In the most general panel, the damping is composed of
three parts. These are the acoustic radiation damping, the fastener-1like
friction damping and the material damping represented by the viscous damping
ratios Cé' CF and cM' respectively. The viscous damping ratio,cmn,in the m.nth

mode of a skin-stringer type panel is given by

Cmn = Lyt toy (8.1)
The material démping is obtained from previously described beam tests for

the particular layup used in the composite panel. It is usually taken as

zero for graphite/epoxy and aiuminum panels. The material damping for a Kevlar

panel with a #45° cioth layup is given approximately by = 0.008.

"u

The viscous damping ratio due to acoustic radiation can be calculated from

the equation

£
6, = %%-“ f::z——:é (8.2)
where )

p = density of air

¢ = gpeed of sound in air

fn = natural frequency of the m,nth mode

M = panel surfa-e density
a,bl= panel length and width
m,n = mode number in the length and width dircction respectively

The viscous damping ratio due to friction at the fastener line is given

approximately by 8.1}

s(ath) - 2 - g

fp = 0.0253 —eomonon B B (8.3)

where s is the number of fasteners per Inch and the other dimensions are
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also given in inches. The above equation is based on a viscons damping

ratio of 0.0085 measured on a particular pane! array under near vacuum
conditions. A viscous damping ratio of only 0.0034 has been measured on a

large unbaffled curved panel array. The friction damping is considercd to
produce the greatest scatter in the data due to variability in the fabri.ation
of the panels. Consequently, the constant term in equation 8.3 can be adjusted
to reflect actual measured friction damping levels. For bonded aluminum and
composite panels, and integrally sciffened composite panels, Lp = 0. ‘The degree
of correlation achieved by this method ls illustrated in Figure 8.12 and in

Figure 8.13 for the fundamental mode of two typical paneis.

The damping in the higher order modes 07 a panel can be predicted using
the average fundamental mode viscous damping ratio in Table 8.5 for the appro-
priate stiffened structure, the fundamental mode resonant frequency of the panel

and the resonant frequency of the higher mode. The viscous damping ratio for

the m,nth mode is given by
an 1
San =y Ty T O ('f"“ ‘ ’é) TR (8.4)
11 ma
where
Lmn = m,nth mode viscous damping ratio
;11 = fundamental mode viscous damping ratio
CM = contribution from material! damping
CF = contribution from friction damping of the rivet line (equation 8.3)
fmn = m,nth mode resonant frequency
f11 = fundamental mode resonant frequency

Typical higher mode viscous damping ratios predicted by equatjon 8.4 are
illustrated in Figure 8.13.
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8.2.4 Effect of Axial and Shear In-Plane Loads on Stiffened Panels Damping

The damping of stiffened panels under axial in-plane loading [8.24] remains
constant with axial tension load, but increases with compression on approaching
buckling. The damping of the panel becomes nonlinear on approaching buckling
as iudicated by a change in the rate of the free decay response with amplitude.
The damping of the stiffened panel also increagses with in-plane shear load on
approaching panel buckling {8.25], as illustrated in Figure 8.14 for an inte-
grally J~stiffened mini-sandwich panel. The damping in noncritical modes also
increases on approaching shear buckling. Typical variation of the modal

frequencies with shear load is illustrated in Figure 8.15.

8.2.5 Effect of Fluid Loading on Stiffened Panel DPamping
The effect of fluid loading on the damping of stiffened steel panels
[{8.26] with welded T-section stiffeners is illustrated in Figure 8.16. There

is virtually no difference in the damping of the panel when in air or when in
contact, on one side, with water. There is a gshift in frequency due to a
combination of mass loading and hydrodynamic pressure. The one-over-the-~

frequency type trand line is due to the presence of higher order modes.

8.3 DAMPING IN STIFFENED SHELLS

The viscous damping ratios measured on two untrimmed aircraft fuselage
shells [8.27, 8.28] and on a small diameter stiffened cylinder [8.29], both
with and without acoustic trim, are illusirated in Figure 8.17. The damping

data ior all three of the untrimmed shells appear to collapse onto a single
curve. The interior acoustic trim, even when not in contact with the shell
skin, does appear to increase the damping approximately by a factor of four
over the bare shell damping. The one-over~-the~frequency trend line is again

due to the presence of higher order modes.

8.4 DAMPING IN SPACECRAFL AND ROCKETS

Typical damping data measured during ground vibration tests on unmanned
spacecraft [8.30, 8.31] ure illustrated in Figures 8.18 and 8.19. The
limited damping data |8.30] measured or a spinning satellite indicate that
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Figure 8.14. Variotion of damping with Jack load for J-stilfened
mini-sandwich panel.
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similar damping levels (Figure 8.18) are also obtained in orbit. Friction
Jamping in the joints is the main source of damping in these spacecraft, both

on the ground and in orbit.

Typical damping schedule [8.30] of = rocket, used to launch some of the
unmanned spacecraft, is :llustrate” in Figure 8.20. Damping levels measured
on the space shuttle ascent vinicle {8.32] currently used to launch unmanned

spacecraft, are illustratrd in Figure 8.21.

8.5 DAMPING IN JET ENGINT. COMPONENTS
Typical damping levels in jet engine components taken from Section 6 of

this volume are summarized in Table 8.6.

8.6 DAMPING IN PRINTED CIRCUIT BOARDS

Typical measured damping in printed circuit boards [8.33, 8.34] is
suumarized in Table 8.7. A method for predicting the circuit board damping
{8.33] is also contained in the table.
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TABLE 8.6. MEASURED DAMPING

VALUES FOR ENGINi COMPONENTS

Frequency Viscous Damping
Description of Structure Hz Ratio -
TF-41 Jet Engine Inlet Extension 3140 0.0011 to 0.0027%

RF-33-P3 Turbojet
Engine Welded Inlet
Guide Vanes (IGV) and Shrouds

Engine Rear Mount Ring

TF-30 Jet Engine Welded
Titanium Guide Vanes

Helicopter Turbine Engine
Exh -ust Stacks N

Jet Engine Turbine
Blade

Exducer - Turbing
Blade Assembly

1000 to 5000

374
403
203
1172
1396
3515
4325

3000 to 4000

50 to 500

746 Bending |
824 Torsion |

5300
8500

0.0012 to 0.0023*

0.0037
- 0.0033
0.0045
0.0030
0.0037
0.0040
0.0049

0.0009 to 0.0018*

0.0005 to 0.005

0.001 to 0.002

0.0022 to 0.0039*
0.0009 to 0.0014

*Damping varies with temperature
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TABLE 8.7.

DAMPING VALUES

TYPLCAL RANGE OF MEASURED PRINTED CIRCUIT BOARD

Frequency

tn Hz. 4 Q K Refere ice
65 0.0142 35 4.3 8.34
165 0.023 22 1.71 8.34
215 (2p's input) 0.033 15 1.023 8.33
182 (5g's input) 0.045 11.2 -
161 (10g's input) 0.061 8.2 -

Empirical relationship [ 8,33 ]

. 1/2
Q =~ K (F)

K 0.5 + 2 Typical

Input 2g's and less
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SECT1ON 9
MATERLAL D..TA FOR COMPOSITES AND METALS, U.S./METRIC CONVERSION TABLES

Tyrical material data for composite materials and metals uged in the aero~-

space indusitry sre summarlized in Tables 9.1 and 9.2, respectively.

All oY the unidirectional lamina data and the Kevlar cloth data for the
0.69 fiber volume fraction, in Table 9.1, have been taken from Refevence [9.1].
The unidirectional lamina and fabric data for Kevlar at the 0.5 fiber volume
fraction, are based on test data developed by Dupont and Lockheed-California

Company in the early 1970s.

The crogsplied laminate data, in Table 9.1, have been extracted from the
carpet plots in Volume I of Refereace {9.1]. These data indicate that the
elastic properties of composite structurcs arve highly dependent on the fiber
orientations used in the laminace. The carpat plots, in Reference [9.1], can
be used to obtain the clastic properties for lamfnates with other fiber orien-
tations. These crossplied laminate elastic properties are average values fcr
use with axial loading. These average values can be used to estimate the flex-
ural stiffnecs of symmetric laminates with reasonable accuracy, provided the

laminates have eight or more plies.

The material daca, in Table 9.2, have been taken from Referenvces [9.2] and
f9.3]. The 1984 Material! Sclector in Materist Engineering [9.3] is a good

source of data for a wide range of metallic and nonmetallic materials.

A list of the more conmon metric unic:, used in dynamics, is provided in
Tzble 9.3. The corresponding conversion table from U.S. units to me:cic units
is cortained ’n Table 9.4. The more commonly used prefixe- are listed in
Table 9.5 aad the trect alphabet in Table 9.6.




TABLE 9.1.

TYPICAL ROOM TEMPERATURE COMPOSITE MATELIAL PROPERTIES

Coefficient of Thermal
Modulug - Msi Expansion uin/in/OF
Fiber Nominal | Densi Poissen's
Volume | Thickness | InfinS | Longitudinet | Transverse | Sheas |  Ratio | Longitudinal | Transverse
Material - Vg in. p L Ey Gt 2N 1 oy “T
UNIDIRECTIONAL LAMINA
Boron/Epoxy 05 0.0052 | €.073 36 21 0.7 0.32 .3 10.6
Boron/Aluminum 05 0.007 0.098 32 215 33 .26 3.2 10.6
Grepnite/Epoxy
High Strength® 0.6 0.005 | 0.056 21 7 {065 ] 03 -0.21 16.0
High: Modulus 0.6 2.005 0.056 3 1.2 0.65 03 -0.3 18.5
Ultra High Modulus § 0.6¢ 0.005 0.063 50 082 | 069 0.32 -045 13.¢
Koviar-49 05 0.005 0.050 10.6 07 028 032 -0.28 320
CROSSPLIED LAMINATE (19/4+459/909) ;**
Boron/Epoxy 65 0.042 0.073 13 1.3 l 4.2 033 3.2 3.2
Graphite/Epoxy
High Strength® 06 0.040 0.056 80 80 31 0.32 1.2 1.2
High Modulus 05 0.040 0.056 108 108 4.2 0.32 1.3 1.3
Uttra ¥ich Moduius | 064 | 0040 | 0063 126 176 |65 | 032 08 0.8
CROSSPLIED LAMINATE (00/+459%)¢**
Boron/Epoxy 05 0.031 0.673 120 5.2 54 0.76 21 4.8
Graphite/Eaoxy
High Strongth® 0r 0.030 0.056 85 38 38 0.74 -04 40
High Modulus 0.6 0.030 0.058 120 48 5.3 0.82 03 34
Ultra High Modulus |  0.64 0.630 0.063 18.5 6.8 36 083 04 3
FABRIC — 181 SYYLE WEAVE
Kevlar49 0.5 0.09 0.05 456 4.7 0.35 0.1 - -
0.69 0.08 0.048 5.2 5.2 0.36 0.12 2.3 33
*Ultimate Tensile Strength 180 KS!I
**Subscript s Denotes a Symmistric Layp
y-2
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TYPICAL ROOM TEMPERATURE MATERIai. PROPERTIES FOR METALS

}
|

Thermal
Densi Modulus Poisson’s Expansion
W/in Msi Ratio Confficient
Hinfin/®F
Materiel p E v a
Aluminum Alloy
2024 0.10 10.6 033 129
7075 0.101 104 0.33 13.1
Boryflium 0.067 420 0.081 (Sheet) 6.2
Cobolt Alicy 188 033 336 0.31 9.9
Magnesium Alloy 0.065 6.5 0.3% 14.0
Molybdenum 0.37 47.0 0.32 29
Steel Alloy
AISt 4130 0.283 2.0 0.32 6.3
SCR-MG ¥ 0.281 300 0.32 .1
9INI4CO 0.284 85 0.32 6.4
12-7°4 0.276 295 0.32 6.9
Titanium Alloy
GAL4V 0.16 16.2 0.31 5.2
SAL-IMD-1V 0.158 1.7 0.32 5.8




TABLE 9.3.

METRIC UNITS AND SYMBOLS

Quentity Unit Symbots
Longth meter m
contimeter cm (= 0.0% m)
millimeter mm (= 0.001 m)
Arse 3quare meter me
square millimeter mm2 (= 10°6 m?)
Volume cubic meter ms
cublc millimater mmS (= 103 m3)
Tione ssconds .
Velocity meters per second m/s
Accelesstion meter per second squared m/s2
Frequency hertz H2
Mass kiiogram kg
yam 9
Dsnsity kilogram per cublc meter ky/m3
gram per cubic milimeter o/mm3
Inertie kilogram - meter squered kg - m?
Force newton N
Precare, Stroms newton per squete meter N/me
or ‘hodulus or
pavcal Pa (=1 N/md)
" smpernaturs degress centigrade 9
or
degrees kelvin oK (= 273.16 + 9C)
Noise decibel d8
Sound Fower vatts w




TABLE 9.4,

U.S.-TO-METRIC CONVERSION

To Convert From To Muitiply By

Longth

foot meter (m) 3.0480 x 10°3

inch meter (m) 2.5400 x 102

inch contimeter (cm) 2.5400

inch millinster {mm) 2.5400x 10
Araa

square foot square meter {m2) $.2903 x 103

square inth squers meter (m2) 64516 x 10

squere inch squs~  “Himeter (mend) 6.4516 x 102
Volume

cubic foot cublic mater {m3) 28317 x 10

cublc inch cublc meter (3) 1.6387x 1

cubic inch cubic millimeter (mm3) 1.6387 x 104
Valecity

foot per sacond meter per second (mVs) 3.0480x 10°1

inches pez second millimeter gor second (mm/s) 25400 x 10
Acvelenation

foot per second squersd mater per second squared (m/s2) 3480 1071

due to gravity (32.174 inot per meter per second squarad (m/s2) 9.8067

SCoNG squared)
Mass

pound-mess kilogram (kg) 45%9x10°1

slug kilogram (kg) 14584 x 10
Density

pound mess per cubic feot kilogram per cubic meter (ba/m3) 1.6018 x 101

pouni-raaes por cublc inch: Kilogram por cublic mote (kg/m3) 7580 104

pound-mass par cubdic inh 9ram par cubic millimeter (g/mm3) 2.7680 x 10°2
inectie

pound-mess-fost squared Kilogram fovr.t squered (kg-m2) 42139 102

sieg-foot squared Xilogram-moter sqe:ared (ky-m?) 1.3558
Farce

pound-fore; newton (N) 4.4482
Force per Uni{ Length

peund-furce per inch newten per meter (N/m) 1.7513 x 102
Prasure, Stren, Modulus

pound-force per squars foot newton per squdcs mater (Nlmz) 47880 x 0

puind-force per square inch newton per squave meter (N/m*) 9.8948 x 103
Tomperature

degras Fahrentisit (°F) degres contrigrade (7€) {1} subtrsct

32°F tram °F
{2) then moltiply
by 69
9-5




TABLE 9-5. COMMONLY USED PREFIXES AND THEIR SYMBOLS

Amount Fac.r Prefix Symbol
1000 000 960 = 109 g G
1000000 = 108 mege M
1000 = 103 kilo k
0.001 = 103 milk m
0.000 001 = [ micro M

TABLE 9.6. GREEK ALPHABET

Upper Lower Upper Lower
Cam Cane Com Cane
A a Alph N v Nu
B [} Beta E ¢ Xi
r v Gamme 0 o Omicron
A & Deita n 4 Pi
E ¢ Epelion P p Rho {
Z ¢ r b o Sigma ‘
B] ] 3] T T Tou
e ] Theta T v Upsilan
i t iots % ¢ Phi
K 3 Xoppa X ¥ Chi
A A Lambde 4 v Phi
M 1] Mu Q w Omege
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